THE IMPROVEMENT OF
FULL VEHICLE SEMI-ACTIVE
SUSPENSION THROUGH
KINEMATICAL MODEL

JUKKA-PEKKA
H YV Ä R I N E N
Faculty of Technology,
Department of Mechanical Engineering
University of Oulu

OULU 2004

JUKKA-PEKKA HYVÄRINEN

THE IMPROVEMENT OF FULL
VEHICLE SEMI-ACTIVE SUSPENSION
THROUGH KINEMATICAL MODEL

Academic Dissertation to be presented with the assent of
the Faculty of Technology, University of Oulu, for public
discussion in Raahensali (Auditorium L10), Linnanmaa,
on December 11th, 2004, at 12 noon.

O U L U N Y L I O P I S TO, O U L U 2 0 0 4

Copyright © 2004
University of Oulu, 2004

Supervised by
Professor Kalervo Nevala

Reviewed by
Professor Matti Juhala
Doctor Hannu Lehtinen

ISBN 951-42-7611-6 (nid.)
ISBN 951-42-7612-4 (PDF) http://herkules.oulu.fi/isbn9514276124/
ISSN 0355-3213

OULU UNIVERSITY PRESS
OULU 2004

http://herkules.oulu.fi/issn03553213/

Hyvärinen, Jukka-Pekka, The improvement of full vehicle semi-active suspension
through kinematical model
Faculty of Technology, University of Oulu, P.O.Box 4000, FIN-90014 University of Oulu, Finland,
Department of Mechanical Engineering, University of Oulu, P.O.Box 4200, FIN-90014 University
of Oulu, Finland
2004
Oulu, Finland

Abstract
Over recent years the progress in actuator and microelectronics technology has made intelligent
suspension systems feasible. These systems are designed to reduce the drivers' exposure to harmful
vibration, as well as to improve the handling properties of the vehicle. Due to widespread use of
vehicles as an example of a true MIMO-system, a myriad of different control schemes and algorithms
can be found in the literature for these systems. Linearized models are commonly used when the
control algorithms are derived.
This thesis describes the development of a new analytical full vehicle model, which takes the
essential kinematics of the suspension system into account, as well as a new approach to controlling
the full vehicle vibration problem. The method of calculating the desired damping forces for each of
the semi-active actuators is based on the skyhook theory and this new model is introduced.
The performance of the control schemes is evaluated with simulations in a virtual environment.
For the excitation to the vehicle, standardized ISO-tracks, washboard tracks and single bump tracks
were used. The performance between the two different semi-active control systems and the passive
system are compared in terms of damping the vibration, variation of the dynamic tire load and
demand for rattlespace.
The damping of vibration evaluates both the ability to suppress the vibration on heave, pitch and
roll degrees of freedom and ability to reduce the drivers' exposure to harmful whole body vibration.
The frequency distribution of the vibration was also reviewed. Variation of dynamic tire contact force
is evaluated as an RMS-value and the demand for rattlespace is evaluated as a percentage value of the
used rattlespace compared to the maximum free stroke provided by the suspension hardware.
As a result from this work, the theory and simulation results are presented. Also a new vehicle
model, which takes the essential non-linearity caused by suspension kinematics into account, is
presented including all the mathematics needed. The comparison between the passive and the semiactive concepts has been performed on the basis of simulation results. These results show that the
novel semi-active concept reduces the driver's exposure to vibration induced by terrain undulations
better than any earlier proposed version. Also variation of dynamic tire load is reduced with a novel
concept, while it suffers a drawback in the demand for the rattlespace.
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1 Introduction
1.1 Overview
Over recent years, the intelligent suspension systems have come into commercial use,
especially in the passenger car industry. These modern systems offer improved comfort
and road holding in varying driving and loading conditions compared to the matching
properties achieved with traditional passive means. Most of the new systems are fitted in
to large luxurious cars. However, these systems would be at their most advantageous in
small size passenger cars and off-road vehicles.
For a given suspension system mounted in a car, the dynamic behaviour can be altered
by modifying the spring and the damper characteristics, as well as modifying the
properties of possible bushings. The main objectives for dynamic behaviour are minimum
variation in dynamic tire load, good isolation of the chassis from noise, vibration and
harshness (NVH) induced by road unevenness and driving manoeuvres, and stabilization
of the chassis during manoeuvres. The latter two of these properties are subjective
experiences to some extent and therefore each car manufacturer has its own strategy for
achieving the desired overall performance, the “driving characteristics”.
Intelligent suspension systems can be considered to bring add-on value both to the car
manufacturer as well as to the customer. The car manufacturer will gain not only
economic benefit with a technologically advanced suspension system but also a
reputation of technological leadership. The customer will benefit from improved driving
comfort as well as improved driving characteristics and safety.
The progress in microelectronics, sensor technology and actuator technology has lead
to computer controlled suspension systems, whose performance and complexity are
comparable to systems met in aircraft today.
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1.2 The research problem
In the most of the research done on the controlling of intelligent suspension systems,
linear models with reduced degrees of freedom are used. A quarter-car lumped mass
model is very commonly used. Despite its simplicity, it is considered to catch the
essential dynamics of the vehicle when analyses are performed in the vicinity of
equilibrium. The simplified models used do not take the effects of the suspension
geometry into account, except for the motion ratio. This leads to model inaccuracies
when models are used to simulate vehicle behaviour with extreme wheel travel typical of
evasive manoeuvres or off-road driving. Simplified models are also considered inaccurate
when the transient behaviour of a vehicle is of interest.
The main reason for the use of the lumped mass model is that it is linear and the
physical significance of variables is easy to perceive. With more complex models, the
connection between real physical quantities and variables vanishes easily. A lumped mass
model, especially a quarter car model offers a highly universal example for multiobjective control problem. Because of the wide use of vehicles as an example for the
theories of modern control technology, there is a wide range of different solutions for the
vehicle suspension problem. The shortages of the solutions obtained with this type of
models can be severe. Most of these solutions are virtually impossible to apply into a full
vehicle lumped mass model. If real world vehicle suspension control is considered, these
control schemes lose their significance in many cases because the connection between the
sprung and unsprung mass of the vehicle is inherently non-linear.

1.3 Research methods
In this thesis, an analytical full vehicle model, based on the roll-axis theory, is derived. A
roll-axis model catches an essential part of the suspension geometry. A widely known
semi-active control scheme, namely sky-hook control, is fitted to this new model, as well
as into the traditional lumped mass full vehicle model. The control systems derived with
these two models are fitted into the virtual prototype of a heavy off-road military vehicle.
The performance of the controllers derived with the new vehicle model and the lumpedmass model are compared in terms of suppressing the vibration of the vehicle body
excited by road unevenness. The damping of vehicle body is closely related to the driving
comfort of the driver and passengers.
Variation of tire contact force is also considered, although it is not the main objective
of the study, and the controllers are not designed to suppress tire load variation. The
variation of tire contact force affects the handling properties of the vehicle because it has
a direct connection with the tires’ capability to transform horizontal forces in tire-road
contact. The demand for rattlespace was also monitored and evaluated with virtual
prototype.
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1.4 The aim and scope of the research
The main focus of the study is to improve the vibration isolation while driving on a rough
terrain. The vibration level is closely related to the discomfort of the driver and
passengers. Drivers’ and passengers’ exposure to whole body vibration is not only
unpleasant but also harmful to the health. The future trend is to focus the interest of the
vehicle and working machine manufacturers on preventing the drivers’ exposure to
harmful vibration. This will be achieved with the upcoming standards concerning whole
body vibration, as well as with legislation concerning the working environment. The
effects of improved vibration isolation on the demand for rattlespace and dynamic tire
load variation are also reviewed, because they are factors which have a great impact on
possibility of utilizing novel damping systems.
The aim of the study is to suppress the vehicle body vibration with a semi-active
suspension system. The lower the vibration levels of the vehicle body, the less the driver
is exposed to harmful and irritating whole body vibration.

1.5 The original features of the study
A new approach to the full vehicle vibration problem is introduced. Earlier, very simple
models have been used together with complicated modern control approaches. In this
thesis, a relatively simple, yet known efficient to a man skilled in the art, control
approach is applied to a more complicated vehicle model, which takes the essential nonlinear effects of suspension kinematics into account. In the context of this new approach
to the full vehicle vibration problem, a new analytical model is derived. The new model
captures an essential part of the suspension geometry’s effect on suspension
characteristics that has been neglected in the earlier used models.

2 Intelligent suspension systems
In this thesis, the word “intelligent” in the context of a suspension system means it is not
only a dummy passive system whose characteristics remain constant and the response is
dependent only on the physical quantities that affect the response directly. An intelligent
systems’ response depends not only on the on the physical quantities which affect the
response directly, but also on physical quantities which do not affect the response
directly. A physical quantity that affects the response of the suspension system directly is,
for example, the damper velocity, while the vehicle body roll speed can be used as an
example of a physical quantity that has no direct effect on the function of the suspension.
A controller, the “intelligence” of the system, characterizes the intelligent system. The
idea of a passive and intelligent suspension system can be more easily appreciable with
the figures below.

Fig. 1. A passive suspension system.

Fig. 2. An intelligent suspension system.
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From the block diagram in figure 1, it can observed that a passive suspension system’s
response to excitation is affected only by the excitation and the states of the system the
system that have a direct affect to the function of the suspension system. A block diagram
of an intelligent suspension system is presented in figure 2. From figure 2 it can be
observed that the function of the suspension system-block is affected also by indirect
quantities, for example second derivatives of heave z, pitch θ and roll φ. A common way
of implementing the actuator in an intelligent suspension system is to use the variable
damping in which context the semi-active system is quoted. Another way of effecting the
function of the suspension is to create counter-force or counter-movement with the
damping system in which context the active system is quoted.
The idea of an intelligent suspension system in ground vehicles is old, probably from
the thirties. The most significant progress in this area began at the end of the seventies,
with fully active suspension used in the Formula 1 cars of that era (Dixon 2000). The first
ground vehicles with adjustable damping characteristics appeared in the beginning of the
eighties (Citroen 2003a). In the beginning, the adjustable damping systems could be
regarded as adaptive suspension control systems, since their reaction times were below
the natural frequencies of the vehicle. Nowadays, almost every major car manufacturer
and supplier has some type of intelligent suspension system commercially available.
They vary from simple manual selection between a soft and firm damping setting to a
fully automatic tandem active-passive system (Sachs 2003a, Delphi 2003a). Because of
the growing popularity of modern off-road vehicles, namely the SUV’s, there is also an
intelligent damping system suitable for them on the market (Delphi 2003b). Variable
dampers have also been developed for commercial vehicles, but they have not come into
mass production yet (Sachs 2003b).
The tire acts as a connecting link between the road and the vehicle and has an
outstanding influence on vehicle handling and comfort. Still the tire is the most difficult
suspension factor to control. The complexity of the tire’s behaviour has been pointed out
in many forms of tire models used in computer simulations (e.g. Blundell 1999b, Lee et
al. 1997). Despite that fact, the ride and handling properties of a vehicle can be changed
within a wide range with an intelligent suspension system both in on-road and off-road
vehicles. The basic dynamic behaviour still remains the same, as long as the major design
consists of a vehicle body equipped with two or more axles.

2.1 Basic dynamics of a ground vehicle
A traditional and widely used suspension system between the wheel carrier and the
vehicle body consists of suspension links, joints, and a spring and a damper in parallel
acting between sprung and unsprung mass. The properties of the suspension system
determine how the excitation from manoeuvres is transferred between the chassis and the
wheels (Milliken & Milliken 1995). The suspension system should give the vehicle its
attitude and stability during manoeuvres as well as isolate the vibrations excited by road
unevenness (Dixon 1996). The kinematical properties of a suspension system affect the
under/oversteer of the vehicle, as well as longitudinal and transverse load transfer
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distribution in transient situations (Clover & Bernard 1993, Esmailzadeh & Taghirad
1995).
The roles of a spring and a damper are multiple. The role of a spring is to carry the
static weight of a body and to isolate the chassis of the vehicle from the vibration caused
by road excitation and driving manoeuvres, which affect the ride comfort (Sun et al.
2002). On the other hand, the role of the spring is to insulate the wheel from excitation
caused by movements of the chassis, which for its affects the handling of the vehicle
(Woods & Jawad 1999). The role of a damper is to suppress the vibrations of the chassis
as well as the wheels.

2.1.1 Vehicle coordinate system
According to the ISO 8855, axes are defined so that the positive X-axis points straight
forward from the vehicle, the Y-axis points straight to the left from the vehicle and the Zaxis points upwards. Usually the vehicle fixed coordinate system is fixed to the centre of
gravity (CG). The rotation degrees of freedom (DOF) with respect to the axes are denoted
with ϕ(roll), θ(pitch) and ψ(yaw). Another commonly used coordinate system is the SAE
coordinate system; the major difference to the ISO coordinate system is that the
coordinate system is rotated π radians along the X-axis i.e. Z down, Y right. The axes of
the earth fixed axis system are parallel to the axes of the vehicle when the vehicle lies in a
flat horizontal plane. The ISO axis system is described in figure 3.
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Fig. 3. Vehicle coordinate system according to the ISO 8855.

2.1.2 The tire
The vehicle dynamics are characterized by the interactions between the tires and the road,
and between the wheel carriers and the vehicle body. Tires are made of highly compliant,
mainly organic and wearing material. For a given tire construction and materials, the
kinematical properties, namely static and dynamic stiffness in longitudinal, transverse
and vertical direction vary non-linearly within a wide range (Mancosu et al. 2001). For
example, factors that have an influence on the properties of the tire are static load,
inflation pressure, tire wear and the frequency of excitation. The tire also has its own
time-dependent dynamics (Tsuji & Totoki 2002).
Because a tire is a compliant element itself, it is prone to oscillations when the vehicle
propagates on uneven terrain. The excitation to oscillations originates from unevenness of
the road and the movement of the car body that is induced to a tire through the
suspension links and springing.
In this thesis, a relatively simple tire model called the Fiala tire model is used. The tire
model is enhanced with three dimensional tire contact while the standard Fiala model
uses only simple line contact. The Fiala tire model is considered to give relatively
accurate results if the vertical forces of a tire are of interest, as is the case in this thesis
(ADAMS 2002). If the driving characteristics provided by a tire are of interest, the
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vertical and longitudinal forces induced by the slip ratio and slip angle become more
important. For this purpose, there are a lot more accurate semi-empiric or fully theoretical
models available. An example of an accurate semi-empiric tire model is the BNP-tire
model, also known by the name of the “magic formula”. The cheap computing power
available today has lead to FEM-modelling of tires, and probably in the future it will be
possible to calculate the effects of chord angles and materials, and the properties of
different rubber compounds in advance (Blundell 1999b).

2.1.3 Compliances
The movement of a wheel in proportion to the vehicle body is constrained with a
dedicated system, the suspension. The links and the joints of the suspension define the
kinematical properties of a suspension system. The suspension links can be attached to
the body or the sub-frame with compliant mountings, the bushings. There may also be
compliant mountings between the body and the sub-frame (Lewitzke & Lee 2001). If
compliant mountings are used, or a link in the suspension is intentionally compliant, such
as the cross beam in a twist beam suspension, the kinematical properties cannot be solved
on purely a geometrical basis (e.g. Ewbank et al. 2000, Shimatani et al. 1999). If links are
intentionally compliant and bushings are used, numerical methods must be used in order
to solve the kinematical properties of the suspension system (Kang et al. 1997).
The links of the suspension are always compliant to some extent, as are the mounting
points of the links or the mounting of the sub-frame to the chassis of the vehicle. This is
particularly true when bushings are used. So the kinematic properties of a suspension
system must be solved using kinetic equations, which take the forces acting in links and
mountings into account. In this case, the equations are solved using “elasto-kinematics”
(Matschinsky 2000, Kang et al. 1997).
The virtual prototype used in this thesis does not have any kind of compliances in
suspension links or mountings. Because of the nature of military off-road vehicles, they
should be as simple and robust as possible, and the rejection of noise and harshness is of
minor importance. In rough terrain and at high speeds, the rubber bushings would be
exposed to extreme stresses. In such a situation the failure of bushing would have severe
effects on the driving characteristics, steerability and the ability to propagate. Robustness
is a key issue in military off-road vehicles. All the suspension links and joints are
designed to carry extreme impact stresses due to rough terrain and therefore the use of
bushings does not come into question.

2.1.4 The roll centre and the roll axis
According to the German standard DIN 70000, the body roll centre (RC) is the point in
the vehicle vertical plane which passes through the wheel centre points and in which
transverse forces (i.e. in the Y-direction) can be exerted on the sprung mass (i.e. the
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vehicle body) without kinematic roll angles occurring. In other words, a lateral force can
be exerted on the RC without vehicle body rolling. If a lateral force is exerted on the RC,
it will be carried by suspension links without causing a load on the springs of the
suspension (Reimpell et al. 2001).

Fig. 4. Position of the roll centre with symmetric wheel travel.

Figure 4 represents a simple planar double wishbone suspension with symmetrical wheel
travel. For clarity, only one half of the suspension of an axle is drawn and the body of a
vehicle and springing elements are not drawn. The vertical dash-dot line represents the
centre plane of a vehicle. The instant centre (IC) is the point that the wheel carrier and the
tire swivel around at the instant. The word “instant” refers to the fact that the point IC
moves during wheel travel and the word “centre” refers to a projected imaginary point
that is the pivot point of the wheel carrier at the instant. With symmetrical wheel travel,
the IC’s lie symmetrically in respect to the vehicle centre plane. The RC lies at the point
where the line from the IC to the tire contact points (TC) intersect the vehicle centre
plane. Figure 5 presents the position of the RC in the case of asymmetric wheel travel. In
this case, the position of the RC can be found as follows: the IC’s of both of the wheel
carriers and tires are constructed geometrically, as in the case of symmetric wheel travel.
The RC lies at the point where lines drawn from the IC’s to the respective TC’s intersect
at the vehicle transverse plane.

Fig. 5. Position of the roll centre with asymmetric wheel travel.
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The position of the RC’s at the front and rear axles and the line joining these, the roll axis
(RA), is of outstanding importance from the vehicle handling point of view. The RC’s lie
in the front and rear axles’ transverse planes and their location is described by an
instantaneous kinematical theory called the Kennedy-Aronhold theorem. The height of a
roll centre of an individual axle determines the self-steering properties of an axle through
the wheel load difference of an axle. It determines also the roll suspension. The position
of the roll centres depends on the instantaneous position of suspension links i.e. the roll
centre lies on the centre plane of a vehicle only if there is a symmetrical wheel
displacement and the suspension geometry is identical from side to side. In the case of
asymmetric wheel travel, which happens for example during cornering, the roll centre
moves in the vehicle’s transverse plane. The height of the roll centre and the change of
the position of the roll centre are a compromise between the following requirements
(Reimpell et al 2001, Gerrard 1999):
− Define the changes in wheel loads during cornering to achieve the required selfsteering (understeering) properties.
− Permissible or desired track change with wheel travel.
− Roll spring stiffness.
− Desired camber change during cornering.

The kinematic properties of axle suspension determine the position of the roll centre and
this, together with springing and a conceivable anti-roll bar define the roll spring and roll
damping rate of an axle. The roll moment distribution between the axles has a great effect
on a vehicle’s under/oversteer-behaviour (Milliken & Milliken 1995).
The roll centre and roll axis concepts are derived in a static situation. If a real vehicle
is considered, the forces acting on sprung and unsprung masses will make the geometry
of the suspension deform. Also if a real tire is considered, the position of the TC cannot
be defined as straightforwardly as it has been derived here. The position of the TC varies
according to, for example, the lateral deformation of the tire and the camber of the road.
The arms of the suspension and their fixtures to the vehicle chassis are always elastic to
some extent, which makes the geometry of the suspension change. This is particularly
true when bushing is used.

2.1.5 The effect of damping characteristics on vehicle dynamics
The design of springing for a given kinematic system is made challenging by the range of
performance characteristics that a good suspension system should achieve. A set of
desirable characteristics is (e.g. Matschinsky 2000, Dixon 2000):
− Regulation of the body movement. If the suspension works ideally, it should isolate
the body from road unevenness and longitudinal and transverse forces caused by
cornering and accelerating/braking.
− Controlling the suspension movement. If wheel travel becomes extreme, it results in a
non-optimal attitude of a tire relative to the road. This causes inferior handling and
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friction characteristics. Extreme wheel travel demands also larger wheel rattlespace in
order to prevent bottoming.
− Control the contact patch force variation. In order to improve handling characteristics,
the variation of this should be minimized.
These objectives are partly contrary depending on the frequency of the excitation.
Therefore it is impossible to meet all the requirements with a passive suspension system.
In order to make it easier to appreciate the effect of the damping characteristic on vehicle
dynamics the following examples calculated with a linearized vehicle model can be
considered. In the following figures, the damping ratio ζ=0.7 is used for the handling
damper and ζ=0.3 is used for the ride damper. The handling damper represents a damping
setting where the weighting of the damping properties is towards the vehicle handling at
the cost of ride comfort. In the case of the ride damper, the situation is the opposite. The
numerical values of the damping ratios of these two dampers represent values commonly
used in the literature.

Fig. 6. Frequency response of a vehicle to heave input.

In figure 6, there are frequency response curves to heave input calculated with a
linearized vehicle model. In the figure, the acceleration of output (suspended mass) is
compared to the acceleration of the input (excitation induced by the ground). The masses
of the vehicle body and the wheels, and the stiffness of the suspension springs and the
tires in the linearized model represent the respective values of the virtual prototype of the
vehicle used in this thesis. In the figure, two peaks can be found, both of which are
emphasized in the case of the softer “ride” damper. The first peak, just above 1 Hz
represents the natural frequency of the sprung mass, while the second peak, at the vicinity
of 10 Hz represents the natural frequency of the unsprung mass i.e. the wheel and the
wheel carrier. Figures 7 and 8 show the frequency response of a vehicle to roll and pitch
inputs. In both of these figures, similar peaks can be pointed out. Only the frequency with
which they appear varies according to the inertial effects of the vehicle, as well as the
wheelbase and the track.
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Fig. 7. Frequency response of a vehicle to roll input.

Fig. 8. Frequency response of a vehicle to pitch input.

Fig. 9. Dynamic tire load in proportion to static tire load as a function of excitation frequency.

In figure 9, the dynamic tire load in proportion to the static tire load is presented as a
function of excitation frequency with heave excitation. Dynamic tire load is an important
property that characterises the handling properties of a vehicle. In general, four regions
on the curves in figures 6-9 can be separated:
− the spring-mass mode from zero frequency up to the natural frequency of the sprung
mass i.e. the first peak in the “ride damper”-frequency response curves. In this region,
both comfort and road holding capabilities are improved with the “handling” damper,
i.e. they are both superior compared to results achieved with a softer “ride” damper.
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− Regular ride between the resonance peaks of the system. In this region, both of the
criteria are improved with a softer damping setting. The human body is most sensitive
to the vibrations at this frequency range.
− Wheel hop around the natural frequency of the wheel. Handling is improved in this
region with a stiffer damper. The comfort suffers a minor penalty with the stiffer
damping setting. This second peak at the wheel hop frequency is relatively well
damped because of the relatively good damping characteristics of tires used in this
vehicle model. With passenger cars, also comfort is usually improved a bit with the
stiffer damper setting. Poor damping at this frequency range has a severe influence to
the driving characteristics on rough roads. Rhythmic corrugations in crushed-rock
roads are generated on this wheel hop frequency.
− Harshness above wheel hop frequency. At this region most of the vibrations are
absorbed by deflection of the tire. Also rubber bushings in the joints of the suspension
links and the elastic fixtures of the damper suppress these high frequency vibrations if
a real vehicle is considered. In this region, a softer damper shows improved comfort,
while a minor penalty in road holding is suffered.

In figure 10, the suspension motion amplitude in relation to excitation amplitude as a
function of frequency is presented. Two peaks can be pointed out, both in the case of a
ride damper. With this damper setting, wheel travel in relation to vehicle body becomes
significantly larger at the natural frequencies of the body and the wheel. Wheel
rattlespace is an important design constraint, which is one of the factors that limit the
possibilities to implement suspension systems in practice. As can be seen from figure 10,
soft damping setting demands almost twice the rattlespace than the stiffer damping
setting in the vicinity of 1Hz i.e. the natural frequency of the suspended mass.

Fig. 10. Suspension motion in relation to excitation as a function of excitation frequency.

The real dampers used in vehicles are virtually never linear. Usually damping forcedamper speed curves are degressive and they have different damping curves for bump
and jounce. Bump refers to compression stroke and jounce (or droop) is used for the
extension stroke of a damper. A damping force-damper velocity curve with typical
characteristics is in figure 11. The damping curve in figure 11 estimates the damping
curve of a real damper used in a heavy off-road vehicle.
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Fig. 11. (F,v)-curve of the real non-linear passive damper.

With the damping setting above the low frequency, low speed excitations induced by the
movements of the body are damped with a relatively higher damping ratio and this helps
to keep the attitude of the vehicle body during cornering. If the damper is loose at low
speeds, it will cause vehicle body wallowing. This gives the driver a feeling of floating,
which is considered an undesirable property (Matschinsky 2000).
At the higher frequencies, higher speed excitation induced by the movements of the
tires is damped with a relatively smaller damping ratio. This lower damping ratio helps to
isolate the high frequency vibration of the tires from the vehicle body (Dixon 2000).
In real dampers, the damping coefficient is usually smaller with a negative damper
speed i.e. when the tire is travelling towards the body of the vehicle. This is because the
forces induced to a tire by sudden bumps have a greater magnitude than forces induced
by sudden droop. On the other hand, the stiffer damping of jounce ensures proper
damping of free vibrations (Dixon 2000). The negative point with this arrangement is that
the suspension loses at least a part of its rattlespace when driven on an uneven terrain.
With persistent excitation, the suspension will go into a state where it is very stiff. In
extreme cases i.e. large difference in the damping of bump and jounce, loose spring and
short free rattlespace, the suspension can go into a state where it virtually locks itself up
on one end of the free rattlespace.
The partly contrary objectives of vehicle damping can be highlighted by frequency
response curves 7-10. If superior road holding is of interest, the damper should be set to
the “handling” position on the natural frequencies of the body and the wheel, and on
harshness region, while it should be in the “ride” position for a regular ride. Depending
on the frequency of the excitation, switching between “ride” and “handling” appears to be
an attractive alternative to improve road holding and/or comfort. This leads to the idea of
semi-active damping, where damping is altered according to excitation.

2.2 Semi-active technology and actuators
The intelligent suspension systems suitable for automotive use can be roughly
categorized into passive, slow-acting (adaptive) semi-active, semi-active, active-passive
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tandem and fully active suspension. Loosely speaking, semi-active suspensions can be
defined as an essentially passive system, where a relatively small amount of external
energy is used to improve the performance of the suspension. The distinction between an
adaptive and semi-active system can be made by the bandwidth of the system. If the
natural frequencies of the suspension system are below the natural frequencies of the
vehicle’s natural frequencies, an adaptive system is quoted. The load-levelling system
offered by many car manufacturers can be considered to belong to this category.
Many means of vibration isolation can be found in the automotive industry; passive
springs, hydraulic dampers, rubber bushings and the usage of materials that have good
damping characteristics for example. From incoming technology, active and semi-active
solutions have become more common. There is no fully active suspension for a ground
vehicle on the market, because they use energy excessively and they are expensive to
implement. Fully active technology is utilized in limited bandwidth active-passive
tandem systems, where only the motions of the chassis due to manoeuvres are controlled
actively (Sachs 2003a). Fully active technology has also been utilised for variable
kinematic control (Sharp 1998) as well as in roll control in on-road and off-road vehicles
(Everett et al. 2000, Darling & Hickson 1998, Čech 2000, Citroen 2003b)
The semi-active suspension concept was introduced in the early 1970’s in the form of
variable damping. In semi-active damping, some characteristic of the construction
component is altered, damping for example, to achieve the desired damping result.
Altering the characteristics of a construction component demands considerably less
energy than the active counter-action (Crolla & Aboul Nour 1988). One of the greatest
advantages achieved with semi-active suspension systems compared to passive or
adaptive systems is that stiffness and/or damping can be changed in fractions of a second
according to the driving conditions, manners and situation. Semi-active suspension
systems are like passive ones, since they can only dissipate energy. The difference
between active and semi-active damping can be seen from the fourfold table in figure 12.

Fig. 12. Fourfold table of a semi-active damper.

In figure 12, z1 denotes the position of the unsprung mass, while z2 denotes the position
of the sprung mass. Semi-active suspension is capable of working on the first and third
quadrants of the table (hatched region) i.e. it can only create forces that are opposed to
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the direction of the movement. A fully active system can operate on all four quadrants i.e.
it can create forces also parallel to the suspension motion
Semi-active technology is a practical solution to vibration problems in heavy vehicles,
where masses and inertias are relatively large, and therefore natural frequencies are
relatively low. Because of the large masses of the vehicle, the energy consumption of
fully active suspension would rise to an unacceptable level (Efatpenah et al. 2000). Also
the hardware (valves, pumps etc.) needed to implement an active system would be very
expensive. Semi-active suspension is used to same purposes as in passenger vehicles but
also to prevent road damage caused by heavy on-road vehicles (Cole et al. 1994, Naraghi
& Najaf Zadeh 2001, Margolis & Nobles 1991, Valášek et al. 1997). Safety against
rollover is often a key issue because the height of the CG versus the track is relatively
high (Cole 2001).
A very common way of implementing a semi-active actuator is to use an
hydropneumatic springing system. The advantage of an hydropneumatic system
compared to conventional steel springing is that the controlling of damping by throttling
the flow between the damper and the reservoir has been found to be easy to implement.
Another advantage of an hydropneumatic system is the possibility of building a levelling
system in the context of the suspension system. Adding or subtracting the amount of fluid
in the system can easily do this. The throttling of the flow between the reservoir and the
damper can be implemented by magnetic throttle valves (Giliomee & Els 1998), throttle
valves implemented with piezoelectric elements (Shiozaki et al. 1991), shape memory
alloys (SMA), the shape of which can be controlled with temperature (Fuller et al. 1996);
or dampers based on electro- (ER) (Petek et al. 1995) or magnetorheological (MR) (Yao
et al. 2002) fluids, the viscosity of which can be controlled with an electric or magnetic
field.
In most of the research done in the area of semi-active suspensions, variable damping
with fixed rate progressive springing is used. This is because the continuous variation of
the rate of damping is relatively easy to implement with adjustable valves in
hydropneumatic systems or in common tube dampers. Still there are studies in which the
effects of spring stiffness variation have been researched (e.g. Abd-El-Tawwab 2002,
Fischer & Isermann 2003). Near future technology is to replace the adjustable valves by
utilizing ER- and MR-fluids. The first commercial automotive solutions implemented
with this technology have come into production in the form of using magnetorheological
fluid (Cadillac 2003, Delphi 2003c).
Shape memory alloys have a special characteristic called thermoelastic martensitic
deformation and it comes with certain TiNi- and Cu-based alloys. Components made
from SMA tend to change their shape with the change of temperature. With SMA, the
issue is of shape changing, not the common heat expansion. Actuators made from SMA
are simple and they have many advantages compared with traditional actuators. They
have a good power-to-weight ratio and they can be used both in semi-active and active
applications. Actuators that are implemented with SMA are simple and they have fewer
parts compared, for example, to actuators implemented with traditional magnetic throttle
valves. They are therefore relatively cheap and reliable. With SMA actuators, also sensor
action can be realized; the position and the force of the actuator can be solved through the
change of the resistance of the actuator. The cleanliness and quietness of SMA actuators
can be utilized in some applications. The dynamics of an SMA-based actuator are non-
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linear and they typically have large hysteresis. They are also quite slow compared to
other actuator types, so they cannot be used when the natural frequencies of the system
are high. In automotive applications SMA-actuators can be used only on slowly acting
adaptive systems, due to their poor dynamics.
ER-fluids contain electrically polar particles, which can be made to arrange
themselves in a certain direction with an electric field. If the polar particles in the fluid
are arranged in a transverse direction in relation to the flow, they will increase the fluid’s
ability to resist the shearing forces, and the viscosity of the fluid increases. The described
phenomenon is very quick and fully reversible, the response time can be measured in
milliseconds. It is easy to control a damping system implemented with this technology,
because the actuator does not have the typical time-dependent dynamics (Mäkelä 1999).
MR-fluids contain magnetically polar particles, which can be made to arrange
themselves in a certain direction with a magnetic field. The advantage of MR- fluids
compared to ER-fluids is that the generation of the strong electric field needed by ERfluids can be avoided; magnetic fields powerful enough can be generated with energy
from the cars’ own electric system without inverters. The increase of viscosity is also
greater than with ER-fluids. On the other hand, the response times are longer (Lord
Corporation 2003).
Friction based semi-active actuators have also been under research, and prototypes
have been built. However, they have not gained popularity due to the difficult
controllability of the damping force. In principle, a friction damper would be an ideal
semi-active actuator because of the range of damping it could offer (Stammers & Siretanu
1998). In theory, damping force could vary from zero damping to yield point of the
fixtures. Friction dampers are also capable of creating large damping forces with very
low velocities (Ursu et al. 2000, Guglielmino & Edge 2003). In practice, any friction in
suspension joints or dampers should be avoided. Static friction is particularly harmful. In
passive systems it causes so-called “boulevard jerk”, while in a controlled suspension
system it causes vibration problems.

Fig. 13. A schematic view of a hydropneumatic semi-active suspension element.
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The principle of the most common i.e. hydropneumatic semi-active suspension system is
described in figure 13. When the cylinder is compressed, oil flows from below the piston
through the throttling section into the accumulator. The pressurizing gas in the
accumulator is compressed and pressure rises in the system. The function of the spring is
implemented with this pressurizing gas. If the gas is compressed and expanded quickly,
as is the situation often in suspension systems, the rise of the pressure is close to an ideal
adiabatic process. Therefore the static stiffness of the element is progressive.
Progressiveness is considered as a good property because a vehicle body’s undamped
natural frequencies can be made to stay nearly the same albeit that the static load
increases.
The damping in this type of element is implemented with the throttling section.
Usually there are fixed orifices and spring preloaded flappers in series and in parallel
with adjustable throttle valves in order to achieve degressive damping curves and a
desired damping range. The damping is achieved through pressure loss in the throttling
valve section. Throttling can be implemented either with a traditional magnetic valve or
some of the upcoming technologies mentioned above.
In this study, the implementation technology of variable damping is of no interest. The
dynamics of the semi-active actuator are modelled with a second order actuator model.
There is a range of methods to model the semi-active actuator, some of which are rather
complicated (e.g. Sims et al. 2000). In this thesis, the actuator is modelled to be rather
ideal with a damping ratio of 1 i.e. no overshoot and –3dB bandwidth of 30Hz.

2.3 Sensors in semi-active systems
The selection of the places, types and number of sensors has great significance in
controlled suspension systems. The selection of actuators and sensors can limit the
bandwidth of the system, regardless of the controller type (van de Wal & de Jager 1996).
Most of the controller types used in automotive applications requires full state feedback,
as is also the case in this study. In this thesis, also the positions of the wheel carriers in
relation to the vehicle body are needed in order to calculate the position of the roll centre.
If a real vehicle is considered, the full state feedback increases the amount of sensors
and makes the system less affordable and more prone to sensor failure. This problem has
been noticed, and state estimation has been developed in order to reduce the amount of
sensors (e.g. Fan & Crolla 2001, Wang et al. 2001, Yi & Song 1999). In general, the use
of a state estimator lowers the performance of the control system. The pro’s and con’s
according to Nehl et al. and Lizell of different sensor arrangements are collected into
table 1 (Lizell 1990, Nehl et al. 1996).
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Table 1. Comparison of different sensoring arrangements (Lizell 1990, Nehl et al. 1996).
Sensoring

Pro’s:

Con’s:

Accelerometer in suspended Speed of the vehicle body can be

The direction of non-suspended mass is

mass

achieved with integration

unknown

The system can be tuned to improve

It is impossible to take FFT or DFT-

handling

transformation from the movement of
the suspension

Accelerometer in non-

Immediate information from the

suspended mass

change of asperity of the road

Improvement of handling is impossible

FFT-transformation from the
movement of the suspension can be
done
Pressure differential of the

Insensitivity to disturbances caused

damper

by motor etc.

Poor dynamic characteristics

Can take the variation of damper

No information of absolute

properties into account

accelerations or speeds of masses is

Same as above, better dynamic

No information of absolute

characteristics

accelerations or speeds of masses is

obtained
Force feedback

obtained
Speed feedback with RVS-

Most accurate way to obtain speed of

No information of absolute

sensor

the damper

accelerations or speeds of masses is

Direct measurement of the state that

obtained

determines the function of the damper

In this study, the sensoring arrangements or their positions are not handled, and all the
necessary states of the system are assumed to be available. The acceleration of the body
degrees of freedom is measured at the centre of the gravity of the virtual prototype. The
acceleration information is needed also in the roll axis-fixed coordinate system and it can
be obtained from the measured acceleration in the centre of gravity with a straightforward
calculation.

2.4 Control systems
Active and semi-active suspensions have been used as a practical application for modern
control theory for a long time. There are plenty of reasons for this. The ground vehicle
represents a true MIMO-system with interdependencies that can be calculated if certain
simplifications and linearizations are made. The interdependencies are also relatively
easy to perceive compared to matching properties of chemical reactions for example.
Ground vehicles also represent a highly universal example, because practically
everybody has driven a passenger car, at least in industrialized countries.
In most of the research done in this area of study, a linearized quarter car model is
used. A simple reason for this is that different widely known optimal or robust control
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schemes (LQR, H∞ etc.) can be derived relatively easily for this model and it is
considered that it manages to capture the basic features of a real vehicle problem (e.g.
ElMadany & Abduljabbar 1999). A quarter car model is also easy to perceive as a system
with multiple objectives, which are partly opposite.
Most of the studies are concentrating on controlling the forces created by the
suspension damper and springs. There are a few studies that have concentrated on
altering the kinematic properties of a suspension system (e.g. Lee et al. 2001, Watanabe
& Sharp 1999, Sharp 1998). At the moment, these systems have more academic interest
than practical applications; however, a few prototypes have been built.
In the literature many optimal and robust control approaches and algorithms can be
found for automotive suspension systems. In this chapter, a few of these will be reviewed.
They are chosen in a manner that they represent an example of the particular control
approach. Two widely known control approaches, namely the sky-hook and ground-hook
approaches are reviewed more deeply.
Usually in research in the area of controlling semi-active and active suspensions the
kinematics are considered as a fixed system. Still the effects of suspension kinematics
alter the effect of individual tires on heave, pitch and roll according to the state of the
system, as can be perceived from figure 5. If an axle is in the state described in figure 5
and it is excited with heave input from the ground, the roll DOF will be excited, in
addition to the heave DOF. The roll DOF of the body will be excited because there is a
moment arm between the CG of the vehicle and the RC because the RC of the axle does
not lie in the vehicle centre plane due to asymmetric wheel travel. The idea of taking this
effect into account appears to be novel. To the author, it appears that none of the studies
so far have taken this into account. In general, virtual prototypes of vehicles are seldom
used in the academic studies concerning control systems.

2.4.1 The LQR approach for a vehicle suspension control
The LQR approach for vehicle suspension control is widely used and is also used as a
background for many studies. It has been derived for a simple quarter car model
(ElMadany & Abduljabbar 1999), and also for full vehicle (Hrovat 1991) and half-vehicle
models (Krtolica & Hrovat 1992). The strength of LQR approach is that in using it the
factors of the performance index can be weighted according to designer’s desires or other
constraints. With this type of approach, an optimal result can be obtained when all the
factors of the performance index (i.e. acceleration of the body, demand for rattlespace and
dynamic tire load variation) are taken into account. This approach has been used for both
active and semi-active suspension systems.
If all the states are not available, which is very likely because, for example, the
deflection of the tire is difficult to measure, a state estimator must be utilized. The use of
an estimator can narrow the phase margin of the suspension system remarkably, which
leads to stability problems, especially in fully active systems. The methods of solving this
problem have been investigated. It has been showed by Doyle & Stein, for example, that
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the desired gain and phase properties can be achieved with a proper choice of estimator
gains (Doyle & Stein 1981).
The second problem with this approach arises from its inability to take the changes in
steady-state into account. These changes are induced by the change of payload and
steady-state cornering for example. A method of avoiding this problem is discussed in
(e.g. ElMadany & Abduljabbar 1999). According to ElMadany & Abduljabbar, the
problem can be avoided by using integral control, the task of which is to ensure the zero
steady-state offset. This method has been applied only to a quarter-car model. The
integrator itself can cause the performance of the controller to deteriorate if a full vehicle
problem is considered. The selection of integration time and the gain of the integrator
term can be a difficult problem. This is due to the fact that the external forces which
cause non-zero offset and the time they have effect on the vehicle vary in a wide range.
This problem is even more difficult to handle in a full vehicle situation, where the steadystate offset varies between the vehicle corners due to driving manoeuvres, braking and
acceleration. If all the possible disturbances in steady-state are taken into account, the
complexity of this approach rises and can cause problems with robustness.
The third problem with this approach arises from the complexity of a full vehicle. If
all the non-linear effects caused by the inertial effects and kinematical properties of the
suspension system are not taken into account and the vehicle is assumed to be
symmetrical, the Riccati equation is still very complex and must be solved numerically.
In the literature, different numerical methods are discussed. Still, none of the solving
algorithms proposed can guarantee convergence and stability of the solution. The
possibility of obtaining a convergent solution decreases greatly when the order of the
control system increases and the number of actuators decreases (Fuller et al. 1996).

2.4.2 H∞-control
H∞-control is a control method that considers uncertainties, including uncertainty of the
model, model parameters and disturbances. It can be considered to be a natural approach
to automotive suspension applications, because certain frequencies, like the natural
frequency of the suspended mass, can be damped more efficiently. If a quarter–car
vehicle response to excitation is considered, two resonance frequencies can be pointed
out as can be perceived, for example, in the frequency response in figure 6. The problem
with this approach is that, while the natural frequency of the suspended mass is damped
efficiently, the damping result on the natural frequency of the non-suspended mass can
become poor.
Another thing that favours this approach compared to, for example, LQR-approach is
its robustness. A ground vehicle is a complex system of high order and the parameter and
model uncertainties are unavoidable. Also steady-state of the system varies according to
external forces. Therefore robustness can become a key issue, especially in fully active
systems.
H∞-control has been studied for both active (Sammier et al. 2000) and semi-active
(Jeong et al. 2000) systems. A common denominator for the studies concentrating on the
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H∞-control is the use of single objective. Nor the demand for rattlespace neither dynamic
tire load variation is considered in the studies. These studies show significant
improvement in damping of the suspended mass, both in the case of active and semiactive implementation. However, the models used in the studies mentioned are idealized,
and, for example, the dynamics of the actuator are neglected in the active suspension
study and the range of the semi-active element was very wide. Thus the reliability of the
results is not obvious.

2.4.3 Fuzzy and neuro-fuzzy control
Fuzzy and neuro-fuzzy methods can be utilized in many ways in controlled suspension
systems. With proper membership functions and rule bases, fuzzy logic is considered to
be insensitive to model and parameter inaccuracies. Fuzzy control can be utilized directly
to calculate the desired damping coefficients for semi-active systems (Al-Holou & Shaout
1994) or calculation of desired force created by an active suspension element (Barr &
Ray 1996). According to the study by Barr & Ray, a fuzzy-controlled active system
outperforms both passive and LQR suspension systems. According to the study, both the
controllers worsened handling characteristic i.e. the variation of dynamic tire load
increased. This appears to be a slightly surprising result, at least in the case of LQR
suspension. On the other hand, the cost function of the LQR-regulator was not presented
(Barr & Ray 1996).
Al-Holou & Shaout used fuzzy logic to calculate the desired damping coefficient for
the semi-active actuator and compared the results to both a passive and sky-hook
controller. An important design point was observed: most of the fuzzy systems appear to
be similar to sky-hook control. In these studies, rather a wide range of semi-active
actuators was used, the range of damping coefficient was in the order of 1:10. According
to the Al-Holou & Shaout semi-active suspension with a fuzzy controller showed slightly
smaller RMS-values of acceleration of the body, but the variation of dynamic tire contact
force was increased compared to the sky-hook semi-active system (Al-Holou & Shaout
1994).
In the majority of the studies concerning fuzzy logic and neural networks, the damping
coefficient or force is not controlled directly. Kashani & Strelow derived multiple LQGcontrollers around different operating points of the suspension, and mixed the desired
control actions of each individual controller with a fuzzy-logic blending algorithm. In this
particular study, fuzzy logic was used to prevent the suspension from bottoming (Kashani
& Strelow 1999). According to the study, this type of blending of controller action
appears to be a fruitful idea. The practical limitations like maximum free rattlespace can
be taken into account with decision logic based, for example, on fuzzy-logic.
Choi et al. used neuro-fuzzy control to control the semi-active suspension of a military
tracked vehicle. In this study, a 16-DOF vehicle model and models of real, existing
electro-rheological semi-active actuator units were used. Thus the model used in this
study was more complex than the models frequently used elsewhere. A controller in
which the fuzzication phase of the controller was continuously modified by a neural
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network was introduced (Choi et al. 2001). The problem with this study was the lack of
proper reference to a semi-active system. As a reference passive system, semi-active
actuators were set to their loosest and used as one. This cannot be considered to be a good
reference.

2.4.4 Sky-hook control
A widely known and widely used control scheme for controlling the vibration of the
vehicle body is sky-hook damping presented by D. C. Karnopp (Karnopp et al. 1974).
There is a wide range of different optimal suspension control approaches, but the skyhook approach is generally used for two purposes: as the ideal concept for comparison of
the other control approaches and as the basis of practical implementation of semi-active
or active vehicle suspensions (Valášek et al. 1997).
Sky-hook damping represents an optimal control strategy in the sense that it minimises
the mean square velocity of the vehicle body if excitation is considered as white Gaussian
noise. The basis of the skyhook damping theory lies in the LQR approach (Fuller et al.
1996). The theory of skyhook damping is derived with a simple mass-spring-damper
system. The state equation then becomes so simple that the Riccati equation can be
solved analytically. It has been used in damping of systems with multiple degrees of
freedom by assuming that the different vibration modes appear independently. In this
case, the vibration problem can be divided into many single degrees of a freedom
problem (Karnopp et al. 1974, Nagai & Hasegawa 1997). An automotive suspension
application of the sky-hook theory is found on the VW Phaeton. With skyhook damping,
vehicle body eigenfrequencies of below 1Hz have been achieved (Eichler et al. 2002).
The idea of skyhook-suspension can be illustrated with figures 14 and 15. In skyhook
damping, the suspended mass is fixed to an inertial frame (“the sky”) with a fictitious
damper. The undamped natural frequency of suspended mass m2 becomes:
ωN = m 2 k 2

(1)

and the critical damping becomes:
CCR =2 m 2k 2

(2)

The damping ratio ζsky of the sky-hook damper Fd is defined as:
ζ sky =C CCR ⇒C=ζ skyCCR

(3)
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Fig. 14. Ideal sky-hook damping.

Fig. 15. Practical implementation of sky-hook damping.

Thus the force created by the sky-hook damper Fd can be calculated from the suspended
mass’s absolute velocity dz2/dt, the damping ratio of the sky-hook damper ζsky, the spring
stiffness k2 and the mass m2 as follows:
Fd = 2ζ sky m 2 k 2 *z& 2

(4)

In reality, it is impossible or impractical to arrange such an inertial frame, so the desired
damping force should be created with a variable damper in parallel with the suspension
spring, as in figure 15. The desired damping coefficient Cd for the real damper Fd in
figure 15 calculated with a sky-hook is calculated from Fd as follows:
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Cd =

2ζ sky z& 2 m 2 k 2

(z& 2 −z&1 )

(5)

The range in which Cd can vary is limited in practical systems. With semi-active
suspensions, only positive values are possible, because a semi-active damper is inherently
passive and cannot create forces that are parallel with the movement of the damper. In
figure 16, there are magnitude curves of suspended mass acceleration for passive and
semi-active suspensions similar to the lumped mass model in figure 15. The acceleration
curves are calculated with passive systems with damping ratios ζ=0.3 and ζ=0.7 and with
semi-active sky-hook damping, in which the damping ratio is limited between 0.3 and 0.7
and the damping ratio ζsky of the sky-hook damper Fd in figure 14 is set to unity.

Fig. 16. Magnitude of acceleration of passive and semi-active suspension systems.

The damping ratio of a fictitious damper between the inertial frame and the suspended
mass is usually kept at moderate levels, say the damping ratio ζsky being near unity. If the
damping ratio is higher, it slightly lowers the system’s damped natural frequency at the
cost of very discontinuous damper force. In real systems, such discontinuous force causes
jerk and noise (Karnopp et al. 1974).
A problem with this control law can be pointed out from equation 5, which describes
the calculation for the desired damping coefficient. With a low damper speed, which
occurs when driving on flat ground, the denominator of the equation goes to zero and the
desired damping coefficient rises to infinity. Problems will occur if a sudden bump or
droop occurs. At the beginning of sudden impact, the speed of the damper is zero and
therefore the semi-active actuator is at its stiffest. Usually, the range of a semi-active
damper is specified in a manner that at low speeds, high damping coefficients can be
achieved, which is desirable for proper damping of low frequency vibration. Because of
these two factors, the suspension would react very poorly to sudden impacts. This
problem could be avoided by some additional decision logics, which would set the
damping of the bump to minimum smoothly, when the velocities of the wheel and the
body in equation 5 draw near to zero.
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2.4.5 Extended ground-hook control
The main idea of sky-hook damping can be used so that it can be used to minimize the
tire contact force variation, which has a large impact on a vehicle’s manoeuvrability and
road damage (Valášek et al. 1998, Yi et al. 1992). The idea of ground-hook suspension
can be made seen from figures 17 and 18:

Fig. 17. Ideal ground-hook damping.

Fig. 18. Practical implementation of ground-hook damper.

If the system presented in figure 17 is considered and the effect of ground-hook damper
Fd is neglected, the dynamic tire contact force can be obtained:
Ft = k 1 (z1 −z 0 )−c1 (z& 1 −z& 0 )

(6)
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Usually tire damping c1 and the speed of tire deformation d(z1-z0)/dt are so small that
variation of dynamic tire force due to damping is neglected. If the minimization of
dynamic tire load is of interest, it can be achieved in two possible ways. One way is to
keep tire deformation (z1-z0) as small as possible, and the other way is to keep tire
stiffness k1 small (Valášek et al. 1997). Keeping tire deformation small leads to the idea
of a fictitious damper Fd in parallel with the stiffness k1. They are both fixed to the base
that causes the excitation (“the ground”). Keeping the stiffness, k1, low leads to the idea
of cancelling the tire stiffness with fictitious stiffness ∆k1. The desired damping force for
a ground-hook damper can be calculated in a similar way to the sky-hook damper:
Fd = 2ζ ground m1 (k1 + k 2 )*(z& 0 −z& 1 )

(7)

The difficulty with this law is that the speed of tire deformation d(z0-z1)/dt cannot be
measured directly. It can be reconstructed if the damping of the tire is neglected and the
following definition of dynamic tire load is used:
Ft = m1&z&1 + m 2&z&2

(8)

With the dynamic tire load definitions in equations 6 and 8 tire deformation (z0–z1) can
be obtained and the tire deformation speed d(z0-z1)/dt is obtained with differentiation.
The other way to obtain tire deformation speed is to use a state estimator. Furthermore,
the desired damping of realistic damper in figure 18 can be obtained similarly to skyhook damping:
C d = Fd (z& 2 −z& 1 )

(9)

The difficulty with the approach described in equation 7 is that when driving into a bump
or a pothole, deformation (z0–z1) is at the beginning zero and therefore the ground-hook
law in equation 7 cannot affect the suspension behaviour at the first stages of the passing
a bump (Valášek et al. 1997). When this problem is of interest, the idea of cancelling the
tire stiffness with fictitious stiffness ∆k1 arises. The idea of cancelling the tire stiffness
can be developed further with the idea of cancelling the stiffness of k2 with fictitious
stiffness ∆k2. So the law of the force for the fictitious damper F d becomes (Valášek et al.
1997):
Fd = 2ζ ground m1 (k1 + k 2 )*(z& 0 −z& 1 )−(z& 2 −z& 1 )c 2 −(z 2 −z1 )∆k 2 +(z 0 −z1 )∆k1

(10)

In figure 19, the dynamic tire load variation as a function of excitation frequency is
presented with suspension damping ratios ζ = 0.3 and 0.7 and with a ground-hook
suspension ζground being unity and the damping ratio ζ of the variable damper Fd in figure
18 varying between 0.3 and 0.7.
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Fig. 19. Tire load variation as a function of excitation frequency.

2.5 Vehicle models
There is a range of different models varying from a detailed and complex MBS-model to
a simple linearized quarter-car, lumped mass model. Other suspension models are, for
example, linkage models, swing arm models and roll stiffness models (Blundell 1999a).
Only a full MBS-model takes all the kinematic effects into account. If vehicle handling
properties are of interest, models differ from suspension models (Kiencke & Nielsen
2000). Because of the cheap computing power available today, also FEM-modelling has
been found to be worthwhile and applicable. Choosing between models is a trade-off
between unnecessary complexity and the accuracy of the model.
Half and full vehicle models are also used as an example of a multivariable system in
control problems (e.g. Nagai & Hasegawa 1997, Čech 2000). One reason for this is that
an ordinary ground vehicle represents a true MIMO-system. With these more complex
models opposing objectives of controlling a suspension system become more difficult to
handle and they have more effect on the performance of the control system.
In most of the research done in the controlling of intelligent suspension systems,
linearized models with reduced degrees of freedom are used. Linearized models offer an
attractive alternative in modelling and/or controlling an intelligent suspension system.
They are quite simple to derive, can be justified relatively easily and they are accurate
enough to examine the basic vibration behaviour of a vehicle, for example the natural
frequencies of the vehicle body and individual wheels or axles.
However, if the wheel travels are extreme, which is typical in off-road usage, the
kinematics of the suspension system can alter in a wide range though the motion ratio can
stay virtually constant, depending on the kinematic properties of the suspension (Gerrard
1999). Due to the change in kinematic effects of suspension system the axes of
constrained motion of the vehicle body in relation to the ground can vary in a wide range.
Because effective axes, around which body rolls move, the effective inertia of the body
varies.
The roll centre and roll axis concepts are widely known and used when the basic
driving characteristics of a vehicle are of interest (e.g. Gerrard 1999, Dixon 1996). They
offer a practical tool when “paper and pen”-analysis is used. In this thesis, the roll axis
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concept is used to derive a model, which in turn is used to derive the sky-hook controller
for a full vehicle vibration problem. In order to keep the complexity of the model at a
moderate level, only the transverse kinematics of the vehicle suspension system is
concerned i.e. the effects of the kinematics concerning traction and braking are neglected.
Despite the usefulness of a quarter car model, its shortcomings are obvious if the
vibration problem of a full vehicle is considered. If a full vehicle is considered, there are
vibration modes that are not encaptured by this simple model, namely pitch and roll. With
certain excitations caused by terrain irregularities or driving manoeuvres, these other
vibration modes become dominant. This can be deduced from figures 4,5,6 and 7 in
section 2.2.3. Furthermore, from the discomfort or handling point of view, these vibration
modes are not equal; for example, a human body finds pitching much more unpleasant
than heaving and poor dynamic characteristics in roll direction have adverse effects on
handling. Full vehicle linearized models can be used if the full vehicle vibration control is
of interest. They are considered to be able to catch the essential vibration behaviour.
Albeit that the physical process which affects the roll moment and its distribution is
inherently non-linear, simple control laws have been shown to perform well with respect
to more complex model based algorithms, at least with moderate excitations (Williams &
Haddad 1995).
In this thesis, a new type of full vehicle model is derived and it is used to derive a
controller to suppress the vibrations of a full vehicle. The main idea of the model is the
calculation of the position and orientation of the roll axis, which joins the roll centres as
defined in chapter 2.1.4. The roll axis presents the constraint of the non-suspended mass
i.e. the vehicle body movement in relation to the non-suspended mass, the wheels and
wheel carriers.

2.6 Virtual prototyping
Virtual prototyping offers a very practical tool for chassis development. With virtual
prototypes, essential non-linearities can be included into the model and their effects on
driving comfort, safety and driveability can be estimated with numerical methods. The
most typical and influential sources of non-linearities are suspension kinematics, steering
characteristics, properties of the tires, compliance of chassis and suspension links and
chassis inertial dynamics (Hegazy et al. 2000). As a rule of thumb, a lateral acceleration
of 0.3g is held as a limit below which linear vehicle models give accurate results. In
transient analysis, virtual prototypes give considerably more accurate results than linear
models.
Suspension system kinematics and chassis control system suit virtual prototype based
development particularly well (Yan et al. 2002). This is mostly because the development
and building of full-scale chassis prototypes is time consuming and expensive. Virtual
prototyping can also be used for purposes other than chassis design, for example the
development of steering systems or prediction of drivers’ exposure to NVH (Van de
Wiele et al. 1994, Genuit & Bray 2001). FEM in chassis modelling has been found to be
a useful tool for NVH analysis and for tire modelling. Usually tires are modelled with
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more simple semi-empiric formulae. Vehicle chassis can usually be modelled as a rigid
body; the use of FEM lengthens the modelling time as well as simulation times. The
small deviations in suspension geometry can however have a great impact on the
simulation results, especially if the vehicle behaviour in dynamic driving situations is
considered (Zhang et al. 1998). The necessity of using FEM modelling can be fathomed
out with sensitivity analysis of the suspension.
With off-road and working machines, it is also possible to use virtual prototypes to
examine the behaviour of the hydraulics, transmission and auxiliary equipment. With the
information provided by the simulations, the stability, working efficiency and fuel
economics of the working machine can be improved (Hammarberg et al. 1998 & 1999).
There is virtual prototype software on the market that is especially designed for
automotive use. Most of the car manufacturers use tailored versions of this software in
their research and development activity. In this software, there are also related
mathematical tools, including FEM-calculations, life cycle management and durability
calculations (Dassault 2003, MSC 2003). Research associates and car manufacturers
often use tailored versions of the software and they can develop highly tailored add-in
tools for them depending on their scope of interest (Tak et al. 2000, Scala et al. 2002,
Kasprzak & Milliken 2000).
With virtual prototype technology, it is possible to reduce the amount of expensive
field-testing in product development. Also the total development time of a new product
can be made shorter. In the future, it is planned that a new vehicle can be developed from
the first sketches to a final production version in just 18 months. In order to achieve such
a fast development cycle, the benefits of virtual prototyping must be utilized.

3 Derivation of models
Two different models will be used in this thesis. One is based on a linearized lumped
mass model and the other on the calculation of the roll axis. The models are derived with
values and dimensions obtained from a virtual prototype based on a real vehicle.

3.1 Derivation of the lumped mass model

Fig. 20. A lumped mass model of a vehicle in the XZ-plane.
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Fig. 21. A lumped mass model of a vehicle in the YZ-plane view from behind.

If the equations of motion for the wheels of the vehicle are derived and manipulate, the
following is obtained:
&z&fl1 =

(K +K fl )z − (C fl +C w )z& + K fl z + C fl z&
C
Kw
z fl0 + w z& fl0 − w
fl1
fl1
fl 2
fl 2
mw
mw
mw
mw
mw
mw

(11)

&z&fr1 =

Kw
C
(K + K fr )z − (C fr +C w )z& + K fr z + C fr z&
z fr 0 + w z& fr 0 − w
fr1
fr1
fr 2
fr 2
mw
mw
mw
mw
mw
mw

(12)

&z&rl1 =

Kw
C
(K +K rl )z − (C rl +C w )z& + K rl z + C rl z&
z rl0 + w z& rl0 − w
rl1
rl1
rl 2
rl 2
mw
mw
mw
mw
mw
mw

(13)

&z&rr1 =

Kw
C
(K +K rr )z − (C r +C w )z& + K rr z + C rr z&
z rr 0 + w z& rr 0 − w
rr1
rr1
rr 2
rr 2
mw
mw
mw
mw
mw
mw

(14)

Because a linearized model is of interest, dynamic and static stiffness of suspension
elements represent reduced values and they are assumed to stay constant despite the
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movement of the suspension. In order to solve the heave, pitch and roll acceleration of
the CG of the vehicle, the acceleration of the corners of the vehicle must be solved. If a
small displacement assumption is used, it can be assumed that the displacements of the
vehicle ends are independent (Dixon 2000). If it is furthered assumed that the
displacements are small i.e. sin α ≈ α and cos α ≈ 0. The acceleration along the Z-axis in
the CG and the rotational accelerations in the CG around the Y- and X-axes are, after
some manipulation:
&z&cg =

K fl
C
K
C
K
C
z fl1 + fl z& fl1 − fl z fl 2 − fl z& fl 2 + fr z fr1 + fr z& fr1
m tot
m tot
m tot
m tot
m tot
m tot

−

K fr
C
K
C
K
C
z fr 2 − fr z& fr 2 + rl z rl1 + rl z& rl1 − rl z rl2 − rl z& rl 2
m tot
m tot
m tot
m tot
m tot
m tot

+

K rr
C
K
C
z rr1 + rr z& rr1 − rr z rr 2 − rr z& rr 2
m tot
m tot
m tot
m tot

(15)

&θ& = − a fl K fl z − a fl C fl z& + a fl K fl z + a fl C fl z& − a fr K fr z − a fr C fr z&
fr1
fr1
fl 2
fl 2
fl1
fl1
cg
I YY
I YY
I YY
I YY
I YY
I YY
+

a fr K fr
a C
b K
b C
b K
z fr 2 + fr fr z& fr 2 + rl rl z rl1 + rl rl z& rl1 − rl rl z rl 2
I YY
I YY
I YY
I YY
I YY

−

b K
b C
b K
b C
b rl C rl
z& rl2 + rr rr z rr1 + rr rr z& rr1 − rr rr z rr 2 − rr rr z& rr 2
I YY
I YY
I YY
I YY
I YY

&& cg =
ϕ

(16)

t K
t C
t K
t C
t fl K fl
t C
z fl1 + fl fl z& fl1 − fl fl z fl 2 − fl fl z& fl 2 − fr fr z fr1 − fr fr z& fr1
I XX
I XX
I XX
I XX
I XX
I XX

+

t K
t C
t K
t fr K fr
t C
z fr 2 + fr fr z& fr 2 + rl rl z rl1 + rl rl z& rl1 − rl rl z rl2
I XX
I XX
I XX
I XX
I XX

−

t rl C rl
t K
t C
t K
t C
z& rl2 − rr rr z rr1 − rr rr z& rr1 + rr rr z rr 2 + rr rr z& rr 2
I XX
I XX
I XX
I XX
I XX

(17)

The accelerations of the corners of the vehicle in terms of pitch, roll and heave are (again
assuming small displacements):
&& cg
&z&fl 2 =&z&cg −a fl&θ&cg +c fl ϕ

(18)

&& cg
&z&fr 2 =&z&cg −a fr &θ&cg −c fr ϕ

(19)
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&& cg
&z&rl 2 =&z&cg + b rl&θ&cg +c rl ϕ

(20)

&& cg
&z&rr 2 =&z&cg + b rr &θ&cg −c rr ϕ

(21)

These functions are written in an open form in appendix A. The roll, pitch and heave
accelerations that affect the ride properties of the vehicle are of interest. They are defined
in equations 15,16 and 17.
Usually linearized models like the one presented in the previous chapter are written in
a state-space form. In this thesis, all the calculations of the equations are implemented
with Simulink blocks. This is because the model will be updated later with calculations of
the kinematics. The implementation of a semi-active controller would also become
cumbersome if the state-space presentation is used. The topmost level of the Simulink
model is presented in figure 22.

Fig. 22. Simulink model architecture for the lumped mass model.

The vectors “state of the tires” and “state of the body” in figure 22 consist of positions
and speeds of the each individual vehicle corner and tire. These are obtained with the
equations derived in this chapter and in appendix A. The speed difference between a
vehicle corner and the respective tire i.e. the damper speed is needed in order to obtain
the damping coefficient for the real damper. Therefore also state vectors of the tires and
vehicle corners are needed in the “passive” damper block.
In the figure, there is also the “controller” block, which contains the intelligence of the
semi-active suspension system. The equations for the semi-active controller will be
derived later. This controller algorithm uses not only the state vectors, but also the
velocities of the vehicle model DOF’s. These are obtained with integration from the
acceleration data.
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3.2 Derivation of the roll axis model
In this thesis, it is the purpose to derive a model, which appears to be as simple as the
lumped mass model described above. The difference is that the new model takes the
effects of the suspension kinematics into account. The basis of this new model lies in the
roll axis approach. The new model can be presented as a system similar to the lumped
mass model described in figures 21 and 22. The difference between these models is that
while in the lumped mass model the distances a, b and t stay constant, in the roll axis
based model they vary according to the instant position of the roll axis. While the points
where forces induced by springing move on XY-plane, their effective moment arms will
be shortening and lengthening, and thus their effect on roll and pitch varies. Roll, heave
and pitch are damped in this RA-fixed coordinate system.
In the approximate kinematic analysis described in this chapter, the suspension arms
and their mountings to the wheel carrier and the vehicle body are assumed to be perfectly
rigid. The mass of the suspension links and moving part of the suspension element is
reduced to the wheel carrier. With these assumptions, the forces acting between the
sprung and unsprung mass are purely functions of the kinematics described by the
suspension links, the states of the sprung and unsprung masses and the properties of the
suspension springs and dampers.
The caster change during wheel travel is usually small, especially on steered wheels
and thus its effects are neglected. The effects of camber thrust, as well as jacking caused
by lateral forces are neglected. In the calculations, the kingpin axis of the suspension is
assumed to intersect the centre of the tire contact area. This makes the calculation of the
RC’s and the RA independent of the steering angles of the wheels. The effects of the track
rod can also be neglected on non-steered wheels.
The elastic effects of the tires during lateral and longitudinal forces are neglected, as
are the camber effects. Thus the position of the TC is assumed to remain the same
compared to the respective wheel carrier. With the assumptions above, the position of the
TC is a function of the positions of the upper ball joint UBJ and lower ball joint LBJ.

3.3 The roll centre of a spatial mechanism
If the true spatial mechanism in figure 23 is considered, it is obvious that the simple
graphic method presented in figure 3 is no longer relevant. For simplicity, the springing
element is not drawn in the picture. In order to derive a new vehicle model, continuous
calculation of the positions of the RC’s and the RA is needed. It must be pointed out that
the new vehicle model does not include the suspension geometry’s influence on the
vehicle longitudinal dynamics during braking or acceleration into account. The model
derived in this thesis is focused on the transverse dynamics of a vehicle.
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Fig. 23. A schematic presentation of a spatial double wishbone suspension.

First, a method to return a spatial geometry problem to a planar one is used. There are
more advanced methods of deriving the instant screw of the wheel carrier, and these are
needed if the longitudinal dynamics of a vehicle are of interest. They are also used if
accurate kinematic analysis of suspension geometry is of interest (Suh 1991). A method
of returning the calculation of the position of the IC of spatial suspension geometry into a
planar geometry problem is presented in figure 24 (Reimpell et al. 2001).

Fig. 24. A method of defining IC for a spatial double wishbone suspension.

First, lines are drawn between the upper front ball joint UF and upper rear ball joint UR,
as well as between the lower front ball joint LF and the lower rear ball joint LR.
Secondly, vertical lines in the side projection (on the right side of figure 24) from the
upper ball joint UBJ and lower ball joint LBJ are drawn and they define the upper and
lower intersection points UD and LD on the lines UF-UR and LF-LR. These intersection
points can be treated as revolving joints. The intersection points UD and LD define the
position of the revolving joints on the axes UF-UR and LF-LR with vertical lines drawn
from the respective ball joint at the side view projection. On the front view projection

53
(left side of figure 24), the point where the lines UBJ-UD and LBJ-LD intersect on the
vehicle transverse plane is the IC of the suspension. In order to define the position of RC
of an axle, the IC’s on both wheels of an axle must be solved. The point on which lines
drawn from the IC to the TC of the respondent wheel intersect on the vehicle transverse
plane is the RC of an axle as shown in figure 5.

3.4 Calculation of the roll centre and roll axis
In order to utilize vector calculation, a vehicle fixed coordinate system is attached to the
point LF in figure 24. The vectors in this coordinate system are marked with subscript 0.
The coordinate system is fixed to the vehicle body and its axes are defined to be parallel
with the vehicle axis system, i.e. directions are according to the ISO 8855. The springdamper strut is attached to the lower wishbone with ball joint (SL) and to the chassis with
ball joint (SU) and it is equipped with a position sensor. In this derivation, the position of
ball joints UF, UR, LF, LR and SU attached to the vehicle body are assumed to be known,
and the distance between the lower (SL) and upper (SU) ball joints of the strut is
established through the position sensor of the spring-damper element. The calculation is
based on vector mechanics (Koivo 1989).

3.4.1 Position of the lower ball joint of the strut
Because all suspension links are perfectly rigid, the distance from LF to SL and LR to SL
are constant. In addition, length of the damping element is monitored. From these
following is obtained:
x n ,LF,SL 2 + y n ,LF,SL 2 + z n ,LF,SL 2 = l LF,SL

(22)

x n ,LR ,SL 2 + y n ,LR ,SL 2 + z n ,LR ,SL 2 = l LR ,SL

(23)

x n ,SU ,SL 2 + y n ,SU ,SL 2 + z n ,SU ,SL 2 = lSU ,SL

(24)

The subscript n denotes that these equations are valid regardless of the coordinate system
used. The length of the spring-damper element lSU,SL is monitored and is used as a
parameter. When three points in space (SU, LF, LR) and their distances from point SL are
known, the position of point SL in the LF-fixed coordinate system can be calculated.
Equations 22, 23 and 24 can be written in the form:
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(x 0,SL −x 0,LF )2 +(y 0,SL − y 0,LF )2 +(z 0,SL −z 0,LF )2 =l LF,SL

(25)

(x 0,SL −x 0,LR )2 +(y 0,SL − y 0,LR )2 +(z 0,SL −z 0,LR )2 =l LR ,SL

(26)

(x 0,SL −x 0.SU )2 +(y 0,SL − y 0,SU )2 +(z 0,SL −z 0,SU )2 = lSU,SL

(27)

If taking into account that the coordinate system 0 lies at point LF i.e. x0,LF= y0,LF= z0,LF=
0 and, because of the limitations of suspension travel, y0,SL is positive for this particular
suspension geometry, the position of joint SL in the vehicle fixed coordinate system is
obtained. There are two answers; the correct one being deduced from the condition that
the Y-coordinate of the SL in coordinate system 0 is positive. There is a special case when
there is only one real answer. In this case, the joint SL is in the plane defined by joints LF,
LR and SU. This is not likely to occur in real suspension systems. The formulae for
calculating the position of joint SL are in appendix B.

3.4.2 The position of the lower ball joint
Because the location of joints LF, LR and SL is known in the vehicle coordinate system,
the location of LBJ can be calculated. In order to do so, a coordinate system for the lower
wishbone must be defined. The coordinate system of the lower wishbone is attached to
the point LF, thus the vehicle-fixed coordinate system and the lower wishbone–fixed
coordinate system coincide and there is three-dimensional rotation between the
coordinate systems of the vehicle and the lower wishbone. The vehicle-fixed coordinate
system and the vectors expressed in it are marked with subscript 0, and the vectors in the
lower wishbone-fixed coordinate system are marked with subscript 1.
In the suspension system used in this thesis, the joints LF and LR have the same Zand Y-coordinate in coordinate system 0 i.e. joint LR lies in the negative X-axis of
coordinate system 0. From this the unity vector along the X-axis of coordinate system 1
expressed in coordinate system 0 is obtained conveniently:
x 0,1,X = −1

x 0,1,Y = 0

x 0,1,Z = 0

(28)

and the unity vectors of the Y- and Z-axes of coordinate system 1 expressed in coordinate
system 0 are:
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 y 0,1,X = 0

y 0,SL

 y 0,1,Y =

y 0,SL 2 + z 0,SL 2

z 0,SL

 y 0,1,Z =
y 0,SL 2 + z 0,SL 2


(29)




z 0,1,X = 0

z 0,SL

z 0,1,Y =

y 0,SL 2 + z 0,SL 2

y 0,SL

z 0,1,Z = −
y 0,SL 2 + z 0,SL 2


(30)

The homogenic transformation matrix from coordinate system 1 to coordinate system 0
becomes:
 x 0,1,X
y
T10 =  0,1,X
 z 0,1,X
 0

x 0,1,Y
y 0,1,Y
z 0,1,Y
0

x 0,1,Z
y 0,1,Z
z 0,1,Z
0

0
0

0
1

(31)

Because the position of LBJ is known in the lower wishbone-fixed coordinate system, its
position in the vehicle-fixed coordinate system can be calculated as follows:
x 0,LBJ 
x1,LBJ 
 y
 0  y

0,LBJ 
1,LBJ 
z
 = T1  z

 0,LBJ 
 1,LBJ 
 1 
 1 

(32)
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3.4.3 The position of the upper ball joint
The calculation of the position of the UBJ returns to a similar problem as that in the
calculation of the position of the SL joint. In order to make use of the equations derived
in the calculation of the position of the SL joint, calculation must be done in the
coordinate system fixed to the vehicle at point UF. The coordinates represented in this
coordinate system are marked with subscript 2. First, the homogenic transformation
matrix from coordinate system 0 to coordinate system 2 must be derived. Coordinate
system 2 is chosen in a manner that the axes of coordinate systems 0 and 2 coincide. Thus
the transformation between these matrices is a pure transformation matrix:
1
0
T20 = 
0
0

0
1
0
0

0 x 0,LF − x 0,UF 
1
0
0 y 0,LF − y 0,UF 
 , T02 = 
1 z 0,LF −z 0,UF 
0
0

0
1


0
1
0
0

0 x 0,UF − x 0,LF 
0 y 0,UF − y 0,LF 

1 z 0,UF −z 0,LF 

0
1

(33)

The calculation of the position of the UBJ is a similar procedure to the calculation of
point SL. Because positions of joints LBJ, UF and UR are known, as are the lengths of
the suspension links, the following equations similar to equations 25, 26 and 27 are valid:

(x 2,LBJ −x 2,UBJ )2 +(y 2,LBJ − y 2,UBJ )2 +(z 2,LBJ −z 2,UBJ )2 =l UBJ,LBJ

(34)

(x 2,UBJ −x 2,UF )2 +(y 2,UBJ − y 2,UF )2 +(z 2,UBJ −z 2,UF )2 =l UF,UBJ

(35)

(x 2,UBJ −x 2,UR )2 +(y 2,UBJ − y 2,UR )2 +(z 2,UBJ −z 2,UR )2 =l UR ,UBJ

(36)

The coordinates of UBJ can be solved with the equations described in appendix B. The
coordinates must be first transferred into coordinate system 2 by multiplying them with
transformation matrix T20. The resulting position of UBJ must be multiplied with
transformation matrix T02 in order to get the position of UBJ in coordinate system 0.

3.4.4 The position of the tire contact point
In order to define the position of the tire contact point TC in coordinate system 0,
coordinate system 3 for the corresponding wheel carrier must be defined. Coordinate
system 3 is chosen in a manner that the positive X-axis direction is defined by vector
running from UBJ to LBJ. The Y-axis is chosen in a manner that the plane defined by the

57
X- and Z-coordinates lies parallel to the wheel plane and the Y-axis points towards the
wheel i.e. y0,3,Y is always positive. The unity vector of the X-axis of coordinate system 3
in coordinate system 0 is:
x 0,3 =

(x 0,UBJ −x 0,LBJ )i +(y 0,UBJ − y 0,LBJ )j+(z 0,UBJ −z 0,LBJ )k
x 0,LBJ

(37)

= x 0,3,X i + x 0,3,Y j+ x 0,3,Z k

The unity vectors of Y- and Z-axes of coordinate system 3 can be written in the form:
y 0,3 = y 0,3,X i + y 0,3,Y j+ y 0,3,Z k

(38)

z 0,3 = z 0,3,X i + z 0,3,Y j+ z 0,3,Z k

(39)

Because the tire is assumed to hold its direction during suspension movement, the Y-axis
of coordinate system 3 stays in the plane defined by the Z- and Y-axes of coordinate
system 0, despite the positions of UBJ and LBJ i.e. the vector that defines the Y-axis of
coordinate system 3 has no vector component along X-axis in coordinate system 0.
Because the unity vectors in the X- and Y-direction are orthogonal, their dot product
equals zero. From these we obtain:



 y 0,3,X = 0

x 0,3,Y

 y 0,3,Y = ±

x 0,3,Y 2 + x 0,3,Z 2

x 0,3,Z

 y 0,3,Z = m
x 0,3,Y 2 + x 0,3,Z 2


(40)

The sign of y0,3,Y and y0,3,Z is obtained from the condition that y0,3,Y must be positive. The
unity vectors that define coordinate system 3 define a right hand, orthogonal coordinate
system, so their cross product equals one. From this we obtain:
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 (x

)
−x
*y
*y
y
z 0,3,Y =  0,3,Y 0,3,Z 0,3,Z 0,3,Y * x 0,3,Z * 0,3,Y − x 0,3,Y 


x 0,3,X
y 0,3,Z





−1
 
 y 0,3,Y 2
 
− x

 
+
*
y
0
,
3
,
X
0
,
3
,
X
 
 y 0,3,Z
 

 
 


 z 0,3,Y
y 0,3,Y
z
= x
− x 0,3,Y *
*
 x
 0,3,X  0,3,Z y
0,3,Z

 0,3,X


y 0,3,Y
*z 0,3,Y
z 0,3,Z = −
y 0,3,Z


(41)

From these, the homogenic transformation matrix between coordinate systems 0 and 3 is
obtained:
 x 0,3,X


y
T30 =  0,3,X
 z 0,3,X
 0

x 0,3,Y
y 0,3,Y
z 0,3,Y
0

x 0,3,Z
y 0,3,Z
z 0,3,Z
0

x 0,UBJ 
y 0,UBJ 

z 0,UBJ 
1 

(42)

The calculation method described in equations 37-42 takes into account the effect of
kingpin inclination change during wheel travel σ(lSU,SL) and its effect on the position of
the TC. Usually caster change during suspension movement τ(lSU,SL) is kept small,
especially on steered wheels. Thus its effect is neglected. The position of TC in
coordinate system 0 is:
x 0,TC 
x 3,TC 
 0  y

 y
0,TC
3,TC 
 = T3  z

z
 0,TC 
 3,TC 
 1 
 1 

(43)

3.4.5 The location of the instant centre
In order to define the IC of an individual wheel, the positions of points the UD and LD in
figure 23 must be calculated. The unity vector pointing from LF to LR is:
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u 0,LF,LR =

(x 0,LR −x 0,LF )i +(y 0,LR − y 0,LF )j+(z 0,LR −z 0,LF )k
(x 0,LR −x 0,LF )2 +(y 0,LR − y 0,LF )2 +(z 0,LR −z 0,LF )2

(44)

= x 0,LF,LR i + y 0,LF,LR j+ z 0,LF,LR k

From figure 24 it can be observed that the X-coordinate of point LD is the same as the Xcoordinate of LBJ in coordinate system 0. From this, the scaling factor nLD of vector
u0,LF,LR is obtained with following:
n LD =

x 0,LBJ
x 0,LF,LR

(45)

Thus the coordinates of LD in coordinate system 0 are:
x 0,LD = n LD x 0,LF,LR

 y 0,LD = n LD y 0,LF,LR

z 0,LD = n LD z 0,LF,LR

(46)

The unity vector pointing from UF to UR in coordinate system 0 can be obtained as
below:
u 2,UF,UR =

(x 0,UR −x 0,UF )i +(y 0,UR − y 0,UF )j+(z 0,UR −z 0,UF )k
(x 0,UR −x 0,UF )2 +(y 0,UR − y 0,UF )2 +(z 0,UR −z 0,UF )2

(47)

= x 0,UF,UR i + y 0,UF,UR j+ z 0,UF,UR k

In figure 24 it can be seen that the X-coordinate of the joint UD is the same as the Xcoordinate of the UBJ in coordinate system 0. From this, the scaling factor nUD of vector
u2,UF,UR is obtained:
n UD =

x 2,UBJ − x 0,UF
x 0,UF,UR

(48)

Thus the coordinates of UD in coordinate system 0 are:
x 0,UD = n UD x 0,UF,UR + x 0,UF

 y 0,UD = n UD y 0,UF,UR + y 0,UF

z 0,UD = n UD z 0,UF,UR + z 0,UF

(49)
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The IC lies in the YZ-plane, which is defined by the X-coordinate of the TC. The Y- and
Z-coordinates can be solved with planar geometry, as can be seen from the left side of
figure 24. The unity vectors pointing from UBJ to UD and LBJ to LD in the vehicle YZplane are:
u 0,UBJ,UD =

(y 0,UD − y 0,UBJ )j+(z 0,UD −z 0,UBJ )k
(y 0,UD − y 0,UBJ )2 +(z 0,UD −z 0,UBJ )2

(50)

= y 0,UBJ,UD j+ z 0,UBJ,UD k

u 0,LBJ,LD =

(y 0,LD − y 0,LBJ )j+(z 0,LD −z 0,LBJ )k
(y 0,LD − y 0,LBJ )2 +(z 0,LD −z 0,LBJ )2

(51)

= y 0,LBJ,LD j+ z 0,LBJ,LD k

The length of the vectors pointing from UBJ to IC and LBJ to IC (lLBJ,IC and lUBJ,IC) can
be solved from the following system of equations:
l LBJ,IC *z 0,LBJ,LD + z 0,LBJ −l UBJ,IC *z 0,UBJ,UD −z 0,UBJ = 0

l LBJ,IC *y 0,LBJ,LD + y 0,LBJ −l UBJ,IC *y 0,UBJ,UD − y 0,UBJ = 0

(52)

From which the following is obtained:
y 0,UBJ *z 0,UBJ,UD −z 0,UBJ,UD *y 0,LBJ + y 0,UBJ,UD (z 0,LBJ −z 0,UBJ )

l LBJ,IC =
z 0,UBJ,UD *y 0,LBJ,LD −z 0,LBJ,LD *y 0,UBJ,UD


y 0,UBJ *z 0,LBJ,LD −z 0,LBJ,LD *y 0,LBJ + y 0,LBJ,LD (z 0,LBJ −z 0,UBJ )
l
=
 UBJ,IC
z 0,UBJ,UD *y 0,LBJ,LD −z 0,LBJ,LD *y 0,UBJ,UD


(53)

The location of the IC in coordinate system 0:
x 0,IC = x 0,TC

 y 0,IC = y 0,LBJ +l LBJ,IC *y 0,LBJ,LD

z 0,IC = z 0,LBJ +l LBJ,IC *z 0,LBJ,LD

(54)

The analytical way of obtaining the position of the IC of an individual wheel is derived
here for a left side wheel. A position of the IC of a right side wheel can be calculated
using the same method. It is somewhat easier to use left-hand coordinate systems for the
right side. In this case, the equations become exactly the same. The left-handedness of the
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right side coordinate systems must be taken into account when the position of the RC is
calculated.

3.4.6 The location of the roll center of an axle
When the position of the IC’s and their respective TC’s are known for an axle, the
position of the RC can be calculated with simple plane geometry. The coordinate system
in which the position of the RC is calculated is the left side 0-coordinate system. Thus the
position of the IC and the TC of a right side wheel must be transferred into the left side
coordinate system. The transformation matrix from the right to left side coordinate
system is:
1
0
TLR = 
0

0

0 0 x 0 , R ,L 
1 0 y 0,R ,L 
0 1 z 0,R ,L 

0 0
1 

(55)

The positions of the TC and IC of the right side suspension in the left side coordinate
system are obtained as follows:
x 0,TC ,L 
 x 0,TC ,R  x 0,IC,L 
 x 0,IC,R 
 y 0,TC ,L  R − y 0,TC ,R   y 0,IC,L  R − y 0,IC,R 
z
 = TL  z
 = TL  z
 , 

 0,TC ,L 
 0,TC ,R   z 0,IC,L 
 0,IC,R 
 1 
 1   1 
 1 

(56)

The minus sign in front of the Y-coordinates is because the right side of the suspension is
calculated in a left-hand coordinate system, where the X- and Z-axes are parallel as are
the respective axes of the axis coordinate system, but the Y-axis point is in the direction
of the negative Y-axis of the axis coordinate system. If the transverse plane of the vehicle
is considered, the lines connecting the IC’s and respective TC’s can be written in the form
of a line:
z L = a L y L + b L

z R = a R y R + b R

in which the constants aL, bL, aR and bR can be calculated as follows:

(57)
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a L = (z 0,TC,L −z 0,IC,L ) (y 0,TC,L − y 0,IC,L )

a R = (z 0,TC,R −z 0,IC,R ) (y 0,TC,R − y 0,IC,R )

b L = z 0,TC,L −a L y 0,TC,L
b = z
 R 0,TC,R −a R y 0,TC,R

(58)

and point y0,RC, z0,RC can be calculated as following:
a R (b R −b L )

+b R
 y 0,RC = a −a

L
R

b −b
z
= R L
 0,RC a L −a R

(59)

Usually the wheel travel angle ε is not zero i.e. the TC’s move back and forth along the
X-axis in the vehicle coordinate system with bump and jounce. Typically in off-road
vehicles, wheel travel angles are larger than in road vehicles. This helps the suspension
system cope with sudden bumps, like hitting a bole. With asymmetric wheel travel the
TC’s do not lie in the same YZ-plane in the vehicle coordinate system. In this analysis,
the RC is calculated to lie in the plane defined by vectors, one of which is the Z-axis of
the vehicle coordinate system and the other is defined by the vector between the TC’s.
Because caster angle is assumed to stay constant during wheel travel, the TC’s Xcoordinate stays the same as the X-coordinate of the tire centre. So this method coincides
with the definition given by DIN 70000. The line between the TC’s in the YX-plane is:
x 0,TC = a L,TC y 0,TC + b L,TC

(60)

in which
a L,TC = (x 0,TC ,L − x 0,TC ,R ) (y 0,TC ,L − y 0,TC,R )

b L,TC = x 0,TC,L −a L,TC y 0,TC ,L

(61)

The X-coordinate of the RC is obtained by setting the value of the y0,RC obtained from
equation 59.

3.4.7 The location of the roll axis and the effective inertias
The location of RC is calculated in the CG-fixed coordinate system. Because the
coordinate systems of the left side LF-joints are parallel with the CG-fixed coordinate
system, the location of the RC’s can be calculated with pure transformation matrices:
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TFCG

1
0
=
0

0

0 0 x CG ,LF,F 
1

1 0 y CG ,LF,F  CG 0
, TR =
0
0 1 z CG ,LF,F 


0 0
1 
0

0 0 x CG ,LF,R 
1 0 y CG ,LF,R 
0 1 z CG ,LF,R 

0 0
1


(62)

and the positions of front and rear roll centres are:
x CG ,RC,F 
x 0,RC,F 
 y
 CG  y

CG ,RC ,F 
0,RC ,F 
z
 = TF  z
,
 CG ,RC,F 
 0,RC,F 
 1 
 1 

x CG ,RC,R 
x 0,RC,R 
 y
 CG  y

CG ,RC ,R 
0,RC ,R 
z
 = TF  z

 CG ,RC,R 
 0,RC,R 


 1 
1

(63)

A new coordinate system is defined so that the body swivels around its X-axis i.e. the Xaxis of the new coordinate system is fixed to the vehicle’s roll axis projection into the
vehicle XY-plane. This coordinate system is denoted with subscript RA. The moments
and forces induced on the chassis by road irregularities are calculated in this coordinate
system. The X-axis of this new coordinate system runs through from the rear RC to the
front RC in the vehicle XY-plane. The Y-axis lies in the XY-plane of the vehicle pointing
in a positive direction of the CG-fixed coordinate system’s Y-axis. The origin of the
coordinate system RA lies at the roll axis in the vehicle XY-plane at the point where its
distance from the CG is at its minimum. In the model, kinematic pitching is modelled to
happen around the Y-axis of coordinate system RA and rolling is modelled to happen
around the X-axis of this coordinate system. If the exact location of the origin of the RA
system is of interest, also wheel longitudinal kinematics should be taken into account. In
order to calculate inertias in this new coordinate system, the homogenic transformation
matrices between the vehicle-fixed coordinate system and the roll axis-fixed coordinate
system must be derived. The components of the X-axis of the roll axis-fixed coordinate
system can be obtained easily:
x CG ,RC,F − x CG ,RC,R

x CG ,RA ,X =
d RC

yCG ,RC,F − yCG ,RC,R

,
x CG ,RA ,Y =
d RC

x CG ,RA ,Z =0



(64)

where dRC denotes the distance between RC’s. Because the X- and Y-axes lies parallel to
the XY-plane of the CG-coordinate system, they do not have a component along the Zaxis. The unity vectors in the X- and Y-direction are orthogonal, thus their dot product
equals zero. The RA-coordinate system defines a right-hand, orthogonal coordinate
system, so the cross product of unity vectors equals 1. From these the following is
obtained:
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−1


x CG ,RA ,Y 2 
y

= x
+
 CG ,RA ,Y  CG ,RA ,X x CG ,RA ,X 




x CG ,RA ,Y *y CG ,RA ,Y
 y CG ,RA ,X = −
x CG ,RA ,X

y
=0
 CG ,RA ,Z



(65)

Because the unity vectors which define the X- and Y-axes of the RA-coordinate system
lie in the XY-plane of the vehicle, the unity vector which defines the Z-axis has only a
component in the Z-direction of the CG-coordinate system i.e.:
z CG ,RA ,X = 0

z CG ,RA ,Y = 0

z CG ,RA ,Z =1

(66)

Because the direction of the RA’s axes are known, the position of the RA’s origin in the
vehicle XY-plane can be obtained from the following:
n X *u CG ,RA ,X + n Y *u CG ,RA ,Y = − v CG ,RC,R

(67)

from which it is obtained:
n X x CG ,RA + n y y CG ,RA = − x CG ,RC,R

n X x CG ,RA + n y y CG ,RA = − y CG ,RC,R

(68)

By Gaussian elimination the multiplier factor nX can be calculated out. The location of
the origo of the RA is obtained by multiplying the X-axis of the RA-coordinate system
pointing from the rear RC with nX. The homogenic transformation matrix from the CGsystem to the RA-system is:
 x CG ,RA ,X


y
RA
TCG
=  CG ,RA ,X
 z CG ,RA ,X


0

x CG ,RA ,Y
y CG ,RA ,Y
z CG ,RA ,Y
0

x CG ,RA ,Z
y CG ,RA ,Z
z CG ,RA ,Z
0

x CG ,RA 
y CG ,RA 

z CG ,RA 
1 

(69)

The effective inertia of the vehicle body in the CG along the axes of the RA coordinate
system can be calculated with the Steiner rule (Muvdi et al. 1996). Because the effects of
yaw are neglected, the moment about the Z-axis is of no interest, neither in the CG-, nor
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in the RA-fixed coordinate system. Also off-diagonal terms are neglected in calculations
to keep the complexity of the model and the controller within reasonable limits.
I RA ,XX.CG = x CG ,RA ,X 2 I CG ,XX + x CG ,RA ,Y 2 I CG ,YY + x CG ,RA , Z 2 I CG ,ZZ

2
2
2
I RA ,YY,CG = y CG ,RA ,X I CG ,XX + y CG ,RA ,Y I CG ,YY + y CG ,RA , Z I CG ,ZZ

(70)

The location of the CG in the RA-fixed coordinate system is obtained by transposing the
rotation matrix from the CG-coordinate system to the RA-coordinate system and
multiplying this rotation matrix with a position vector pointing from the RA to the CG in
the CG-coordinate system. The rotation matrix is obtained from the homogenic
transformation matrix from the CG-coordinate system to the RA-coordinate system in
equation 69.
 x RA ,CG   x CG ,RA ,X
 

 y RA ,CG  =  y CG ,RA ,X
 z RA ,CG   z CG ,RA ,X
 


x CG ,RA ,Y
y CG ,RA ,Y
z CG ,RA ,Y

x CG ,RA ,Z 
y CG ,RA ,Z 

z CG ,RA ,Z 

T

 − x CG ,RA 


 − y CG ,RA 
 −z CG ,RA 



(71)

and the effective mass moments of inertia at point RA around the X- and Y-axes are:
I RA ,XX,RA = I RA ,XX,CG + y RA ,CG + z RA ,CG *m tot


I RA ,YY,RA = I RA ,YY,CG + x RA ,CG + z RA ,CG *m tot

(72)

3.5 The roll axis model
The roll axis model equations of motion are similar to those presented in the context of
the lumped mass model in equations 11-21 and in appendix A. The difference is that the
effects of the forces induced by dampers on roll and pitch vary according to the state of
the system because the lengths of the effective moment arms vary.
The model presented in this chapter can be written in a similar manner to the lumped
mass model with few modifications. There are two major differences between the roll
axis model and the lumped mass model. Firstly, the geometrical dimensions i.e. the
moment arms stay constant in the lumped mass model, but they vary in the roll axis
model. Secondly the effective inertias stay constant in the lumped mass model, while they
vary according to the location of the RA in the roll axis model.
It must be pointed out that equations 15, 16 and 17 calculate the accelerations,
deviations and speeds in the RA-fixed coordinate system in the case of the roll axis
model, i.e. heave, pitch and roll accelerations obtained from formulas 15, 16 and 17 are in
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fact the respective values in the RA-coordinate system. The corresponding values in the
CG-coordinate system can be obtained with a simple vector calculation described later.
Due to nature of the roll axis model, the geometrical variables vary continuously. In
practice, this is implemented by continuous calculation of the position of the roll axis and
the effective inertias. This must be taken into account when the model is used in
controller derivation. The effective moment arms tfl, tfr, trl and trr as well as afl, afr, brl and
brr are obtained from the position and direction of the roll axis with straightforward
calculation.
The idea of the roll axis model can be made more easily understood with figures 25
and 26 that present the location of the roll axis with a symmetric and asymmetric wheel
travel. In the case of a symmetric wheel travel, the roll axis runs through the CG in the
vehicle XY-plane. It must be pointed out that kinematic roll occurs around the roll axis,
not around the X-axis of the CG-fixed coordinate system. In this case, the equations of
motion become similar to the lumped mass model described earlier. The difference is that
the effective inertias matching roll and pitch are calculated in the origin of the RAcoordinate system, which, in this case, lies in the negative Z-axis of the coordinate
system CG.

Fig. 25. The location of the roll axis and the CG coordinate system in the XY-plane when all
wheel travels are equal.

Figure 26 presents the vehicle in the state where all wheel travels are unequal. In this
case, the asymmetry of the position of roll axis compared to the vehicle axis system can
be seen. The position of the RA projected to the XY-plane is obtained with the model
derived in the chapters calculated above. From figure 26, it can be seen that axes around
which the vehicle rolls and pitches are no longer parallel to the vehicle fixed coordinate
axes, nor do they run through the CG. This invalidates the assumption that kinematic
rolling and pitching occur along the vehicle fixed axes as is assumed in the lumped mass
model.
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Fig. 26. The location of the roll axis and the RA-coordinate system with asymmetric wheel
travel in the XY-plane.

The idea of the roll axis model can be presented with the same kind of pictures as
pictures 20 and 21. The difference is that the X- and Y-axes move in the plane they
define. The X-axis, around which the actual vehicle body roll occurs, is parallel to roll
axis’ orthogonal projection to the XY-plane of the CG-fixed coordinate system. The
direction of the Z-axis stays put and the Y-axis, around which the pitching occurs, is
achieved from these with the right hand rule.
In figure 26, the origin of the RA-coordinate system lies in the RA at the point where
its distance from the CG in the vehicle XY-plane is at its minimum. Equations 11-21 and
appendix A return the heave, pitch and roll accelerations and velocities in the RAcoordinate system. Because the accelerations in the CG are of interest, they must be
calculated. Because the Z-axes of the RA- and the CG-coordinate system are parallel, the
accelerations are obtained with heave, pitch and roll accelerations conveniently:
&&
&&
&θ& = x CG ,RA ,X *θRA − x CG ,RA ,Y *ϕRA
CG
2
2
x CG ,RA ,X + x CG ,RA ,Y

&& CG =
ϕ

&& RA
x CG ,RA ,Y *&θ&RA + x CG ,RA ,X *ϕ
x CG ,RA ,X 2 + x CG ,RA ,Y 2

&& CG +&z&CG
&z&CG = x RA ,CG &θ&CG − y RA ,CG ϕ

(73)

(74)

(75)

The positions and speeds of the vehicle corners are obtained with equations 18-21 by
inserting the values above into the equations and numerically integrating the results once
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for speeds and twice for the positions. These positions and speeds are needed when forces
generated by dampers and springs are calculated.
In the equations above, the accelerations in the RA-coordinate system are obtained by
numerical integration from equations presented in appendix A, and other variables are
defined in equations 64 and 68. The velocities are obtained with the same formulas by
replacing the symbols of accelerations with respective symbols of velocities.
The calculation of kinematics is implemented with a user-written subroutine in
Simulink. The program, which calculates the kinematics derived in the previous chapters,
is written with C-language because it will be used later in the context of the virtual
prototype. This subroutine contains also the control algorithm for the semi-active
controller based on the roll axis model. The equations for this controller will be derived
in the chapter 4.3. The topmost layer of the Simulink model is presented in figure 27.

Fig. 27. Simulink model architecture for the roll axis model.

The difference between the topmost layers of the lumped mass and roll axis models is the
“kinematics + roll axis controller” block. In this block, the positions of the tire contact
points in respect to roll axis, as well as the effective inertias, are calculated. These
positions are used in the calculation of heave, pitch and roll accelerations in the RAcoordinate system in the “body” block. These accelerations are transferred into the CGcoordinate system as described in equations 73-75.
The outputs of the controller based on the roll axis model are also calculated in the
user-written subroutine inside this block. This arrangement makes the same controller
available both for the Simulink model as well as for the virtual prototype. The subroutine
itself contains also the controller derived with the lumped mass model i.e. the same
control algorithm which is implemented with Simulink blocks in the “controller” block.
This makes it possible to compare the performance of the controllers in the virtual
environment. The “kinematics + roll axis controller” block contains also the models of
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the semi-active actuators similar to actuators described in the context of the lumped mass
Simulink model.

3.6 Undamped natural frequencies of the models
Both the Simulink models derived in chapters 3.1 and 3.5 are validated in respect to their
undamped natural frequencies of heave, roll and pitch. The undamped natural frequencies
of both of the models are compared to the undamped natural frequencies of the respective
vibration modes of the virtual prototype of the vehicle.
The following undamped natural frequencies are obtained with ADAMS/View linear
modes-tool and Matlab/Simulink’s LTI-viewer.
Table 2. Undamped natural frequencies of the virtual prototype and lumped mass model.
Vibration mode
Body heave
Body roll
Body pitch
Wheel hop associated with heave
Wheel hop associated with roll
Wheel hop associated with pitch

Undamped natural frequency [Hz]
ADAMS/View

LTI-viewer

0.94

1.13

1.33

1.91

0.87

1.16

8.98

12.0

8.95

12.1

8.95

12.0

As can be seen from the table, the natural frequencies vary depending on the environment
in which they are calculated. There are plenty of reasons for the deviations. The most
influential are the kinematics of the virtual prototype, the non-vertical forces induced by
the tires and the coupling of heave and pitch caused by suspension longitudinal
kinematics.
Table 3. Undamped natural frequencies of the virtual prototype and roll axis model.
Vibration mode
Body heave
Body roll
Body pitch
Wheel hop associated with heave
Wheel hop associated with roll
Wheel hop associated with pitch

Undamped natural frequency [Hz]
ADAMS/View

LTI-viewer

0.94

1.13

1.33

1.20

0.87

0.97

8.98

12.0

8.95

12.1

8.95

12.0

If the results are compared between the lumped mass and the roll axis model, and the
virtual prototype is considered as the reference, improvement can be perceived. Both of
the models are equally inaccurate if the wheel hop frequencies are of interest. The roll
axis model is notably more accurate if the rotation DOF’s of the vehicle body are of
interest. This can be considered as a merit of the calculation of the effective inertias.
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Because ADAMS/Linear and Matlab/LTI-viewer calculate undamped frequencies on a
linear range i.e. with very small deviations, the kinematic effects of the roll axis model
have only a very marginal effect on the body undamped natural frequencies. If the
effective inertias along the X- and Y-axes of the RA-coordinate system in vehicle
equilibrium are inserted into the lumped mass model, it will give the same undamped
natural frequencies as the roll axis model. In the following controller derivation and
simulations, these values of inertia will be used for the lumped mass model.

4 Controller derivation
There is a wide range of optimal and robust controllers derived for a quarter car model.
There are also studies that concentrate on the full vehicle suspension problem, but they
are much rarer. The approach they use is usually based on LQR. If a full vehicle is
considered, the amount of design constraints rises, and the amount of states in the statespace presentation rises so high that the results cannot be obtained analytically, but with
numerical methods. In certain conditions, depending on the type of model used and the
geometrical properties of the vehicle to be controlled, the vibration modes can appear
independently without being coupled to each other. In this case, the full vehicle vibration
problem can be divided into smaller problems each of which presents a certain vibration
mode. In a real vehicle the vibration modes always appear mixed to some extent.

4.1 Skyhook controller for the lumped mass model
In order to minimize the driver and passenger exposure to vibration, the acceleration of
the vehicle body DOF’s should be minimized. One of the most widely used control
schemes for this purpose is the skyhook theory. The properties of the model are chosen so
that vibration modes appear independently in the Simulink environment. If the vibration
modes are uncoupled, the full vehicle problem can be divided into the following set of
problems (Hrovat 1991, Krtolica & Hrovat 1992):

− Calculation of front and rear axle forces so that heaving and pitching are minimized.
Skyhook damping of heave can be idealized with a fictitious damper Fd,h fixed into the
CG of the vehicle. Skyhook damping of pitching is idealized with a rotational damper
Fd,h that damps the motion around the CG in the pitch direction.
− Also rolling can be damped with an imaginary rotational damper which damps the
motion around the CG in the roll direction
− Distributing the calculated front and rear forces into left and right side tire in a manner
that the resulting roll torque is zero.

72
Problems with the roll axis model arise with this relatively simple method. The
assumptions in this theory are that pitch/heave and roll DOF are decoupled. Decoupling
of heave and roll requires that the vehicle should roll around the centre line of the vehicle
i.e. tlf = trf = trl = trr = t. This assumption can be used because the stiffness of suspension is
usually equal on the left and right sides of the vehicle since the vehicle’s XZ-plane is
usually the plane of symmetry. Heaving and pitching can also be decoupled if certain
conditions are fulfilled. The easiest way to obtain decoupled pitch and heave motions is
to assume that the CG lies halfway between the front and rear axles i.e. afl = afr = brl = brr
=a and stiffness of the suspension is equal in front and rear axles. If the condition for
heave and roll decoupling is valid, also roll and pitch appear independently. In this case,
the roll axis runs parallel to the X-axis of the vehicle coordinate system.
In this thesis, these conditions are fulfilled in the case of the lumped mass model, as
well as with the roll-axis model and the virtual prototype, because the CG lies halfway
between the front and rear axles, and the stiffness of the suspension springs are equal
from front to rear and from left to right. The assumption of independence is valid for the
lumped mass model regardless of the state of the system. For the roll axis model, the
assumption of independence is valid only if all the wheel travels are equal. The net forces
induced from the tires remain in fixed positions. Therefore dividing it in to smaller
problems, as described above, can approximate the full vehicle vibration problem. If a
real vehicle is considered, even if the vehicle is symmetrical in the manner described
above, each of the vibration modes will have an effect on the others. This is because of
the suspension longitudinal kinematics and the inertial effects. The effects of suspension
longitudinal kinematics together with traction or braking can alter the situation
considerably.

4.1.1 Damping of heave
The damping of heave is identical to the damping of the 1 DOF-system skyhook damping
described in chapter 2.4.4.
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Fig. 28. Damping of heave with a skyhook damper.

The suspended mass i.e. the body of the vehicle is fixed to an inertial frame (“the sky”)
with the fictitious damper Fd. The damping force created by the skyhook damper is
calculated with the suspended mass’s absolute velocity dzcg/dt, the damping ratio of the
skyhook damper ξh,sky, spring stiffness k, and the mass mtot as follows:
Fd ,h = 4ζ h ,sky m tot k * z& CG

(76)

If the vehicle body is constrained in a manner that only heaving is possible, the following
equation is obtained:
Fd ,h ,fl + Fd ,h ,fr + Fd ,h ,rl + Fd ,h ,rr = 4ζ h ,sky m tot k * z& CG

(77)

Thus the net force of all four dampers should be equal to Fd,h. The undamped natural
frequency of heave is obtained from:

ω N ,H = 2 k m tot

(78)

and the critical damping for heave is obtained from:
C H ,CR = 4 km tot

(79)
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4.1.2 Damping of pitch
The basic idea of pitch damping is presented in figure 29. The vehicle rotates and vibrates
around the CG in the vehicle XZ-plane. The damping of pitch is implemented with the
fictitious rotational damper Fd,p.

Fig. 29. Skyhook damping of pitch with a skyhook damper.

The damping force created by the rotational skyhook damper is calculated with the
suspended mass absolute pitch velocity dθCG/dt, the mass moment of inertia IYY, the
spring stiffness k and the damping ratio ξp,sky as follows:
Fd , p
rF, d , p

=

4ζ p,sky
a

I YY k θ& CG

(80)

where rF,d,p stands for the radius of the rotational skyhook damper. If the vehicle body is
constrained in a manner that only pitch is possible and we take the radius of the actuators
into account i.e. rF,d,p equals a, the following equation is obtained:
− Fd ,p,fl − Fd ,p,fr + Fd ,p,rl + Fd ,p,rr = 4ζ p,sky I YY k θ& CG

(81)

The undamped natural frequency of pitch is obtained from:
ω N ,P = 2a k I YY

And the critical damping for pitch is obtained from:

(82)

75
C P,CR = 4 kI YY a

(83)

4.1.3 Damping of roll
The basic idea of damping the roll DOF is similar to the damping of pitch. The principle
of roll damping is illustrated in figure 30.

Fig. 30. Skyhook damping of roll.

The damping force created by the rotational skyhook damper is calculated with the
suspended mass absolute roll velocity dφCG/dt, the mass moment of inertia IXX, the spring
stiffness k and the damping ratio ξr,sky as follows:
Fd ,r
rF,d ,r

=

4ζ r ,sky
t

I XX k ϕ& CG

(84)

where rF,d,r stands for the radius of the rotational skyhook damper. If the vehicle body is
constrained in a manner that only roll is possible and we take the radius of the actuators
into account i.e. rF,d,p equals t, following equation is obtained:
Fd ,r ,fl − Fd ,r ,fr + Fd ,r ,rl − Fd ,r ,rr = 4ζ r ,sky I XX k ϕ& CG

The undamped natural frequency of roll is obtained from:

(85)
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ω N ,R = 2 t k I XX

(86)

and the critical damping for roll is obtained from:
C R ,CR = 4 kI XX t

87)

4.2 Controller synthesis for the lumped mass model
In a real vehicle, damping of different vibration modes is implemented with the same
actuators i.e. the dampers. From equations 77, 81 and 85, three conditions with four
variables are obtained. The idea of damping is to distribute the damping of heave and
pitch to the left and right side in a manner that the resulting torsional stress i.e. the warp
DOF is zero. (Hrovat 1991, Krtolica & Hrovat 1992) Warp describes a vehicle’s torsional
stress, which should be minimized. The torsional stress of the vehicle body is:
Tr = Fd ,fl t −Fd ,fr t −Fd ,rl t + Fd ,rr t

(88)

If the torsional stress is set to zero, the following group of equations is obtained:
Fd ,fl + Fd ,fr + Fd ,rl + Fd ,rr = 4ζ h ,sky m tot k * z& CG

− Fd ,fl − Fd ,fr + Fd ,rl + Fd ,rr = 4ζ p,sky I YY k θ& CG

Fd ,fl − Fd ,fr + Fd ,rl − Fd ,rr = 4ζ r ,sky I XX k ϕ& CG

Fd ,fl − Fd ,fr − Fd ,rl + Fd ,rr = 0

(89)

After some manipulation, the desired damping coefficients for each individual damper
are obtained:

(
(
(
(

C d ,fl = ζ h ,sky

C d ,fr = ζ h ,sky


C d ,rl = ζ h ,sky

C d ,rr = ζ h ,sky

m tot k z& cg −ζ p,sky I YY k θ& CG +ζ r ,sky I XX k ϕ& CG
m tot k z& cg −ζ p,sky I YY k θ& CG −ζ r ,sky I XX k ϕ& CG
m tot k z& cg +ζ p,sky I YY k θ& CG +ζ r ,sky I XX k ϕ& CG
m tot k z& cg +ζ p,sky I YY k θ& CG −ζ r ,sky I XX k ϕ& CG

) (z&
) (z&
) (z&
) (z&

)
& fr1 )
fr 2 − z
& rl1 )
rl 2 − z
& rr1 )
rr 2 − z

& fl1
fl 2 − z

(90)

The range in which the damping coefficient of the semi-active actuator can vary is
defined in a manner that the range covers both “ride” and “handling” dampers, defined in
chapter 2.1.5 for all the vibration modes. Thus, the numerical values are obtained as
below:
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C d ,min = min{0.3C H ,CR ,0.3C P ,CR ,0.3C R ,CR }

C d ,max = max{0.7C H ,CR ,0.7C P ,CR ,0.7C R ,CR }

(91)

4.3 The response of the lumped mass model to base excitation
The acceleration response of passive and semi-active systems into sinusoidal excitation is
calculated at twenty different frequencies between 0.2Hz and 14.1Hz. The results are
presented as a magnitude of response in decibels versus the excitation frequency in semilogarithmic plots. The responses are calculated with heave, roll and pitch ground
excitations.
Because the semi-active damper, as well as the real passive damper, is a non-linear
actuator between the suspended and non-suspended masses, the body acceleration
response to base acceleration excitation does not only have the frequency of the
excitation but also its harmonic multifold. When the model is excited with heave, roll or
pitch input, also these harmonic multifold are calculated into the response of the semiactive suspension system. The system was excited with one frequency at a time, and a
DFT-transform was performed on the response signal. The DFT-transform of the response
signal returns imaginary values because the damping is present. The three first harmonic
multifold were taken into account in the calculation of the RMS-value of the response
acceleration. The absolute value of the acceleration of the main frequency and its
harmonic multifold are obtained with the abs-function of Matlab. The RMS-value of
acceleration is calculated with following in Matlab:
rms _ out (i )=

abs(spc(i,1)) 2 + abs(spc(i,2)) 2 + abs(spc(i,3)) 2 + abs(spc(i,4)) 2
2

(92)

in which i denotes the i:th frequency and spc(i,j) denotes the j:th harmonic multifold of
i:th excitation frequency of the response. The RMS-value of input is calculated as
follows:
rms _ in (i )=

abs(spc _ in (i ))
2

(93)

The magnitude of response to the i:th excitation frequency is calculated as follows:
A(i) =10log10

rms _ out (i)
rms _ in (i)

(94)
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The frequency response curves are calculated with three different passive damper
configurations and with a semi-active damping system. Loose damping, the “ride”
damper is described as a linear damper with a damping ratio of 0.3. The stiff linear
damper, the “handling” damper is described as a damping ratio of 0.7. The third passive
damper is a real damper, which is bilinear and non-linear. The damping force versus the
damper speed curve of the real damper is presented earlier in figure 11.
In the figures below, the response of loose damping is denoted with circles, stiff
damping is denoted with diamonds, the passive real damper is denoted with stars and the
response of the semi-active system is denoted with plus signs. It must be pointed out that
the loose and stiff damping setting on the figures below present a damping ratio of 0.3
and 0.7 for each individual vibration mode i.e. they present the “ride” and “handling”
damping setting for the respective vibration mode only.

Fig. 31. The lumped mass model response to heave input.

Fig. 32. The lumped mass model response to pitch input.
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Fig. 33. The lumped mass model response to roll input.

The degrading of acceleration levels of the body can be observed with all DOF’s. With
a real damper it can be observed that the vehicle is very well damped at body natural
frequencies, but the vibration is magnified on a frequency range where the human body is
the most sensitive to vibration. With this kind of damping setting, the vehicle body is
insensitive to disturbances caused by driving manoeuvres. Because of the non-linear
characteristics of the real damper, the response is not only purely a function of excitation
frequency but also the excitation magnitude. Also stiffening of the suspension due to
persistent excitation has an effect on the frequency response of the real damper. The
figures above do not tell the whole truth about the damping characteristics of the real
damper.

4.4 The skyhook approach for the roll axis model
The basis of the controller derived in this chapter lies in the skyhook approach which
similar to the approach in the case of the lumped mass model. The difference between
this controller and skyhook controller based on the lumped mass is that while the latter
damps the vibrations in the CG-coordinate system, the former damps them in the RAfixed coordinate system.
With the lumped mass model, it is assumed that the vehicle body DOF’s are
constrained by the direction and position of the CG-fixed coordinate system i.e. pitch
equals the rotating around the Y-axis, roll equals the rotating around the X-axis and heave
equals the translation along the Z-axis. These constraints of motion remain constant
independently of the state of the system.
In the roll axis model, the vehicle body motion is constrained by the roll axis. Thus it
is a natural approach to damp the body motions in the roll axis-fixed coordinate system.
Because the position and direction of the RA-coordinate system is defined by the state of
the system, the calculation of the desired damping coefficients is affected not only by the
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body roll, pitch and heave velocities in the RA-coordinate system, but also the wheel
travels which affect the location and orientation of the RA.
The difficulty with the roll axis model is that the model cannot be divided into smaller
problems in general, as in the case of the lumped mass model. There are a few conditions
in which this is possible. One of these conditions is when the vehicle is on equilibrium on
flat ground i.e. all the wheel travels are equal and the vehicle is symmetric. In this
condition, the problem can be returned into similar problems to that in the case of the
lumped mass model i.e. heave, pitch and roll can each be treated as an independent
vibration mode, and damped as such. If there is pure roll in the vehicle body, the full
vehicle problem can be returned to heave/roll and pitch problems. This is because the roll
axis travels along the Y-axis of the vehicle and in the case rolling causes also heave at the
centreline of the vehicle. If the system is in a state that the RA runs through the CG in the
XY-plane, but the direction of axes are different coordinate systems, the full vehicle
problem can be returned to the heave and roll/pitch problem. This is because pure roll
happens along the RA and it causes also rotation along the Y-axis of the vehicle, because
the RA does not run along the X-axis of the vehicle.
If the situation in figure 26, in which all wheel travels are unequal, is considered, it
can be observed that all the DOF appear mixed with each other. If the system is excited
with heave input, for example, also roll along the X-axis of the RA-fixed coordinate
system occurs simultaneously. The roll occurs because the roll axis does not run through
the CG of the vehicle, and thus the mass of the vehicle has a moment arm in respect to
the roll axis. If pitching is considered in the same situation, the length of the moment arm
is zero and thus pitch is not kinematically coupled with heave in the same manner as
rolling. This is because the Y-axis of the RA-coordinate system, either positive or
negative, runs through the CG in the vehicle XY-plane. Still the pitch is coupled to heave,
because the vehicle looses its symmetry considered from the RA-coordinate system point
of view.

4.4.1 Damping of heave
If the heave is considered first, the following is obtained in a similar manner to the
lumped mass model:
Fd ,h = 4ζ h ,sky m tot k * z& RA

(95)

If the vehicle body is constrained in a manner that only heaving is possible, the following
equation is obtained:
Fd , h ,fl + Fd , h ,fr + Fd , h , rl + Fd ,h , rr =Fd , h

(96)

Thus the net force of all four dampers should be equal to Fd,h. The undamped natural
frequency of heave is obtained from:
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ω N ,H = 2 k m tot

(97)

and the critical damping for heave is obtained from:
C H ,CR = 4 km tot

(98)

4.4.2 Damping of pitch
The basic idea of pitch damping follows the fundamental idea presented in the case of the
lumped mass model. The vehicle rotates and vibrates around the RA in the vehicle XZplane. The damping of pitch is implemented with a fictitious rotational damper, which
creates a damping moment Md,p. The natural frequency of roll is approximated as:

ω N ,P = 2a k I YY

(99)

Thus the critical damping for pitch becomes:
C P,CR = 4 kI YY a

(100)

The desired damping moment Md,p created by the rotational skyhook damper is calculated
with the suspended mass absolute pitch velocity in the RA-fixed coordinate system
dθRA/dt, the mass moment of inertia along the Y-axis of the RA-coordinate system IRA,YY,
the spring stiffness k, the damping ratio ξp,sky and the moment arms as follows:
M d ,p = 4aζ p,sky kI RA ,YY θ& RA

(101)

Thus the desired damping forces are obtained:
Fd ,p,fl x RA ,fl + Fd ,p,fr x RA ,fr + Fd ,p,rl x RA ,rl + Fd ,p,rr x RA ,rr = M d ,p

(102)
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4.4.3 Damping of roll
The basic idea of roll damping follows the same idea presented in the case of the lumped
mass model. The vehicle rotates and vibrates around the RA in the vehicle XZ-plane. The
damping of roll is implemented with a fictitious rotational damper, which creates the
damping moment Md,r. The natural frequency of roll is approximated as:
ω N ,R = 2 t k I XX

(103)

Thus the critical damping for roll becomes:
C R ,CR = 4 kI XX t

(104)

The desired damping moment Md,r created by the rotational skyhook damper is calculated
with the suspended mass absolute roll velocity in the RA-fixed coordinate the system
dφRA/dt, mass moment of inertia IRA,XX, the spring stiffness k, the damping ratio ξr,sky and
the moment arms as follows:
M d ,r = 4 tζ r ,sky kI RA ,XX ϕ& RA

(105)

and the desired damping forces become:
Fd ,r ,fl y RA ,fl + Fd ,r ,fr y RA,fr + Fd ,r ,rl y RA ,rl + Fd ,r ,rr y RA,rr = M d ,r

(106)

4.5 Controller synthesis for the roll axis model
In a real vehicle, damping of different vibration modes is implemented with the same
actuators i.e. the dampers. From equations 96, 102 and 106, three conditions with four
variables are obtained. The damping is distributed on to the left and right side in a manner
that the resulting torsional stress is zero, as in the case of the lumped mass model.
The skyhook controller, which is based on the roll axis model, damps the vehicle body
movements in the RA-fixed coordinate system. Therefore heave, pitch and roll velocities
need to be defined in the origin of the RA-coordinate system. In the virtual prototype and
Simulink model, these velocities are measured in the CG. Because the location and the
orientation of the RA-coordinate system in relation to the CG is known, and the Z-axes of
these coincide, the velocities in the RA can be obtained by solving respective variables
from equations 73,74 and 75:
z& RA = z& CG − x CG , RA θ& CG + yCG , RA ϕ& CG

(107)
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θ& RA =θ& CG x CG , RA , X + ϕ& CG x CG , RA , Y

(108)

ϕ& RA =ϕ& CG x CG , RA , X −θ& CG x CG , RA , Y

(109)

The torsional stress along RA caused by dampers is:
Td = Fd ,fl y RA ,fl + Fd ,fr y RA ,fr − Fd ,rl y RA ,rl − Fd ,rr y RA ,rr

(110)

If it is assumed that vibration of different modes appear independently and torsional
stress is set to zero as with the controller derived with the lumped mass model, the
following group of equations is obtained:
Ffl + Ffr + Frl + Frr = 2ζ h ,sky 4m tot k z& RA

Ffl x RA ,fl + Ffr x RA ,fr + Frl x RA ,rl + Frr x RA ,rr = 4aζ p,sky kI RA ,YY θ& RA

Ffl y RA ,fl + Ffr y RA ,fr + Frl y RA ,rl + Frr y RA ,rr = 4 tζ r ,sky kI RA ,XX ϕ& RA

Ffl y RA ,fl + Ffr y RA ,fr − Frl y RA ,rl − Frr y RA ,rr = 0

(111)

The range in which damping can vary is defined as in the case of the lumped mass model
in equation 91. The equations above solved in respect of the desired damping forces can
be found in appendix C.

4.6 The response of the roll axis model to base excitation
A frequency response analysis is performed on the roll axis model and the controller
derived with it as in the case of the lumped mass model in chapter 4.2.1. Because of the
nature of the roll axis model, also heave DOF is excited when the model is excited with
pure roll. In order to estimate the performance of the semi-active controller derived
above, also damping of heave is investigated in the case of roll excitation.
The response of passive and semi-active systems into sinusoidal excitation is
calculated at 20 different frequencies between 0.2Hz and 14.1Hz similarly to the case of
the lumped mass model. The results are presented as a magnitude of response in decibels
versus the excitation frequency in semi-logarithmic plots. The responses are calculated
with pure heave, roll and pitch excitations. Also damping of heave in the case of roll
excitation is investigated. The method of calculating the RMS-values of vibration is
presented in chapter 4.3.
In the figures below, the response of loose damping is denoted with circles, the stiff
damping is denoted with diamonds, the passive real damper is denoted with stars and the
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response of the semi-active system is denoted with plus signs. The response of the semiactive controller derived with the lumped mass model is denoted with triangles.
The response of the controller derived with the lumped mass model is not calculated in
the case of pure heave excitation. Because roll and pitch speeds are zero, the distances
between TC’s and CG, and TC’s and RA remain the same. Therefore the two different
semi-active controllers give identical responses to pure heave excitation. It must be
pointed out that loose and stiff damping setting on the figures below present a damping
ratio of 0.3 and 0.7 for each individual vibration mode i.e. they present a “ride” and
“handling” damping setting for the respective vibration mode only.
In order to make the different semi-active controllers more comparable to each other,
the inertias along the Y- and X-axes i.e. IXX and IYY in equation 90 are calculated along
real roll and pitch axes i.e. along the Y- and X-axes of the RA-coordinate system when
the vehicle is at equilibrium on flat ground. Also the “ride” and “handling” damper values
for roll and pitch modes are calculated with the inertia values obtained with this method.

Fig. 34. The roll axis model response to heave input.

Fig. 35. The roll axis model response to pitch input.
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Fig. 36. The roll axis model response to roll input.

From figures 35 and 36 it can also be observed that the semi-active damping system,
which takes the effects of kinematics into account, damps the excitation better above 1
Hz, while the difference of performance between the semi-active systems is virtually zero
below this.

Fig. 37. The heave response due to pure roll excitation of the roll axis model.

In figure 37 damping of heave due to roll excitation is presented. The magnitude presents
the RMS-value of acceleration of heave divided by the RMS-value of acceleration
excitation of roll. From the figure it can be seen that the semi-active controller derived
with the roll axis model damps heaving due to roll excitation better than a passive or
reference semi-active damping system derived with the lumped mass model. The
response of the real damper in the figure below does not do justice into the real damper. If
the response of the real damper is considered, it seems that it is inferior to all other
damping systems through the whole frequency range. The reason for this is that in the
simulations, the model is excited with roll excitation for several cycles to place the
system into a continuous state i.e. the response remains constant between cycles before
the response of the system is stored. Because the real damper is stiffer in jounce than in
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bump, the suspension will become very stiff during the cycles before the response is
stored. A similar effect can also be perceived in the case of a real vehicle. During the premeasurement excitation, suspension equipped with real dampers goes into a state where it
acts as though it is very stiff.

5 Simulations in a virtual environment
The performance of the two different semi-active damping systems and the passive real
damping system are tested in a virtual environment. The virtual environment is
implemented with ADAMS and a custom solver, which consists of the calculation of
kinematics and the calculation of the desired damping coefficients. The performance of
the different suspension systems is compared within in following terms:

− The capability to suppress the vehicle body vibration both in translational and
rotational DOF’s. These are evaluated with weighted and non-weighted RMS-values
of the acceleration. The weighted RMS-values are calculated both in the CG of the
vehicle and on the supposed position of the driver’s seat
− The demand for rattlespace i.e. the possible bottoming of suspension and wheel lift-off
− Road holding capability.
Usually a driver model is needed in this type of virtual prototype simulation to ensure
that the models equipped with different suspension systems follow the same path on the
test tracks. The same path of the models on the track is highly desirable to ensure that the
prototype is excited in exactly the same manner, regardless of the suspension system.
Because the dynamic tire load varies according not only to the excitation but also
according to the mounted suspension system, the camber thrust (an obsolete term) varies
with different suspension systems. If a real vehicle or a virtual prototype equipped with
an accurate tire model is considered, the lateral forces caused by camber and dynamic tire
load variation would change the heading of the vehicle. This change of heading was also
observed in simulations.
In this thesis, the Fiala tire model, which comes as a standard feature of the ADAMS,
is used. One of the limitations of this tire model is that the lateral force and tire aligning
moment resulting from the camber angle are not modeled. Because of this limitation, the
result is that the model would follow exactly the same path in the track in virtual
environment if all the wheels held their contact to the ground through the track. In
simulations this was found to be not exactly true. Because of the kinematic effects due to
the suspension system, the heading of the tires deviates from its path creating lateral
forces. Because the chassis movements during excitation vary between different damping
systems, the kinematic effects vary and that causes variation of lateral tire forces between
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different damping systems. As a consequence, the virtual prototype begins to drift from
its original heading and path. The damping system has also some effect on the
propagating velocity of the virtual prototype. During simulations both these effects were
found to be marginal.
With the track lengths and the driving speeds used in this thesis, the assumption of
similar excitation between virtual prototypes equipped with different damping systems
was assumed. Problems were observed mainly on the roughest tracks and at highest
driving speeds. The justification of the assumed similar excitation was checked on every
test track and damping system used in the virtual environment.

5.1 Structure of the virtual environment
Both of the semi-active control systems, derived in the previous chapter, and the passive
damping based on real dampers are tested in the virtual environment implemented with
ADAMS and the custom solver. The custom solver contains the subroutines needed by
the tire model of the virtual prototype, the calculation of the kinematics derived earlier in
this thesis and the calculation of the desired damping coefficients. The tire subroutines
are written with Fortran and they are provided by the software. Because the same
ADAMS run-time functions (namely REQSUB and VARSUB) are needed both by the
atire.f and variables.c functions, the controller subroutine must be called through the tire
subroutine in Fortran code in order to avoid the problem of defining the same run-time
functions twice in the custom solver. The structure of the virtual environment can be
clearly seen from the figure below.

Fig. 38. Structure of the virtual environment.
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If ADAMS runs into a function defined as “user” while performing the simulation, it
will jump into the custom solver. First ADAMS performs the functions in atire.f. This
program contains function calls and actions needed to calculate the tire forces. The
original atire.f was modified so that it will call c_vars if it runs into an ID number that it
does not recognize i.e. the ID number given as a parameter in the function call does not
point to a function needed for tire force calculation.
The function c_vars is found in variables.c. The task of c_vars is to read the variables
needed for calculation of the kinematics and the desired damping coefficients. Function
c_vars also discretizes input signals with a given time interval. The discretization is
implemented with a REQSUB run-time function. Due to the nature of the numerical
solving method in ADAMS, the solver might step back in time if the numerical
integration diverges. Because of the possible back stepping, some special arrangements
would be needed if the set time interval differs from the length of the simulation step,
which is defined in ADAMS. However the set time interval is set to 10ms, which means
that the step length is 10ms in ADAMS also. With this step length, the frequency of data
acquisition is 100Hz. According to the frequency distribution of the excitation, it can be
considered large enough to evaluate the performance of the suspension systems.
If the c_vars identifies an ID number associated with the calculation of the desired
damping forces, it calls the c_control function, which can be found in control.c. Both of
the controllers derived in chapter 4 can be found in the function. The function c_control
calculates the kinematics of the vehicle with the parameters provided to it by c_vars and
suspension geometry data. The parameters of the function call represent the state of the
vehicle on the valid control cycle. The function c_control returns the calculated desired
damping forces into c_vars. The desired damping coefficients are calculated from these
by dividing them by the corresponding damper speed. The calculation of the desired
damping coefficients takes also the effect of motion ratio, which is assumed to stay
constant through the suspension travel, into account. The desired damping coefficient
values are returned into the virtual environment as an input to the second-order filterblock provided by ADAMS/Controls. This block imitates the dynamics of the actuator.

5.2 Specifying the semi-active damper range
Albeit that the damper range specification is not a key issue in this thesis, it must
nevertheless be considered. As a basis, the damper range used in the Simulinksimulations was used. During simulations with the virtual prototype it was observed that
the damper speeds during the simulations remain within reasonable limits; say a
maximum speed being about 1m/s. This speed is quite high if a passenger vehicle is
considered. Still in field tests of heavy off-road vehicle damper speeds above 10 m/s have
been measured. The damping coefficient of the semi-active damper should be lower at
higher speeds for the same reason, as in the case of passive damper. This has also been
noticed by damper manufacturers and can be observed, for example, in the damping
curves in (Sachs 2003b). Also bilinearity i.e. stiffer damping in jounce is considered
preferable if good overall performance is of interest. Some passive dampers, which are
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designed to maximize handling without compromises have equal dynamic stiffness both
in bump and jounce. Still, in the mathematical model of the damper used here, the range
of the actuator is defined as a variation of the damping coefficient, regardless of the
damper speed. Thus the range of the actuator is linear. This type of range specification is
not optimal but is adequate for the scope of the research.
The ratio of the maximum and minimum damping coefficient of the semi-active
damper was chosen to have a value of three. This can be considered to be a reasonable
range limit if compared to commercially available semi-active dampers (Sachs 2003b,
Vessonen 2003). The range of the damper was chosen using an iterative method. The
range was chosen on the basis of the third-octave band spectrum of the stored heave
acceleration from the ISO-rough track at the speed of 5km/h. The third-octave band
spectrums of three different damping settings can be found in figure 39.

Fig. 39. Third-octave spectrum of heave acceleration of three different semi-active damper
ranges.

In figure 39, the solid line represents the stiffest damping setting where the damping
coefficient varies between 16kNs/m and 48kNs/m, while the dashed line represents the
loosest damping setting, where the damping coefficient varies between 10kNs/m and
30kNs/m. The dotted line corresponds to the damper range used in the simulations in the
virtual environment. Its damping coefficient varies between 13kNs/m and 39kNs/m.
A few observations were made when the range of damping was specified. With this
range specification (the maximum damping coefficient is three times the lowest
coefficient) the damper is much softer than the real damper, even at its stiffest, when
jounce is considered. In the case of bump, the damping curve of a real damper lies in the
area of the semi-active damping range. If the lower limit of the semi-active damping
coefficient was made lower, the frequency range between 2Hz and 8Hz was damped
slightly better, as can be perceived from figure 39. This, however, deteriorated low
frequency (below 1.5Hz) damping, worsened vehicle wallowing and caused the demand
for rattlespace to grow.
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The chosen range represents one possible compromise between the demands of high
and low frequency damping and the demand for rattlespace. If the ISO 2631, which
emphasizes vibration between 2Hz and 8Hz, is used as a reference for damping, the
damper range would be somewhat lower.

Fig. 40. Range of a semi-active damper compared to the damping curve of a real damper.

In figure 40, the range of a semi-active damper and the damping curve of a damper
model, which corresponds to a real passive damper, are described. If the range of the
semi-active damper is described as a damping ratio for the heave vibration mode, the
lower limit of the damper range presents a damping ratio ζ of 0.21 and the higher limit
presents a damping ratio ζ of 0.63.

5.3 Test tracks
In order to evaluate the performance of suspension systems, the virtual prototype
equipped with semi-active and passive suspension was driven on different terrains. The
test tracks in this thesis consist of a few standardized random excitation tracks, a few
washboard tracks generated from sinusoidal series and long-wave pitching tracks which
are designed to excite the natural frequencies of the vehicle and the wheels. Simulations
were also performed on flat tracks with single bumps, placed both symmetrically and
asymmetrically.
In ADAMS, the road models are specified in road data files. If the visualization on the
screen is of interest, also the shell file of the corresponding road data file is needed. With
the present version of ADAMS, there is a possibility to generate a shell file from the road
data file. Still it would be very time consuming and cumbersome to create a terrain
surface. The main problem is the creation of sample points and the meshing of points in
order to create road data files (Määttänen 2002, ADAMS 2002).
The possible ways, if commercially available software tools come into the question, of
creating terrain sample points are by doing it in ADAMS. The modeling properties of
ADAMS cannot be considered the best available, a better way would be to use some
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specialized CAD software and import the points of the track surface in IGES-format into
ADAMS. This does not, however, solve the main problem of creating the mesh. In addition, this
method is relatively time consuming, especially in the case of complicated surface topology. In
this thesis, the washboard tracks, which consist of sinusoidal waves, are generated with
dedicated computer software called “Road”. This software has been developed at the HUT
during the TUKEVA-programme (Määttänen 2002).

5.3.1 Standardized test tracks
In the simulations, two standardized test tracks for agricultural vehicles were used. One is a socalled ISO smooth track and the other is an ISO rough track. A general overview of these tracks
can be found in figures 41 and 42. To get an idea of the relative roughness of the track, it can be
compared to the wheelbase of the virtual prototype, which is three meters. Recommended speeds
for these standardized tracks are 12 km/h for the smoother track and 5 km/h for the rougher track
(ISO 5008, 1979). In the simulations, the virtual prototype was driven at 10 and 15km/h on the
smoother track and at 5 and 10km/h on rougher track.

Fig. 41. General overview of the ISO smooth track and the virtual prototype on it.

Fig. 42. General overview of the ISO rough track and the virtual prototype on it.
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5.3.2 Sinusoidal series test tracks
Simulations were also performed on sinusoidal series tracks, which were generated with
the Road program. On these test tracks, the road profile was generated by adding together
sinusoidal waves of different wavelengths. A common name used for tracks of this type is
a washboard track. One of these tracks is a symmetrical track, which means that the
excitation is identical from the left to right side. A general overview of the symmetric
washboard track is given in figure 43. The other washboard track is asymmetrical i.e.
excitations between the left and right sides have a π phase shift. A general overview of
the asymmetric washboard track is seen in figure 44.

Fig. 43. General overview of the symmetric washboard track and the virtual prototype on it.

Fig. 44. General overview of the asymmetric washboard track and the virtual prototype on it.

When the lowest frequency f0 in sinusoidal series is decided upon, the following
frequencies can be obtained from it simply with equation below:
k

f k =2 n f 0

(112)

in which n is the number of desired frequencies per octave and k represents the running
number of the k:th frequency. The desired wavelengths for these frequencies are obtained
simply by dividing the driving speed by the frequency. In this thesis, the road profile is a
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sum of 16 sinusoidal waves which excite the vehicle with frequencies of between 0.25
and 8Hz at a 1/3 octave interval when the vehicle moves on the track at a speed of
10km/h.

5.3.3 Natural frequency excitation tracks
Also the undamped natural frequencies of the vehicle are excited with the suitable
selection of the driving speed and wavelength of the track irregularity. In these
simulations, the purpose is to study the different suspension systems’ capabilities to
suppress the vehicle body and wheel vibrations on natural frequencies of body heave,
pitch and roll and wheel hop. The undamped natural frequencies of the virtual prototype
can be found in table 2 in chapter 3.6. If heave is considered first and it is desired that
there are n full waves between the wheels, the wavelength for heave excitation is
obtained:
λ n , h , v =l wb n

(113)

in which n is a positive integer. For the wavelength λn,h,v, a corresponding driving speed
vn,h,v is obtained in order to excite body heave from the virtual prototype’s natural
frequency fn,h,v with following:
v n , h , v =λ n , h , v f n , h , v

(114)

If pitching is considered next, and there are n+0.5 waves between the wheels, the
wavelength for pitch excitation is obtained:
λ n , p, v =l wb (n + 0.5)

(115)

in which n is a positive integer. For the wavelength λn,p,v, a corresponding driving speed
vn,p,v is obtained from the virtual prototype’s natural frequency fn,r,v in a similar manner to
the case of heave in equation 114. The wavelength for roll excitation λn,r,v is obtained as
in the case of heave. The difference between roll and heave excitations tracks is that the
heave excitation track is a symmetric long wave pitching track, while the roll excitation
track is an asymmetric long wave pitching track with a phase shift of π between the left
and right side of the track. The wheel hop natural frequencies of different vehicle body
DOF’s are very close to each other, so it is adequate to excite them with one frequency.
The wavelength for wheel hop excitation is obtained from the following:

λ n , w , v =l wb n

(116)

For the wavelength λn,w,v,, the corresponding driving speed vn,w,v is obtained from the
virtual prototype’s natural frequency fn,w,v following:
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v n ,w , v = λ n ,w ,v f n ,w ,v

(117)

The wavelengths and corresponding driving speeds for excitations of the natural
frequencies are collected into table 4.
Table 4. Wavelengths and the corresponding driving speeds to excite virtual prototypes
natural frequencies.
Vibration mode
Body heave
Body pitch
Body roll
Wheel hop

fn,v[Hz]

n

Wavelength λn,v[m]

Driving speed vn,v[m/s]

0.94

1

3

2.82

0.87

1

2

1.74

1.33

1

3

3.99

8.95

6

0.5

4.48

5.3.4 Tracks with single obstacles
The tracks described in the previous chapters excite the model persistently. With single
obstacle tracks the suspension system’s ability to cope with impact excitation is
investigated. In these simulations, two different obstacle tracks are used. One is
asymmetric and the other is symmetric. Both the symmetric and the asymmetric bump
tracks were driven on at a speed of 8km/h. A general overview of these tracks can be
found in figures 45 and 46.

Fig. 45. The symmetric bump track.
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Fig. 46. The asymmetric bump track.

5.4 Evaluation of the simulation data
The performance of the different suspension systems is compared in terms of vibration
damping, demand for rattlespace and road holding capability. The latter two are not
directly controlled by the semi-active damping system, but the performance of the
controller as well as the damper range also effect these two variables strongly. The
acceleration data is stored in the CG of the vehicle and in the assumed position of the
driver’s back when the weighted RMS-values of acceleration are evaluated. The driver’s
seat is assumed to be fixed rigidly on to the vehicle chassis. So there are no additional
dynamics between the measuring point of acceleration and the vehicle chassis.
The damping of vibration of the vehicle body is evaluated both with weighted and
non-weighted ways. The weighted RMS-value is calculated according to the latest
version of the standard ISO 2631-1. According to this standard, only translational
accelerations are evaluated (ISO 2631-1, 1997). As a result, the values of the weighted
RMS-values along the X-, Y- and Z-axes are presented. The non-weighted acceleration
data is evaluated both with RMS-values and third-octave spectra. In the analysis of nonweighted acceleration data, vehicle body heave, pitch and roll accelerations are evaluated.
These are the DOF that the semi-active controller damps.
The evaluation of the acceleration data obtained from the simulations and their
numerical values are presented in this chapter. The reviewing of these is carried out in the
next chapter. The non-weighted RMS-values of acceleration, the demand for rattlespace
and RMS-values of the dynamic tire load are obtained with the ADAMS/Postprocessor,
which was found to be a very efficient tool for analyzing the acceleration data obtained
from the virtual prototype simulations. The weighted RMS-values of acceleration are
calculated with software designed especially for this purpose (Marjanen 2002).
In the following tables, the acronym S-A CG stands for the semi-active suspension
controller derived in chapter 4.2. S-A RA stands for the semi-active suspension controller
derived in chapter 4.4.
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5.4.1 RMS-values of vehicle body acceleration
The non-weighted RMS-values of vehicle body acceleration are obtained from the
acceleration data from the virtual prototype. In the case of the standardized test tracks and
the asymmetric washboard track, the vibration is evaluated with all the vehicle body
DOF’s. This is because on these test tracks, all vehicle DOF’s are excited by track
irregularities. In the case of natural frequency tracks, the damping of the corresponding
frequency mode is evaluated. Due to the longitudinal dynamics of the vehicle, also pitch
is evaluated in the case heave excitation and vice versa. Because of the transverse
dynamics of a vehicle, the same applies also to the mix of roll and heave vibration modes
i.e. the roll excitation track excites also the heave DOF. This provocation is not reversible
i.e. the pure heave excitation does not provoke roll DOF. The provocation of pitch DOF
due to roll excitation and vice verse was found to be marginal and they were not
evaluated. The same applies for provoking of roll DOF due to wheel hop natural
frequency excitation. The non-weighted RMS-values of heave acceleration from different
test tracks and damping systems are collected in table 5. The corresponding values for
pitch DOF are collected in table 6 and for roll DOF in table 7.
Table 5. RMS acceleration value of heave DOF from different test tracks. The acronym SA CG stands for the earlier used version of semi-active control, while S-A RA stands for
the proposed version.

Track
ISO Smooth 10km/h
ISO Smooth 15km/h
ISO Rough 5km/h
ISO Rough 10km/h
Asymmetric washboard 10km/h
Symmetric washboard 10km/h
Heave natural frequency
Pitch natural frequency
Roll natural frequency
Wheel hop natural frequency
Symmetric bump track
Asymmetric bump track

Passive [m/s2]

S-A CG [m/s2]

S-A RA [m/s2]

0.3561

0.2065

0.2162

0.6582

0.3174

0.3290

0.5962

0.4323

0.4598

2.0775

0.8728

0.8752

0.4489

0.0815

0.0813

0.7259

0.2995

0.2975

0.3047

0.3236

0.3248

0.1709

0.0879

0.0780

0.1233

0.0545

0.0569

2.6542

1.7708

1.6649

1.8175

0.7412

0.7283

1.1308

0.5328

0.5858

Table 6. RMS acceleration value of pitch DOF from different test tracks. The acronym SA CG stands for the earlier used version of semi-active control, while S-A RA stands for
the proposed version.
Track
ISO Smooth 10km/h
ISO Smooth 15km/h
ISO Rough 5km/h
ISO Rough 10km/h
Asymmetric washboard 10km/h

Passive [rad/s2]

S-A CG [rad/s2]

S-A RA [rad/s2]

0.2269

0.1369

0.1330

0.4174

0.2246

0.2146

0.4298

0.3671

0.3528

1.3614

0.6214

0.6112

0.2481

0.0594

0.0590
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Symmetric washboard 10km/h
Heave natural frequency
Pitch natural frequency
Wheel hop natural frequency
Symmetric bump track
Asymmetric bump track

0.6601

0.2407

0.2406

0.0355

0.0504

0.0473

0.4220

0.4768

0.4770

1.1227

0.4653

0.4586

0.8315

0.5968

0.5570

0.2269

0.1369

0.1330

Table 7. RMS acceleration value of roll DOF from different test tracks. The acronym S-A
CG stands for the earlier used version of semi-active control, while S-A RA stands for the
proposed version.
Track
ISO Smooth 10km/h
ISO Smooth 15km/h
ISO Rough 5km/h
ISO Rough 10km/h
Asymmetric washboard 10km/h
Roll natural frequency
Asymmetric bump track

Passive [rad/s2]

S-A CG [rad/s2]

S-A RA [rad/s2]

0.4601

0.2493

0.2429

0.9008

0.4383

0.4276

0.5666

0.3709

0.3640

2.1512

1.0981

1.0531

1.4269

0.5328

0.5444

0.8219

0.8236

0.8237

1.2204

0.8161

0.7762

5.4.2 Weighted RMS-values of vehicle body acceleration
According to the research, not only the amplitude of the acceleration, but also its
frequency distribution has an impact on how harmful or irritating the human body finds
the vibration. In the latest version of the standard ISO 2631-1, there are weighting curves,
which define how the different frequencies should be weighted. Each translational DOF
has its own weighting curve as well as weighting coefficient (ISO 2631-1, 1997).
The calculation of weighted RMS-values is pointless in the case of obstacle tracks due
to the non-persistent nature of excitation. The same applies for the tracks, which excite
natural frequencies of the vehicle body and the tires. This is because in the real world, a
vehicle is not likely to be driven on such terrains. The weighted RMS-value of
acceleration from different test tracks and damping systems is collected in tables 8 and 9.
In table 8, there are RMS-values that are calculated in the CG of the vehicle, and in table
9, there are values that are calculated at a point, where a driver is supposed to be located.
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Table 8. Weighted RMS-value of acceleration according to the ISO 2631-1 from different
test tracks stored at the centre of the gravity.
Track
ISO Smooth 10km/h
ISO Smooth 15km/h
ISO Rough 5km/h
ISO Rough 10km/h
Asymm. washboard
Symm. washboard

Passive [m/s2]
X
Y
Z

S-A CG [m/s2]
X
Y
Z

S-A CG [m/s2]
X
Y
Z

0.141

0.102

0.256

0.138

0.087

0.133

0.137

0.085

0.135

0.134

0.119

0.525

0.121

0.088

0.230

0.121

0.086

0.231

0.719

0.376

0.361

0.700

0.339

0.225

0.701

0.331

0.237

0.844

0.437

1.391

0.684

0.327

0.533

0.685

0.317

0.522

0.073

0.249

0.399

0.059

0.192

0.075

0.059

0.191

0.075

0.201

-

0.574

0.187

-

0.227

0.186

-

0.220

Table 9. Weighted RMS-value of acceleration according to the ISO 2631-1 from different
test tracks stored in the drivers seat.
Track
ISO Smooth 10km/h
ISO Smooth 15km/h
ISO Rough 5km/h
ISO Rough 10km/h
Asymm. washboard
Symm. washboard

Passive [m/s2]
X
Y
Z

S-A CG [m/s2]
X
Y
Z

S-A CG [m/s2]
X
Y
Z

0.143

0.099

0.495

0.140

0.102

0.240

0.140

0.101

0.234

0.129

0.111

1.059

0.124

0.104

0.440

0.124

0.102

0.434

0.740

0.415

0.694

0.727

0.496

0.443

0.728

0.495

0.440

0.799

0.469

2.724

0.739

0.486

1.025

0.736

0.474

1.016

0.105

0.270

1.120

0.100

0.256

0.290

0.100

0.254

0.298

0.195

-

1.343

0.192

-

0.451

0.191

-

0.438

5.4.3 RMS-values of tire contact force
During the simulations in the virtual environment, also wheel contact force was stored.
The vertical force variation has effect on vehicle manoeuvrability through affecting the
tires’ capability to induce lateral forces. Variation of tire vertical force also has an effect
on the vehicle’s ability to propagate, because it has an effect on the tires’ capability to
induce longitudinal forces. RMS-values of each individual tire vertical force are obtained
from the ADAMS/Postprocessor and they are listed in Appendix D. The value in the table
10 represents the worst of all four wheels i.e. the largest value of all four wheels. If there
is a superscript “l” after the numerical value, it denotes that a wheel lift-off occurred
during the simulation.
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Table 10. RMS-values of tire vertical force on different test tracks. The letter “l” denotes
that a wheel lift-off occurred during the simulation.
Track
ISO Smooth 10km/h
ISO Smooth 15km/h
ISO Rough 5km/h
ISO Rough 10km/h
Asymmetric washboard 10km/h
Symmetric washboard 10km/h
Heave natural frequency
Pitch natural frequency
Roll natural frequency
Wheel hop natural frequency
Symmetric bump track
Asymmetric bump track

Passive [kN]

S-A CG [kN]

S-A RA [kN]

2.1789

1.3787

1.3859

3.9238

2.1412

2.2000

4.2030

2.9420

2.9325

11.546l

5.5237

5.3154

6.3540

2.2331

2.2612

3.8868

1.6079

1.5894

0.9111

0.9497

0.9480

2.2269

2.3823

2.3926

1.8865

1.8711

1.8810

8.3130

11.5907

12.4625

7.7352l

3.2903

3.2390

8.9357

5.4553

5.4055

5.4.4 Demand for rattlespace
The demand for rattlespace is calculated as a fraction of the used rattlespace divided by
the maximum free stroke. The results are denoted in percentages. The demand for
rattlespace of each individual tire is obtained from the ADAMS/Postprocessor and they
are listed in Appendix D. The value in the table expresses the demand for rattlespace of
the damper, which uses the largest fraction of available rattlespace when all four dampers
are considered. If there is superscript “l” after the numerical value, it denotes that a wheel
lift-off occurred during the simulation.
Table 11. Demand for rattlespace for different damping systems calculated on different
test tracks.
Track
ISO Smooth 10km/h
ISO Smooth 15km/h
ISO Rough 5km/h
ISO Rough 10km/h
Asymmetric washboard 10km/h
Symmetric washboard 10km/h
Heave natural frequency
Pitch natural frequency
Roll natural frequency
Wheel hop natural frequency
Symmetric bump track
Asymmetric bump track

Passive [%]

S-A CG [%]

S-A RA [%]

11.7

13.9

13.8

12.3

16.0

15.8

18.9

34.6

33.2

24.9l

41.9

43.0

9.5

13.1

12.8

7.1

9.1

8.8

3.8

5.1

5.0

7.6

13.0

12.7

4.5

8.2

8.1

1.6

7.9

9.0

15.2l

29.4

29.5

36.1

65.9

63.2

6 Review of the results
The weighting of interpretation in this chapter lies in the results obtained from the ISO
tracks. This is because they can be considered to describe best the functionality of the
suspension system in a real rough terrain. Also the results from the single bump tracks
provide very useful information, since passing a log or a bole is very likely to occur in
off-road driving.
The evaluation of the performance of a suspension system is not a straightforward
task. There are a plenty of practical limitations, which have a great impact on the
weighting of the results. One very practical limitation is the demand for rattlespace. If an
off-road vehicle is of interest, as is the case in this research, it represents a very important
design constraint. If the suspension limits are reached, it usually causes extreme
acceleration values. This is more likely to happen in bump than in jounce. This problem
can be partly avoided with end bushings in the damper element itself. Despite end
bushings, which are commonly used, bottoming is highly undesirable.
On the other hand, the disadvantages that vibration causes in this type of vehicle differ
from agricultural vehicles and other working machines for example. In heavy civilian
vehicles, including forest and agricultural tractors, the hazards to health, especially to the
back of the driver are a key issue. In military vehicles the ability to propagate as fast as
possible over rough terrain can be considered to be the key issue. Usually dynamic tire
force variation is used as a measure of the vehicle’s ability to propagate as well as the
measure of vehicle handling properties, because it has a direct effect on the wheel’s
ability to induce longitudinal and transverse forces from the chassis to the ground.
Also extreme vibration induced upon the driver deteriorates the ability to progress
quickly over rough terrain. Even though the vehicle itself could maintain its ability to
make progress i.e. the wheels manage to hold their contact with the terrain, the vibration
levels can rise so high that driver is not capable of keeping up the pace.
Usually off-road driving excites mainly low frequency vibration. This is due to soft
terrain, large masses and relatively slow driving speeds. This low frequency (below the
natural frequencies of the vehicle body) can cause nausea and therefore limit maximum
propagation velocity.
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6.1 Non-weighted RMS values of body vibration
A simple way to evaluate the function of two different semi-active damping concepts and
a passive one is to compare the RMS values of the vehicle body acceleration. Calculation
of the RMS value of the acceleration gives only one value and possible improvement of
damping can be easily perceived with it. On the other hand, it cannot be considered to be
very informative because not only does the level of vibration have an effect on the
drawbacks caused by the vibration, but also its frequency distribution. The control
schemes derived in chapter 4 try to minimize the mean velocity in heave, pitch and roll
DOF, so it is a natural approach to compare the RMS values of these DOF. The RMS
values of acceleration of heave, pitch and roll can be found in tables 5, 6 and 7
respectively.

6.1.1 Heave
If heave is considered first, it can observed that both of the semi-active damping systems
suppress the heave vibration better than passive damping, except in the case of heave on
the natural excitation track. If the frequency responses in figures 31 and 34 are
considered, this can be considered as a predictable result even though the limits of the
actuator damping ratio are not exactly the same as in the mentioned figures. This is due to
the fact, that the semi-active is looser on its stiffest than the real damper. The natural
frequency of heave is better damped with stiff damping, as can be seen from figure 6. If
the RMS values of heave acceleration from the ISO tracks in figure 47 are considered
first, the following observations can be made:

Fig. 47. RMS values of heave acceleration on ISO-tracks.

− The CG version of semi-active damping appears to be slightly better in all cases than
the RA version. The difference between semi-active systems is 6.0% at its largest. This
is achieved in the case of the ISO rough track at a speed of 5km/h.
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− The difference between the RA and the CG semi-active systems diminishes as the
speed (and excitation levels and frequencies) rises. When a lower speed is considered,
the CG system shows a 6.0% smaller RMS value with lower speed, but only 0.3%
smaller value in the case of a higher driving speed, if the ISO rough track is
considered.
− The higher the speed (and excitation levels and frequencies), the better the semi-active
systems damp the vibration compared with the passive system. In the case of a lower
driving speed, vibration is attenuated 42% on the ISO smooth track and 27% on the
ISO rough track. With higher driving speeds, the respective values are 52% and 58%.

Fig. 48. RMS values of heave acceleration on washboard tracks.

If the results from the washboard tracks in figure 48 are considered, the RA version of the
semi-active system shows slightly better damping of heave when compared with the CG
version of the semi-active system. However, the difference between the damping systems
is less than one percent in both cases. The difference between semi-active and passive
suspension is clearly observable with this type of excitation. In the case of the
asymmetric washboard track the RMS value of heave acceleration is attenuated 82% and
in the case of the symmetric washboard track the vibration is attenuated 59% with semiactive suspensions compared to the passive system.

Fig. 49. RMS values of heave acceleration on natural frequency tracks.

If the results from the natural frequency exciting tracks in figure 49 are considered, it can
be observed that on the track which excites heave natural frequency, the passive
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suspension damps the vibration 5.8% better than semi-active systems. The CG semiactive system is only 0.4% better than the RA system. If the track, which excites the pitch
DOF is considered, the RA semi-active suspension’s RMS value is 46% smaller than the
respective value of the passive damping system. The CG semi-active system shows an
11% higher RMS value for heave acceleration then the RA semi-active system. When the
roll natural frequency exciting track is considered, semi-active suspension suppresses the
vibration 56% better according to the RMS value of heave acceleration. The CG semiactive suspension system shows 4.2% lower vibration levels than the RA system. It must
be pointed out that the heave vibration level due to the roll and pitch natural frequency
excitation tracks is very low. If the wheel hop natural frequency is considered, the RA
semi-active suspension system shows better performance than the CG system. If the
former is compared to the passive system, it shows a 37% reduced vibration level. If the
semi-active systems are compared, the RA system shows a 6.0% lower vibration level
than the CG-system according to the RMS value of heave acceleration.

Fig. 50. RMS values of heave acceleration on single bump tracks.

If the results from the single bump tracks in figure 50 are considered, the following can
be observed from the heave acceleration point of view:

− In the case of the symmetric bump track, the RA system damps the vibration 1.4%
better than the CG semi-active system and 60% better than the passive system.
− If the asymmetric obstacles are considered, the CG semi-active system damps the
vibration 9% better than the RA system and 53% better than the passive system.

6.1.2 Pitch
When considering pitching, it can observed that both the semi-active damping systems
suppress the heave vibration better than passive damping, except in the case of pitch and
heave natural frequency excitation tracks. If the frequency responses in figures 32 and 35
are considered, this can be seen as a predictable result in the case of pitch excitation even
though the limits of the actuator damping ratio are not exactly the same as in the figures
mentioned. If the results from the ISO tracks in figure 51 are considered first, the
following observations can be made:
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− The RA version of semi-active damping appears to be better than the CG-version in all
cases. The difference between the semi-active systems is 4.5% at its largest. This is
achieved in the case of the ISO smooth track at a speed of 15km/h.
− In the case of heaving, the difference between the RA and the CG semi-active systems
diminished as the speed (and excitation levels and frequencies) rose. This does not
appear to be true for pitching. In the case of the ISO rough track the difference
diminishes in a similar manner to the heave excitation, but in the case of the ISO
smooth track the effect is the opposite.
− The higher the speed (and excitation levels and frequencies), the better the semi-active
systems damp the vibration compared with the passive system. In the case of lower
driving speed, vibration is attenuated 41% on the ISO smooth track and 18% on the
ISO rough track. With higher driving speeds, the respective values are 49% and 55%.

Fig. 51. RMS values of pitch acceleration on ISO tracks.

Fig. 52. RMS values of pitch acceleration on washboard tracks.

When considering the washboard tracks, the RA semi-active system appears to be slightly
better than the CG system. It can, however, be considered marginal if the difference
between these two is compared to the difference between either of the semi-active
systems and the passive system,. In the case of the asymmetric washboard, vibration is
attenuated 76% better with semi-active systems compared to the passive system. The
respective value for the symmetric washboard track is 64%.
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Fig. 53. RMS values of pitch acceleration on natural frequency tracks.

If the results from the tracks which excite the natural modes of the body and wheels in
figure 53 are considered, it can be observed that the RA semi-active system suppresses
the vibration slightly better than the CG system, except in the case of pitch excitation. In
this case the difference is within negligible limits. As mentioned earlier in this chapter,
the passive damping system suppresses pitching caused by pitch and heave natural
frequency excitations better than either of the semi-active systems.
If heave mode excitation is considered, the passive system suppresses the vibration
30% better than the CG semi-active system and 25% better than the RA semi-active
system. In the case of heave excitation, also pitching is excited in the virtual environment
due not only to the ground irregularities, but also due to tractive forces, suspension
longitudinal dynamics and the effects of power transmission. These were not modeled in
the Simulink models, which were used to derive the controllers. However the pitch
acceleration caused by heave excitation is within negligible limits if compared to the
heave acceleration it causes. In the case of the pitch excitation track, the passive system
damps vibration 11% better than either of semi-active systems. The difference between
semi-active systems is only marginal. If the wheel hop excitation is considered, the
pitching is induced from it for the same reasons as in the case of heave excitation. The
RA semi-active suspension system damps the vibration 6.6% better than the CG system
and 59% better than the passive suspension on this track.
Considering the results from the single bump tracks in figure 54, it can be perceived
from the pitch acceleration point of view that the RA semi-active system damps pitching
better than the CG system in both cases.

− In the case of the symmetric bump track, the RA semi-active system damps the
vibration 6.7% better than the CG semi-active system and 33% better than the passive
system.
− If the asymmetric bump track is considered, the RA semi-active system damps the
vibration 9% better than the CG system and 53% better than the passive system.
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Fig. 54. RMS values of pitch acceleration on single bump tracks.

6.1.3 Roll
When rolling is considered, it can observed that both the semi-active damping systems
suppress the roll vibration better than passive damping, except in the case of natural roll
excitation. However, the difference between the worst of the semi-active systems and the
passive is negligible on this track. If the frequency response curves in figures 33 and 36
are considered, it might appear to be a slightly surprising result when compared to the
respective situation with the heave and pitch natural excitation tracks. In the case of
heave and pitch, the passive damper showed better damping of natural frequency
according to the frequency response curves, which were achieved with Simulink models.
Simulations with the virtual prototype revealed similar effects. However, in the case of
pure roll excitation, passive and semi-active suspension systems showed virtually equal
performance. The deviation between the results achieved with the Simulink model and
the virtual prototype can be traced back to a combination of two possible reasons: jacking
and wheel transverse dynamics. Neither jacking nor wheel transverse dynamics are
modelled in the Simulink environment. It can also be observed that the RA semi-active
suspension suppresses the vibration better than the CG semi-active system, except in the
case of the asymmetric washboard track. If the results from the ISO tracks in figure 55
are considered first, the following observations can be made:

− The RA version of semi-active damping appears to be better than the CG version in all
cases. The difference between the semi-active systems is 4.1% at its largest. This is
achieved in the case of the ISO rough track at a speed of 10km/h.
− In the case of heaving, the difference between the RA and the CG semi-active systems
diminished as the speed (and excitation levels and frequencies) increased. This
appears not to be true for rolling. In the case of the ISO smooth track, the difference
remains virtually the same. In the case of the ISO rough track, the difference grows
larger when the speed increases.
− The higher the speed (and excitation levels and frequencies), the better the semi-active
systems damp the vibration than the passive system. In the case of a lower driving
speed, vibration is attenuated 47% in the case of the ISO smooth track and 36% in the
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case of the ISO rough track. With higher driving speeds, the respective values are 53%
and 51%.

Fig. 55. RMS values of roll acceleration on ISO tracks.

If the results from the asymmetric washboard track in figure 56 are considered, the CG
semi-active system appears to be slightly better than the RA system. If the CG semiactive system is compared to the passive system, it damps vibration 63% better, and 2.1%
better than the RA system. In the case of the roll natural frequency excitation track, all the
damping systems work equally well if the RMS value of the acceleration signal is used as
reference. If this result is compared to the results in figure 36, it can be observed that
semi-active systems work better in the virtual environment than could be supposed on the
basis of the simulations with the roll axis model.

Fig. 56. RMS values of roll acceleration on asymmetric bump, roll natural frequency and
asymmetric washboard tracks.

Calculating the roll acceleration in the case of the symmetric washboard track, the natural
heave and pitch tracks and the symmetric bump track is pointless because they do not
excite the roll DOF of the body. Still there is some roll vibration due to inertial effects
and power transmission. In the case of the asymmetric bump track, the RA semi-active
system appears to damp vibration better than the CG system. If the RA system is
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compared to the passive one, it suppresses the vibration 36% better and 5% better than
the CG system.

6.1.4 Third-octave spectra of acceleration
Third-octave spectra were calculated from the non-weighted acceleration signal with
Matlab. Vibration was evaluated along X-, Y- and Z-axes in the CG of the vehicle body.
Although the RMS values in the previous chapters were calculated from heave, pitch and
roll acceleration data, it is more meaningful to calculate the third-octave spectra from
translational data. There are two reasons for this: Firstly, according to vibration standards,
only translational accelerations are measured and evaluated. Secondly, by evaluating the
vibration in translational directions, the damping of heave, pitch and roll become
commensurable and the vibration levels of different DOF’s become mutually comparable.
Calculation of the spectra is meaningful only in the case of persistent excitation. Thus
the spectra are calculated from the data obtained from the washboard and the ISO tracks.
If the shape of the spectra is compared for the washboard and the ISO tracks, it can be
observed that in the washboard tracks the highest levels of vibration RMS value occur on
evidently higher frequencies than on the ISO tracks. This can be observed if, for example,
the third-octave spectra of acceleration along the X-axis in the asymmetric washboard
track and the ISO rough track at a driving speed of 5km/h are compared. These spectra
can be found in figures 57 and 58. This is because on the washboard tracks, the amplitude
of the summed sine waves remains constant despite the rise of excitation frequency. Thus
the acceleration level of excitation rises with excitation frequency. Because of the spectral
distribution of excitation in the washboard tracks, it makes the semi-active suspension
systems look better than they really are. This can be observed also from the previous
chapters; the greatest improvement in damping is achieved on the washboard tracks.

Fig. 57. Acceleration along the X-axis on asymmetric washboard track at a 5km/h driving
speed.
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Fig. 58. Acceleration along the X-axis on the ISO rough track at a 5km/h driving speed.

Fig. 59. Acceleration along the Z-axis in the symmetric washboard track at a 10km/h driving
speed.

Fig. 60. Acceleration along the Z-axis in the asymmetric washboard track at a 10km/h driving
speed.
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If the spectra of the vibration along the Z-axis from the washboard tracks in figures 59
and 60 are reviewed, it can be observed that the semi-active system damps heave DOF
very well, especially in the case of the asymmetric washboard track. The damping in the
X direction, which is strongly interrelated with the damping of pitch, is noticeably worse,
as can be seen when the spectra in figures 59 and 60 are compared to the spectra in
figures 57 and 61. However, the weighted RMS values of acceleration along the X-axis
are somewhat smaller if compared to the respective values in the Z direction.

Fig. 61. Acceleration along the X-axis on the symmetric washboard track at a 10km/h driving
speed.

In the case of the asymmetric washboard track, also the Y direction is excited. From the
spectrum in figure 62 it can be observed that the semi-active systems manage to reduce
vibration most in the frequency bands where the passive system shows the highest levels
of acceleration.
If the ISO track at a driving speed of 5km/h is considered, it can be observed that there
is a very slight improvement in damping in the X direction, as can be seen from the
spectra in figure 58. However, in the frequency band where the vibration level is the
highest (i.e. just above 1Hz, near the pitch natural frequency), the semi-active systems
manage to suppress the vibration approximately 7% better.

Fig. 62. Acceleration along Y-axis in the asymmetric washboard track and 10km/h driving
speed.
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The damping in the Y direction is quite similar to the damping in the X direction,
except that it also suppresses vibration better between 2Hz and 8Hz, as can be observed
from the spectra in figure 63. The damping in the Z direction is evidently improved with
the semi-active system, as can be seen from the spectra in figure 64. This applies to the
whole frequency range used. Damping is improved by over 50% at its best between two
and three Hertz.

Fig. 63. Acceleration along the Y-axis on the ISO rough track at a 5km/h driving speed.

Fig. 64. Acceleration along the Z-axis on the ISO rough track at a 5km/h driving speed.

If the track is kept the same and the speed of the virtual prototype is raised, both vibration
levels and the frequency at which they occur will also rise. This applies especially in the
Z direction. This can be perceived if the spectra from the ISO rough track at the speed of
5km/h (figures 58, 63 and 64) and 10km/h (figures 65, 66 and 67) are compared.
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Fig. 65. Acceleration along the X-axis on the ISO rough track at a 10km/h driving speed.

Fig. 66. Acceleration along the Y-axis on the ISO rough track at a 10km/h driving speed.

Fig. 67. Acceleration along the Z-axis on the ISO rough track at a 10km/h driving speed.

The damping result is also improved when the speed is raised, this can be observed in all
directions in which the vibration is evaluated. The same phenomenon was observed in the
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case of the non-weighted RMS values of vibration too. The greatest magnitudes of
acceleration are observed in a Z direction. It is also the direction, which benefits the most
from the semi-active damping. Damping is improved about 70% at best between two and
three Hertz.
When considering the third-octave spectra of the vibration on the ISO smooth track at
the speed of 10km/h, the improvement of damping can be observed in all directions as
can be seen from figures 68, 69 and 70. Damping is improved by about 50% in the best
frequency bands in Y and Z directions. In the X direction, the difference between the
semi-active and passive damping systems is marginal through the frequency range used
here. The same applies also when the driving speed is raised to 15km/h.

Fig. 68. Acceleration along the X-axis on the ISO smooth track at a 10km/h driving speed.

Fig. 69. Acceleration along the Y-axis on the ISO smooth track at a 10km/h driving speed.

If the driving speed is raised to 15km/h on the ISO smooth track, the damping of the Y
and Z directions is still clearly improved with the semi-active system, while in the X
direction the difference between the passive and semi-active systems is considerably
smaller. The vibration is reduced by over 50% inn best frequency bands in the case of Y
and Z directions, as can be observed from the spectra in figures 71, 72 and 73.
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Fig. 70. Acceleration along the Z-axis on the ISO smooth track at a 10km/h driving speed.

Fig. 71. Acceleration along the X-axis on the ISO smooth track at a 15km/h driving speed.

Fig. 72. Acceleration along the Y-axis on the ISO smooth track at a 15km/h driving speed.
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Fig. 73. Acceleration along the Z-axis on the ISO smooth track at a 15km/h driving speed.

If the third-octave spectra of the ISO tracks are considered on the whole, it seems that
semi-active damping works best on a frequency range between 2Hz and 6Hz. If the
results achieved with the lumped mass Simulink model in figures 31-33 and the results
achieved with the roll-axis model in figure 34-36 are considered, this can be considered
as a predictable result, despite the fact that there is a myriad of unmodelled dynamics
between the Simulink models and the virtual prototype.

6.2 Weighted RMS values of acceleration
One possible way of evaluating the performance of the two different semi-active damping
concepts and the passive one is to compare the weighted RMS values of the vehicle body
acceleration. This type of analysis is used if reduction of the disadvantages of long-term
exposure to vibration is the dominant design constraint. In this thesis, ISO 2631 is used
and the largest value of the acceleration RMS values in tables 8 and 9 in different
translational directions is used as the reference value. The ISO 2631 standard uses only
translational accelerations to evaluate the vibration. The chassis of the virtual prototype
vehicle has also rotational accelerations in addition to translational accelerations. Thus,
not only do the directions of the axles, according which translational accelerations are
calculated, have an effect on the RMS values, but also the location of the coordinate
system in which the accelerations are stored. Because of this, the vibration is evaluated in
two coordinate systems of the vehicle, namely in the CG and at the point where the
driver’s back is supposed to be located. As with the evaluation of damping based on
third-octave spectra, the calculation of the weighted RMS values of acceleration is
meaningful only with persistent excitation. In this chapter, the weighted RMS values
calculated from the acceleration data obtained from the standardized ISO tracks are used.
The frequency distribution of acceleration induced by the ISO tracks describes best the
situation in real off-road driving on the tracks used in this thesis.
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Fig. 74. Weighted RMS values of acceleration stored in the CG of the chassis.

In the following evaluation, the largest of the values of translational acceleration is used
as the reference value. The weighted RMS values of translational acceleration along the
axes of the CG fixed coordinate system from the simulation on the ISO tracks are
presented in figure 74. If the results in figure 74 are considered, it can be observed at first
sight that both of the semi-active systems suppress the vibration better than the passive
system.
The improvement in damping is 58% at its maximum on the ISO smooth track at a
15km/h driving speed. With this criterion, a similar phenomenon to that of the nonweighted RMS values and third-octave spectra of acceleration can be perceived: the
higher the speed, the better the performance of the semi-active suspension systems is
compared to the passive one. In the case of the ISO rough track at a 5km/h driving speed
the reduction of vibration is only 2.6%. In this case, the dominant vibration direction is
the X-axis. This reveals poor damping of pitch DOF. This same phenomenon was
observed in the context of third-octave spectra in the previous section. In all other cases,
vibration along the Z-axis is dominant. This phenomenon can be explained in two ways.
Firstly, the ISO rough track excites pitch DOF with low frequency excitation if the speed
is 5km/h and it thus provokes pitch with frequencies close to its natural frequency. This
can be seen from the frequency distribution of vibration along the X-axis if the ISO rough
track at a driving speed of 5km/h and 10km/h are compared. The corresponding third
octave spectra can be found in figures 58 and 65 in the previous section. Secondly the
critical damping for pitch is the highest and the natural frequency is the lowest. Thus
damping of pitch suffers the most from relatively loose damping with low damper
velocities. This can also be perceived by comparing the performance of passive and semiactive suspension systems on tracks, which excite natural frequencies of the body. In the
case of the pitch-exciting track, the performance of the semi-active systems is at its worst.
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When the performance of the semi-active systems are compared in the CG with the
weighted RMS values, it can be observed that in the CG, the semi-active system
outperforms the RA system in the case of the ISO smooth track where the difference in
the damping result is 4.7% at maximum. With the ISO rough track, the difference is in the
order of one per mil and is thus negligible.

Fig. 75. Weighted RMS values of acceleration stored on the drivers seat.

The weighted RMS values of translational acceleration along the axes of the driver’s seatfixed coordinate system from the simulation on the ISO-tracks are presented in figure 75.
When the values of the weighted RMS values of acceleration are calculated in the
driver’s seat, it is revealed that the RA system outperforms the CG system on all tracks
and at all driving speeds. This change of damping results can be traced back to the
observation made earlier that the RA system damps rotational motions better than the CG
system. The effect of heaving remains constant no matter how far the measurement point
is from instant axis of rotation, either pitch or roll. On the other hand, the farther the
measurement point is from the instant axis of rotation, the more effect rotational
acceleration will have on translational accelerations. This is due to the lengthening of the
moment arm. If the ISO tracks are considered, the difference between semi-active
systems is 1.5% at its maximum in favour of the RA system.

6.3 Variation of the dynamic tire contact force
Although the variation of the dynamic tire contact force (DTL) is a very important
variable from a vehicle handling point of view, the effects of semi-active suspension on it
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are seldom investigated in the context of semi-active body damping. The variation of the
DTL is also affected by the properties of the tire. The controller used in this thesis does
not take the properties of the tire into account in any form. The variation of the DTL was
investigated and evaluated, however. The RMS values of the contact forces of each
individual tire are collected in tables in appendix D. The values in figure 76, which are
used as the reference values, represent the largest value of all four wheels. The numerical
value can be compared to the static tire load, which is circa 27kN.

Fig. 76. Variation of dynamic tire load on different test tracks.

At first glance from the results in figure 76 one can observe that the variation of dynamic
tire load is reduced, but not in the case of the natural frequency excitation tracks. If the
variation of DTL is evaluated first on these tracks, an interesting phenomenon can be
perceived. In the case of roll, the difference between the DTL of the virtual prototype
equipped with semi-active and passive systems is below one percent. In the case of heave
excitation, the difference is 4.1% and in the case of pitch 6.9% in favor of the passive
system. The degrading of results seems to follow the same pattern as in the case of RMS
values of non-weighted acceleration. On the other hand, this can be considered to be a
logical result. If the vehicle body oscillates on pitch natural frequency for example, the
potential energy stored in the springs during bump and jounce affects not only the body,
but also the ground through tire. This effect varies according to frequency of the
excitation, because the tire itself has some additional dynamics. On low frequencies like
the natural frequencies of the body, additional dynamics provided by the tire are
marginal. The additional dynamics originate from dynamic and static stiffness as well as
from the mass of the tire. At the wheel natural frequency of around 9Hz, the tire itself is
in resonance.
If the ISO tracks are considered, reduction of the variation of DTL can be observed. If
the RMS values of individual tires in appendix D are mutually compared, it can be
observed that the variance between the tires is less than the variance between different
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suspension systems. The improvement of RMS values of DTL variation varies from
between 30% and 52%. The difference is at its maximum in the case of the ISO rough
track at a speed of 10km/h. On this track and at this speed, a wheel lift-off occurred with
the passive system. This can be considered as highly undesirable from the vehicle
handling point of view. A similar phenomenon to that in body acceleration RMS values
can be perceived: the higher the driving speed, the better the suspension suppresses also
the tire load variations. The difference between the semi-active systems varies between a
few per mil and 3.8%. The largest difference is achieved with the ISO rough track at a
speed of 10km/h in favor of the RA semi-active system. On the ISO smooth track the
difference between the semi-active systems is in favor of the CG system and it is 2.6% at
its maximum.
On the washboard tracks, the difference between the passive and the semi-active
systems is even larger. The difference is 65% on the asymmetric washboard track and
59% in the case of the symmetric washboard track in favor of the semi-active systems.
The improvement of the result compared to the ISO-tracks can be explained by the
frequency distribution difference between the ISO and the washboard tracks, as in the
case of body damping. The difference between semi-active systems is in the order of one
percent. In the case of the asymmetric track, it is in favor of the CG system and in the
case of the symmetric track in favor of the RA system.
The semi-active systems are at their worst in the case of the wheel hop frequency
excitation track. The RMS value of tire load variation is 50% higher in the case of the RA
system and 40% higher in the case the CG system when compared to passive system. If
figure 9 is considered, this can be interpreted as a predictable result due to range of the
damper. Although the RMS value of DTL is in the order of the passive system in the case
of the ISO rough track at a speed of 10km/h, the semi-active system manages to maintain
contact with the ground while the passive system loses it.
According to the simulations, the semi-active systems manage to reduce the DTL
variation also with sudden bumps, although it is considered that the sky-hook theory
works best with persistent sinusoidal excitation and random excitation and worst in the
case of sudden impacts. Reduction of the acceleration RMS value of the vibration was
also perceived in the context of body damping. In the case of the symmetric bump track,
a wheel lift-off occurred with the passive suspension system, while the semi-active
systems managed to maintain contact with the ground. If these tracks are considered, the
variation of DTL is smaller in the case of the RA system, though the difference is in order
of one percent.

6.4 Demand for rattlespace
When the results in figure 77 are reviewed, it seems that the major drawback in the semiactive system with this damping range seems to be the demand for rattlespace. With
every track used in the virtual environment, semi-active suspension uses a larger fraction
of available free rattlespace compared to the passive system. If the range of the semiactive damper is compared to the damping curve of the passive damper as in figure 40,
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this can be considered to be a predictable result, when the demand for rattlespace as a
function of the excitation frequency curve in figure 10 is also taken into account.

Fig. 77. The demand for rattlespace on different test tracks.

If the ISO tracks are considered, the semi-active systems use on average 56% more
rattlespace . The RA semi-active system uses on average a slightly smaller fraction of the
maximum available free rattlespace, though the difference is in order of one percent. On
the other hand, a wheel lift-off occurred during the simulation on the ISO rough track at a
speed of 10km/h, although the passive system uses only a quarter of the available
rattlespace.
A wheel lift-off occurred also on the symmetric bump track, although the passive
system used only 15.2% of the available rattlespace. With sudden bumps and wheel hop
frequency, the difference in demand for rattlespace between the passive and semi-active
systems is at its maximum, in the case of the asymmetric bump track, the semi-active
system uses 65.9% of the maximum available free rattlespace, while the passive system
uses 36.1% respectively.
If the natural frequency excitation track is considered, an interesting phenomenon
considering sky-hook control is revealed when the results are compared with the curves
in figure 10. According to the curve in figure 10, one could assume that the relative
demand for rattlespace difference between the semi-active and passive damping systems
is at its maximum in the case of body natural frequencies. However, the maximum
difference between the passive and semi-active system is achieved in the case of the
wheel hop frequency track, where semi-active systems use roughly 5 times more of the
available free rattlespace than the passive system.
This phenomenon can be explained by two factors. Firstly, the sky-hook control
behaves in such a manner that it makes the damper go to its loosest when a wheel is
excited on this particular frequency range. Secondly, the semi-active actuator is evidently
looser at low damper speeds than the passive system even at its stiffest, as can be seen
from figure 40. With relatively small damper speeds occurring on the wheel hop natural
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and body heave natural frequency tracks, relatively high damping at low speeds of the
passive damper causes the vehicle body to be over-critically damped and the wheels are
more or less critically damped and therefore the suspension uses a very small fraction of
available rattlespace. Because the mass of the wheels is approximately one tenth of the
mass of the body, the damping ratio that the dampers provide for wheel motions is
roughly one third of what they provide for the body motions if the static and dynamic
stiffness of the tire is neglected. Because of this, the damping ratio that semi-active
actuators provide for wheel motions is diminished to roughly one third of what they
provide for the body motions. Thus the damping ratio of the actuators varies
approximately between 0.07 and 0.21 for the movement of the tires, which is far too little
to damp the vibration of the tires effectively. Because of the poor damping of the tire, the
amplitude of the tire movement is large at resonance frequency and the semi-active
systems use a noticeably larger fraction of the available rattlespace.
The above-described phenomenon can be at least partly avoided by making the range
of the semi-active actuator degressive too. Another way that can be used in conjunction
with a degressive damping range is to modify the controller itself. At low damper speeds,
it is preferable that body motions are over-critically damped and the motions of the
wheels are critically damped, if the handling properties of a vehicle are also taken into
account. If the excitation provokes mostly frequencies near the wheel hop frequency, the
body accelerations they inflict have low amplitude compared to the amplitudes induced
by excitation frequencies near the body natural frequencies. Therefore the stiffer damping
on this particular frequency range will not deteriorate the damping of body vibrations.
The degressiveness of the semi-active damper curves would also have a positive effect on
the RMS values of dynamic tire load variation on excitation near the wheel hop natural
frequency because the resonance peak of the tire could be made lower with it.

6.5 Results from the ISO tracks
When considering the results from non-weighted RMS values of acceleration, it can be
observed that the RA semi-active system damps the vibration better in rotational
directions, while it suffers a minor penalty in the damping of heave if the accelerations
are stored in the CG. On the other hand, the RA system does not actually try to minimize
the average velocities in the CG but the heave, pitch and roll average velocities in the RA
coordinate system. So this result cannot be considered to be very surprising. If the
accelerations had been stored at the point RA (which would be tricky due to the fact that
the coordinate system RA moves and rotates in vehicle XZ plane persistently), the result
could be somewhat different.
Due the better damping of rotational motions and worse damping of heave, the CG
semi-active system appears to perform slightly better if the measures are performed in the
CG, but the farther away from it the acceleration is measured, the better the RA system
appears. This can be observed when the weighted RMS values calculated from the
acceleration data measured from the driver’s seat is considered. In this case, the RA
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system outperforms the CG system if the results from the ISO tracks are considered,
though the difference can be counted to be in order of one percent.
If the results obtained from the ISO tracks are compared between either of the semiactive systems and the passive system, an average reduction of the variation of DTL of
45% and the non-weighted heave vibration level of 50% can be seen at the cost of a 36%
higher usage of free rattlespace. At the same time, pitching is reduced 45% and rolling
48% on average if non-weighted acceleration is used as a reference. These values can be
considered to be a remarkable improvement in damping. An important property of the
semi-active damping is that the higher the vehicle speed and vibration levels rise i.e. the
situation when the damping matters the most, the better the semi-active system damps the
vibration.
Though the stresses on the driver’s back are not a key issue in this type of vehicle, the
weighted RMS value of vibration can be used as an indicative value of how irritating a
driver finds the vibration. From the vehicle handling point of view, the driver’s exposure
to extreme vibration could be regarded as highly undesirable. High levels of vibration do
not only have physical effects that disturb the driver, but also mental effects i.e. the driver
may find it difficult to focus on his/her main task. If the weighted average RMS values of
acceleration are compared between the semi-active and passive systems in the CG, it can
be observed that vibration is reduced 40.3% with the CG system and 39.3% with the RA
system compared to the passive damping. If the vibration in the driver’s seat is of interest,
the RA system damps the vibration 52.1% and the CG system 51.6% better than in the
passive system. These too can be considered to be remarkable improvements.
If the RMS value of DTL variation is considered in the case of the ISO tracks, the CG
system has a 45% and the RA system a 51% smaller value than the passive damping
system. In addition, semi-active systems manage to maintain contact between the tire and
the ground even on the ISO rough track at the speed of 10km/h, where a wheel lift-off
occurred with the passive damping. Thus semi-active sky-hook damping improves
considerably also the handling properties of the vehicle from a DTL variation point of
view.
A drawback is encountered when the demand for rattlespace of different suspension
systems is considered. If the average of rattlespace usage is considered, semi-active
systems use 36% more rattlespace on average than the passive system. The difference
between semi-active systems is in the order of half a percent in favor of the RA system.
More important is the maximum value of the rattlespace usage. The reason for this is that
usually a single bottoming of suspension makes the driver reduce the speed immediately.
If the maximum values of demand for rattlespace are reviewed, one can observe that the
demand for rattlespace of the passive system is 41% less in the case of the CG system
and 42% less in the case of the RA system. On the other hand, these results can be
interpreted so that the semi-active suspension uses the maximum available rattlespace
more efficiently than the passive system. An observation of wheel lift-off with passive
suspension supports this point of view.
As a conclusion from the simulations on the ISO tracks it can be stated that semiactive damping reduces the non-weighted vibration by up to 50%, the weighted vibration
by up to 52% and the variation of the DTL by up to 51% at the cost of a 69% higher
demand for rattlespace compared to the passive system. The RA system outperforms the
CG system the farther away the acceleration is measured from the instant rotating axles
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of the vehicle body, due to better damping of rotational vibrations. This can be observed
from the lower level of vibration at the drivers seat. The tire load variation is also reduced
by several percent with the RA system if compared to the CG system. The disadvantage
of the RA system compared to the CG system is the slightly higher demand for
rattlespace.

6.6 Results from the bump tracks
When the results from bump tracks are reviewed, it can be observed that the semi-active
systems outperform the passive system in every field except the demand for rattlespace.
If the non-weighted RMS values of acceleration are considered first, a reduction of 65%
in the case of the symmetric bump track and 48% of heave acceleration is observed. The
values of the semi-active system represent the worse of these. With the asymmetric bump
track, the CG system appears to be better than the RA system, but the situation changes in
the case of the symmetric bump track.
When the RMS values of rotational acceleration are considered, the RA system
appears to outperform both the passive and the CG system. If pitching is of interest, the
RA system damps vibration 31% and the CG system 28% better than the passive system
in the case of the symmetric bump track. The respective values are 41% for the RA
system and 40% for the CG system. When roll is considered, the evaluation of roll
acceleration is pointless due to the left-right symmetry of the track. The RMS value of
roll acceleration is reduced by 44% with the RA system and 38% with the CG system
when compared to damping achieved with the passive system.
Variation of DTL is also reduced with a semi-active suspension system similar to that
on the ISO tracks. On both tracks, variation of DTL is smaller with the RA system than
with the CG system. The RA system reduces variation of DTL by 58% in the case of the
symmetric bump track and 40% in the case of the asymmetric bump track. The respective
values for the CG system are 57% and 39%. One must point out that a wheel lift-off
occurred with passive suspension and the symmetric bump track.
Impact stresses demand the largest fraction of available free rattlespace, in both
passive and semi-active suspension. If the demand for rattlespace is considered first on
the symmetric track, it can be observed that it is 48% smaller with the passive system that
either of the semi-active systems. The passive system uses only 15.2 of the available
rattlespace, yet still a wheel-lift occurs. This phenomenon was traced to very stiff
damping of jounce. If the results from the asymmetric bump track are reviewed, it can be
seen that the passive system uses 43% less available rattlespace than the RA system and
45% less rattlespace the CG system. With the asymmetric bump track and the CG semiactive system, the maximum rattlespace usage is reached if all the tracks are considered.
The CG system uses 65.9 percent of the maximum available free rattlespace, yet still the
suspension did not bottom and no wheel lift-off occurred.
On the basis of section 2.4.4, where the sky-hook theory was introduced, one could
assume that the passive system would outperform the semi-active one on the single bump
tracks. According to the simulations, the semi-active systems however outperformed the
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passive one. This can be traced back to figure 40, where damping curve of the passive
damper and the range of the semi-active actuator are described. Even at its stiffest, the
semi-active damper is looser than the passive one.
When the simulation results from the bump tracks are evaluated, it is observed that the
RA system outperforms the CG system or the difference is negligible in all fields,
including variation of the DTL and demand for rattlespace, with only one exception:
Heaving is slightly better damped in the case of the asymmetric bump track with the CG
system.

6.7 Results from the washboard tracks
If the RMS values of the vehicle body heave, pitch and roll are considered first, the
following results can be obtained: in the case of heave and pitch, both of the semi-active
perform equally well. The difference between them is in the order of per mil. Damping of
heave is improved 82% in the case of the asymmetric washboard track and 59% in the
case of the symmetric washboard track. The respective values for pitching are 76% and
64%. In the case of the asymmetric washboard track, a slight difference grows between
the semi-active systems. The RA system damps the roll vibration 62% better than the
passive system, while the respective value for the CG system is 63%. If these results are
compared with the corresponding results from the ISO tracks, the semi-active systems
appear better than they in reality are.
Also weighted RMS values were calculated from these tracks, both in the CG and in
the driver’s seat. If the results from the CG are considered first, it can be observed that
the RA system slightly outperforms both the CG and passive suspension system. The
difference between the semi-active systems is in the order of one percent in favor of the
RA system. When the weighted RMS values calculated from the driver’s seat and the
symmetric washboard track are reviewed, one can perceive that the weighted RMS value
of vibration is reduced to one third compared to the passive system. There is a difference
of one percent between the semi-active systems in favor of the RA system. If the
respective values are reviewed in the case of the asymmetric washboard track, it can be
observed that the weighted RMS value of vibration is reduced to one quarter compared
with passive damping. There is a one percent difference between the semi-active systems;
in this case it is favor of the CG system.
From the variation of DTL point of view, semi-active systems improve the result by
roughly two thirds. There is a difference in the order of one percent between the semiactive systems. In the case of the asymmetric washboard track, it is in favor of the CG
system, and with the symmetric washboard track it is in favor of the RA system.
If the demand for rattlespace is of interest, it can be observed that the semi-active
systems use roughly one third more rattlespace than the passive system. There’s also a
difference between the semi-active systems in order of several percent in favor of the RA
system. The difference in demand for rattlespace between the washboard tracks and the
ISO tracks reveals an interesting result. If the ISO tracks are considered, the better the
damping result with the semi-active system, the larger the difference in demand for
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rattlespace is between the passive and semi-active systems. If improvement of damping
vs. demand for the rattlespace ratio on the ISO tracks could be generalized into linear
dependency, it would denote that in the case of the washboard tracks, the difference in
demand for rattlespace would be in the order of 1:4. However, it is in the order of 3:4.
This is due to the dependence of demand for rattlespace on the excitation frequency.
Because of the frequency distribution of the excitation on the washboard tracks, the
semi-active system clearly outperforms the passive system. Still the results from the
washboard tracks can be used to mutually compare the semi-active systems. On the
whole, the RA system slightly outperforms the CG system.

6.8 Results from the natural frequency tracks
As with the results from natural frequency tracks, the simulation information provided by
the natural frequency excitation tracks can be considered to be only indicative. This is
because the excitation provided by these tracks is not very likely to occur in real driving
situations. Still the results provided by them can be used to compare the semi-active
systems.
When the non-weighted RMS values of heave acceleration are reviewed, it can be
observed that the passive system outperforms both of the semi-active systems in the case
of the heave natural frequency excitation track; in all other cases, the semi-active systems
show improved performance. On the heave excitation track, the non-weighted RMS value
of acceleration is 6% higher with the semi-active systems than with the passive system.
The difference between the semi-active systems is a few per mil in favor of the CG
system. If heaving induced by the pitch track is considered, the RA system shows a 54%
reduced vibration, while the corresponding value for the CG system is 49%. If heaving
induced by the roll excitation track is considered, the CG system reduces the vibration
values by 56%, while the corresponding value for the RA system is 54%. On the wheel
hop exciting track, the RA system shows a 37% reduced heave acceleration, while the
value for the CG system is 33%. On the whole, the RA system damps heave acceleration
better than the CG system on natural frequency excitation tracks.
When looking at pitching induced by natural frequency tracks, the passive system
outperforms the semi-active systems in the case of the heave and pitch exciting track,
while on the wheel hop exciting track the semi-active systems show improved
performance. In the case of the heave track, the passive system damps the vibration 30%
better than the CG system and 25% better than the RA system. On the pitch-exciting
track, the passive system damps vibration 12% better than either of the semi-active
systems; the difference between the semi-active systems is negligible. If the results from
the wheel hop exciting track are reviewed, the RA system damps pitching 59% better
than the passive system, the corresponding value for the CG system being 58%. On the
whole, the RA system is better than the CG system if damping of the pitching is of
interest.
If the RMS value of roll acceleration caused by the roll excitation track is considered,
it can be seen that the performance of all the suspension systems is within a few per mil.
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If the results are reviewed by comparing the heave acceleration on the heave exciting
track, the pitch acceleration on the pitch exciting track etc., the following phenomenon
can be noticed: In the case of roll, where the natural frequency is the highest among the
body DOF’s, the difference between the semi-active and passive system is at its
minimum. On the other hand, pitching, where the natural frequency is its lowest, the
difference, which is in favor of the passive system, is at its maximum. This phenomenon
can be explained by the range of the semi-active damper compared to the damping curve
of the passive damper. In order to damp the low frequency vibration most efficiently,
damping should be relatively stiff. This can be seen for example from figure 8. At low
damper speeds, which occur with these body natural frequency-exciting tracks, the
passive damper shows damping coefficients, which represent an over-critically damped
system. If the level of excitation on natural frequency excitation tracks were raised, the
passive system would show degrading of performance due to degrading of the damping
coefficient due to the degressiveness of the damping curve. Still this was found to be hard
to implement in the virtual environment due to the limited power provided by the motor
of virtual prototype. If the level of excitation was raised i.e. difference in altitudes of the
track surface were raised, the speed of the virtual vehicle was dropped in a manner that
excitation provided by the track did not excite the natural frequency anymore. On the
other hand, if the maximum power of the motor was raised, it would cause rapid
acceleration and deceleration of vehicle speed, which induce heave and pitch
accelerations and makes the results unreliable.
When the RMS values of variation of DTL are reviewed, it can be observed that the
passive system outperforms the semi-active systems in all cases, except the roll natural
frequency track, where the variation between suspension systems is less than one percent.
If the results from the tracks, which excite body natural frequencies are reviewed first, a
similar effect to that of body natural frequencies damping can be perceived. The
difference between the semi-active and passive systems is negligible in the case of roll
excitation, the results being within few per mil. The difference between the passive and
semi-active systems is at its maximum in the case of pitch excitation, the passive system
damps the variation of DTL 7% better than either of the semi-active systems. The
differences between the semi-active systems in heave and pitch excitation tracks are less
than half a percent. This phenomenon can be explained with figure 9. In the damper
speeds occurring on body natural frequency exciting tracks, the passive damper is
evidently stiffer than the semi-active actuator at its stiffest. The stiffer the damper, the
better it damps the low frequency variation of DTL. The undamped natural frequency of
pitch is the lowest, thus the semi-active damper range provides the lowest damping
coefficient for it. As a consequence, the semi-active system damps the pitch the poorest.
If the variation of DTL on the wheel hop natural frequency track is reviewed, it can be
observed that the passive system suppresses the variation 33% better than the RA system
and 28% better than the CG system. Also this can be explained with figure 9. From the
figure it can be observed that also the variation of DTL is better damped with stiffer
damping in the vicinity of the wheel hop frequency and above it. Though the damper
speed are somewhat greater with this track compared to the respective values achieved in
the body natural frequency exciting tracks, the passive damper is still stiffer than the
semi-active system at its maximum despite the degressiveness of the damping curve.
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If the demand for rattlespace is considered in the case of the natural frequency
excitation tracks, the passive system outperforms both the semi-active systems on every
track. This can be considered to be a perfectly predictable result if the curve in figure 10
is taken into account. According to that curve, demand for rattlespace is evidently greater
with a looser damper in the case of body and wheel natural frequencies i.e. the
frequencies which are excited with these tracks. The RA system shows a slightly smaller
demand for rattlespace than the CG-system, except in the case of the wheel hop natural
frequency track. On average, demand for rattlespace of semi-active systems is about 90%
greater in the case of the body natural frequency exciting tracks and up to five times
greater in the case of the wheel hop exciting track when compared to the passive system.
These results cannot be generalized to all levels of excitation due to degressiveness of the
passive damper.

7 Conclusions
This thesis described the development of a new analytical full vehicle model, which takes
the essential kinematics of the suspension system into account, and also describes a new
approach to controlling the full vehicle vibration problem. A method of calculating the
desired damping forces for each of the semi-active actuators based on the sky-hook
theory and this new model is introduced.
Simulink models were developed for the traditional lumped mass model and for a
novel concept, which is based on continuous calculation of the roll axis. Both of these
models were used to derive semi-active control laws. The control laws were based on the
sky-hook theory. The control law, which was derived with traditional lumped mass
model, did not take the effects of suspension kinematics into account. The control law,
which was derived with a novel roll-axis model, takes the effect of each individual
wheel’s roll and pitch into account. Because the roll axis moves during suspension
movement, the effect on each individual wheel varies according to the kinematics of the
suspension and the state of the system.
The function of the controllers was justified with simulations in Simulinkenvironment. The performance of the controllers was also evaluated as the RMS values
of transmissibility of the acceleration on different frequencies. According to these
simulations, both of the semi-active systems outperformed two idealized passive systems,
which represented ride and handling dampers, as well as the real passive system. On
natural frequencies of the body, both semi-active controllers performed equally well. The
controller based on the roll-axis concept damped the vibration better on frequencies
above the natural frequency of the body on rotational degrees of freedom when simulated
with the roll-axis based Simulink model. Both controllers performed equally well when
tested on the lumped mass Simulink model.
The performance of the control schemes was evaluated with simulations in a virtual
environment. The four wheeled virtual prototype and passive dampers were based on a
real, commercially available eight-wheel off-road vehicle. Despite the fact that the virtual
prototype is a mathematical model, it describes the dynamic behaviour more accurately
than the idealized Simulink models. In order to evaluate the performance of the damping
systems, the virtual prototype was driven on standardized ISO tracks, washboard tracks
and single bump tracks at different speeds in the virtual environment.
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The performance between semi-active control systems and the passive system were
compared in terms of damping the vibration, variation of the dynamic tire load and the
demand for rattlespace. The damping of vibration was evaluated by calculating the RMS
value of acceleration stored from the centre of gravity of the vehicle. The acceleration
was stored on heave, pitch and roll degrees of freedom. The vibration was also evaluated
along translational degrees of freedom according to ISO 2631-1. This evaluation was
done both at the centre of the gravity and at the point where the driver was supposed to be
located. The frequency distribution of the vibration along translational degrees of
freedom in the centre of the gravity was also reviewed. The variation of the dynamic tire
contact force was evaluated as an RMS value of tire load variation and the demand for
rattlespace was evaluated as a percentage value of the used rattlespace compared to the
maximum free stroke provided by the suspension hardware.
If the results are looked at as a whole, it can be observed that the proposed approach of
semi-active control system suppresses the rotational accelerations better than the earlier
used control system, while it suffers a minor penalty in translational acceleration. Thus
the results favour either of the control systems depending on the criteria according which
the vehicle body vibration is evaluated. If the results are evaluated from the translational
acceleration data measured in the drivers’ seat, the proposed system outperforms the
earlier used version.
Both the systems outperform the passive system clearly if the results from tracks
which emulate driving on a real rough terrain are considered. The degrading of the
vibration level is in the order of 50%. Both of the semi-active systems improved the
performance of the suspension system on that frequency range which is considered to be
the most harmful to the human body. On the other hand, damping of low frequency
vibration, which is important from the vehicle handling point of view, is worse with a
semi-active system than with a passive system.
Also wheel capability to follow undulations of the terrain is improved. This can be
observed from the variation of the dynamic tire contact force. With semi-active
suspensions, the tires manage to follow the unevenness of the road in the situations,
where wheel lift-off occurred with passive system. This can be considered as a desirable
property from the vehicle handling point of view. With semi-active suspension systems,
the tires manage to follow the undulations of the road even though the demand for
rattlespace was almost double when compared to the respective value of the passive
system. The semi-active system can be considered to use the maximum free rattlespace
more efficiently than the passive system.
The theory and simulation results are presented as the result of this work. Also a new
vehicle model that takes into account the essential non-linearity caused by suspension
kinematics is presented, including all the mathematics needed. The comparison between
the passive and the semi-active concepts has been performed on the basis of simulation
results. These results show that the novel semi-active concept reduces the driver’s
exposure to vibration induced by terrain undulations better than earlier proposed version.
The strength of the novel concept lies in its ability to suppress the vibration in the
rotational degrees of freedom better than the earlier proposed concept. The novel concept
damps the vibration of heave slightly worse than the earlier proposed concept. Also the
variation of dynamic tire load is reduced better with this novel concept, while it suffers a

131
minor drawback in the demand for the rattlespace. Both of the semi-active systems
outperform the passive system clearly, except in the demand for rattlespace.
On the whole, the difference between the novel concept and the earlier proposed
version is quite small if compared to the difference between either of the semi-active
systems and the passive system. Small movement of roll axis with suspension travel is
typical of double wishbone suspension. If the virtual prototype had been equipped with
different suspension geometry, the results may have been different.

8 Discussion and proposal for further development
According to the simulations, it is possible to improve the overall performance of a
suspension system with semi-active suspension. Not only the vibration levels of the
vehicle body were reduced, but also the variation of the dynamic tire contact force. With
the damper range and control systems used in the simulations, a major drawback in the
semi-active system is the demand for rattlespace.
The supremacy between two semi-active concepts is dependent on many factors. In
the case of this particular vehicle, if the weighted acceleration from the driver’s seat is
evaluated, the new concept outperforms the earlier presented version. Also the variation
of dynamic tire contact force is reduced with the new concept. A drawback with the new
concept is slightly larger demand for rattlespace. It could be deduced that the difference
between the semi-active concepts grows the larger the variation of the position of the
constraining axis, i.e. the roll-axis, of the vehicle body motion is. This is due to better
damping of rotational degrees of freedom of the novel control approach.
The novel control concept for full vehicle damping demands position sensors for each
individual damper in addition to the sensors demanded by the earlier proposed method. It
is possible to return the amount of sensors to the same level by using state estimation
techniques. In the proposed controller, the location of the RC of an individual axle is
calculated with vector mechanics. It can be implemented more practically by using
mapping. In this thesis, vector calculation was used in the context of the virtual prototype
because it was already derived in the context of the Simulink model, and the complexity
and slowness of the controller were not limiting factors because the virtual prototype
does not represent a real-time system.
The most important thing to do in the future is to specify the semi-active damper range
in a manner that also low speed, low frequency vibration caused by vehicle body
movements can be suppressed efficiently. High damping at low damper speeds would
also improve the damping of wheel vibrations and reduce the demand for rattlespace.
With the damper range specification used in this thesis, low frequency damping of the
vehicle body as well as the suspension’s ability to regulate the body movements were
deteriorated. Because the body’s natural frequencies are poorly damped, severe problems
may occur with certain excitation, like the one induced by double lane change. If good
damping of both low- and high frequency vibration is the intention, it means that the
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damping curves of the semi-active damper should be degressive in practice. With the
semi-active damper range used in this thesis, the natural frequencies of the body and the
wheels are damped worse than with a passive damper even though the mid-frequency
range is better damped.
In the controller derivation, the warp degree of freedom i.e. the twisting torque along
X-axis of the vehicle was used as a fourth condition. The three other conditions were
minimization of heave, pitch and roll mean speeds with the sky-hook theory. The fourth
condition could also be defined in two different ways. The roll axis model gives an
opportunity to model also the yawing of the vehicle and this could be used as the fourth
condition. The second way to use the fourth condition in controller derivation is to use
the warp degree of freedom to control the roll couple distribution between the front and
rear axles of the vehicle i.e. to vary the torque value according to some other criterion.
This gives interesting opportunities to control under/oversteering behaviour of the vehicle
through roll couple distribution. If this is utilized together with a modern vehicle yaw
control device like ESP, it could be possible to improve the handling characteristics of the
vehicle in transient responses.
The variation of DTL is improved when driving on a random excitation track like the
ISO track. However on certain frequencies the variation of DTL was higher with the
semi-active systems than with the passive system due to poor damping of wheel
vibration. Proper specification of the semi-active damper range would partly prevent this
problem. It is possible to improve the handling properties of the vehicle if proper
specification of range is made, and both sky and ground-hook criteria are used in
controller derivation.
The roll axis model provides also a possibility to take into account mixing of different
vibration modes due to variation in vehicle steady-state. This offset in steady-state can be
induced by, for example, driving in a curve of a constant radius at a constant speed. If a
real vehicle is considered, the heave input on this vehicle state will induce also roll DOF.
This mix cannot be taken into account with a lumped mass model.
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Appendix A: Equations of motion
In these equations it is assumed that displacements are small i.e. sin α ≈ α and cos α ≈ 0.
The equations of motion for tires are:
m w&z&fl1 =(z fl0 − z fl1 )K w +(z& fl0 − z& fl1 )C w −(z fl1 − z fl 2 )K fl −(z& fl1 − z& fl 2 )Cfl
m w&z&fr1 =(z fr 0 − z fr1 )K w +(z& fr 0 − z& fr1 )C w −(z fr1 − z fr 2 )K fr −(z& fr1 − z& fr 2 )Cfr
m w&z&rl1 =(z rl0 − z rl1 )K w + (z& rl0 − z& rl1 )C w −(z rl1 − z rl 2 )K rl −(z& rl1 − z& rl 2 )Crl
m w&z&rr1 =(z rr 0 −z rr1 )K w +(z& rr 0 − z& rr1 )C w −(z rr1 − z rr 2 )K rr −(z& rr1 − z& rr 2 )Crr ,

from which acceleration of the tires is obtained:
&z&fl1 =

(K + K fl ) z − (Cfl +C w ) z& + K fl z + Cfl z&
Kw
C
z fl0 + w z& fl0 − w
fl1
fl1
fl 2
fl 2
mw
mw
mw
mw
mw
mw

&z&fr1 =

(K + K fr ) z − (Cfr +C w ) z& + K fr z + Cfr z&
Kw
C
z fr 0 + w z& fr 0 − w
fr1
fr1
fr 2
fr 2
mw
mw
mw
mw
mw
mw

&z&rl1 =

(K + K rl ) z − (Crl +C w ) z& + K rl z + Crl z&
Kw
C
z rl0 + w z& rl0 − w
rl1
rl1
rl 2
rl 2
mw
mw
mw
mw
mw
mw

141
&z&rr1 =

(K + K rr ) z − (Cr +C w ) z& + K rr z + Crr z&
Kw
C
z rr 0 + w z& rr 0 − w
rr1
rr1
rr 2
rr 2
mw
mw
mw
mw
mw
mw

The equations of motion for roll, pitch and heave are:
&z&cg m tot =(z fl1 − z fl 2 )K fl +(z& fl1 −z& fl2 )Cfl +(z fr1 − z fr 2 )K fr +(z& fr1 − z& fr 2 )Cfr
+(z rl1 − z rl2 )K rl +(z& rl1 −z& rl2 )Crl +(z rr1 − z rr 2 )K rr +(z& rr1 − z& rr 2 )Crr

&θ& I = −(z − z )a K −(z& −z& )a C −(z − z )a K −(z& − z& )a C
cg YY
fl1
fl 2 fl fl
fl1
fl 2 fl fl
fr1
fr 2 fr fr
fr1
fr 2 fr fr
+(z rl1 − z rl 2 )b rlK rl + (z& rl1 − z& rl 2 )b rlCrl +(z rr1 − z rr 2 )b rr K rr + (z& rr1 −z& rr 2 )b rr Crr

&& cg I XX =(z fl1 − z fl2 )t flK fl +(z& fl1 − z& fl 2 )t flCfl −(z fr1 − z fr 2 )t fr K fr −(z& fr1 − z& fr 2 )t fr Cfr
ϕ
+(z rl1 − z rl 2 )t rlK rl +(z& rl1 − z& rl 2 )t rlCrl −(z rr1 − z rr 2 )t rr K rr −(z& rr1 − z& rr 2 )t rr Crr

,

from which roll, pitch and roll accelerations can be solved. It must be pointed out that in
the case of roll-axis model these equations return the acceleration in RA-coordinate
system.
&z&cg =
+

K fl
C
K
C
K
C
K
C
z fl1 + fl z& fl1 − fl z fl 2 − fl z& fl2 + fr z fr1 + fr z& fr1 − fr z fr 2 − fr z& fr 2
m tot
m tot
m tot
m tot
m tot
m tot
m tot
m tot

K rl
C
K
C
K
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K
C
z rl1 + rl z& rl1 − rl z rl 2 − rl z& rl 2 + rr z rr1 + rr z& rr1 − rr z rr 2 − rr z& rr 2
m tot
m tot
m tot
m tot
m tot
m tot
m tot
m tot

&θ& = − a fl K fl z − a fl C fl z& + a fl K fl z + a fl C fl z& − a fr K fr z − a fr C fr z&
fr1
fr1
fl 2
fl 2
fl1
fl1
cg
I YY
I YY
I YY
I YY
I YY
I YY
+

a fr K fr
a C
b K
b C
b K
z fr 2 + fr fr z& fr 2 + rl rl z rl1 + rl rl z& rl1 − rl rl z rl2
I YY
I YY
I YY
I YY
I YY

−

b C
b K
b C
b K
b rl C rl
z& rl2 + rr rr z rr1 + rr rr z& rr1 − rr rr z rr 2 − rr rr z& rr 2
I YY
I YY
I YY
I YY
I YY

142
&& cg =
ϕ

t fl K fl
t C
t K
t C
t K
t C
z fl1 + fl fl z& fl1 − fl fl z fl 2 − fl fl z& fl 2 − fr fr z fr1 − fr fr z& fr1
I XX
I XX
I XX
I XX
I XX
I XX

+

t fr K fr
t C
t K
t C
t K
z fr 2 + fr fr z& fr 2 + rl rl z rl1 + rl rl z& rl1 − rl rl z rl 2
I XX
I XX
I XX
I XX
I XX

−

t rl C rl
t K
t C
t K
t C
z& rl 2 − rr rr z rr1 − rr rr z& rr1 + rr rr z rr 2 + rr rr z& rr 2
I XX
I XX
I XX
I XX
I XX

The accelerations of the corners of the vehicle in terms of pitch, roll and heave are:
&& cg
&z&fl 2 =&z&cg −a fl&θ&cg + t flϕ

&& cg
&z&fr 2 =&z&cg −a fr&θ&cg − t fr ϕ

&& cg
&z&rl 2 =&z&cg + b rl&θ&cg + t rlϕ

&& cg
&z&rr 2 =&z&cg + b rr&θ&cg − t rr ϕ

After some manipulation the accelerations of the corners of the vehicle are obtained:
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z& fr 2



 K
b b K
t t K
+ rl + rr rl rl − rr rl rl
m
I
I XX
YY
 tot


 C
b b C t t C
z rl1 + rl + rr rl rl − rr rl rl

m
I YY
I XX

 tot


z& rl1



 K
b b K
t t K
− rl + rr rl rl − rr rl rl
I YY
I XX
 m tot


 C
b b C t t C
z rl2 − rl + rr rl rl − rr rl rl

m
I YY
I XX

 tot


z& rl2




z& fl 2



K
b 2K
t 2K
+ rr + rr rr + rr rr
 m tot
I YY
I XX


2
2


z + C rr + b rr C rr + t rr C rr
 rr1  m tot
I YY
I XX




z&
 rr1


K
b 2K
t 2K
− rr + rr rr + rr rr
 m tot
I YY
I XX


2
2


z rr 2 − C rr + b rr C rr + t rr C rr

 m tot
I YY
I XX




z& rr 2



In the case of the lumped mass model or roll axis model in a state where every
suspension travel is equal, the following is valid:
a lf =a fr = blr = b rr =a and t lf = t fr = t lr = t rr = t

And the equations of motion are simplified to:
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 K
 C
 K
a 2 K fl t 2K fl 
a 2Cfl t 2Cfl 
a 2 K fl t 2K fl 
&z&fl 2 = fl +
+
+
+
z fl 2
z& fl1 − fl +
z fl1 + fl +
m
m

m
I XX 
I XX 
 tot I YY
 tot I YY I XX 
 tot I YY
 C
K
 C
a 2Cfr t 2Cfr 
a 2K fr t 2 K fr 
a 2Cfl t 2Cfl 
− fl +
+
−
−
z&
z fr1 + fr +
z& fl 2 + fr +
m

m
m
 fr1
I XX 
 tot I YY I XX 
 tot I YY
 tot I YY I XX 
K
 C
 K
a 2K rl t 2 K rl 
a 2Cfr t 2Cfr 
a 2K fr t 2K fr 
− fr +
−
z rl1
−
z& fr 2 + rl −
+
z fr 2 − fr +
m
m

m
I XX 
I XX 
 tot I YY
 tot I YY I XX 
 tot I YY
 C
 K
 C
a 2Crl t 2Crl 
a 2 K rl t 2 K rl 
a 2C rl t 2Crl 
z&
z rl2 − rl −
z& rl1 − rl −
+ rl −
+
+
+
m

m
m
 rl 2
I XX 
 tot I YY I XX 
 tot I YY
 tot I YY I XX 
K
 C
K
a 2 K rr t 2K rr 
a 2Crr t 2Crr 
a 2K rr t 2K rr 
z rr 2
z& rr1 − rr −
z rr1 + rr −
+ rr −
−
−
−
m
m
m
I XX 
I XX 
I XX 
 tot I YY
 tot I YY
 tot I YY
 C
a 2Crr t 2Crr 
z&
− rr −
−
m
 rr 2
 tot I YY I XX 

 K
 C
 K
a 2 K fl t 2K fl 
a 2Cfl t 2Cfl 
a 2 K fl t 2K fl 
&z&fr 2 = fl +
−
−
−
z fl 2
z& fl1 − fl +
z fl1 + fl +
m
m

m
I XX 
I XX 
 tot I YY
 tot I YY I XX 
 tot I YY
 C
K
 C
a 2Cfr t 2Cfr 
a 2K fr t 2 K fr 
a 2Cfl t 2Cfl 
− fl +
−
+
+
z& fr1
z fr1 + fr +
z& fl 2 + fr +
m

m
m
I XX 
I XX 
 tot I YY I XX 
 tot I YY
 tot I YY
K
 C
 K
a 2 K rl t 2K rl 
a 2Cfr t 2Cfr 
a 2K fr t 2 K fr 
− fr +
+
z rl1
+
z& fr 2 + rl −
−
z fr 2 − fr +
m
m
m
I XX 
I XX 
I XX 
 tot I YY
 tot I YY
 tot I YY
 C
 K
 C
a 2Crl t 2Crl 
a 2 K rl t 2K rl 
a 2C rl t 2Crl 
z&
z rl2 − rl −
z& rl1 − rl −
+ rl −
−
−
−
m

m
m
 rl 2
I XX 
 tot I YY I XX 
 tot I YY
 tot I YY I XX 
K
 C
K
a 2K rr t 2 K rr 
a 2Crr t 2Crr 
a 2K rr t 2 K rr 
z rr 2
z& rr1 − rr −
z rr1 + rr −
+ rr −
+
+
+
m
m
m
I XX 
I XX 
I XX 
 tot I YY
 tot I YY
 tot I YY
 C
a 2C rr t 2Crr 
z& rr 2
− rr −
+
m
I XX 
 tot I YY

148
 K
 C
 K
a 2 K fl t 2 K fl 
a 2Cfl t 2Cfl 
a 2 K fl t 2K fl 
&z&rl 2 = fl −
+
+
+
z fl 2
z& fl1 − fl −
z fl1 + fl −
m
m

m
I XX 
I XX 
 tot I YY
 tot I YY I XX 
 tot I YY
 C
K
 C
a 2Cfr t 2Cfr 
a 2K fr t 2 K fr 
a 2Cfl t 2Cfl 
− fl −
+
−
−
z&
z fr1 + fr −
z& fl2 + fr −
m

m
m
 fr1
I XX 
 tot I YY I XX 
 tot I YY
 tot I YY I XX 
K
 C
 K
a 2 K rl t 2 K rl 
a 2Cfr t 2Cfr 
a 2K fr t 2K fr 
− fr −
−
z rl1
−
z& fr 2 + rl +
+
z fr 2 − fr −
m
m

m
I XX 
I XX 
 tot I YY
 tot I YY I XX 
 tot I YY
 C
 K
 C
a 2C rl t 2Crl 
a 2 K rl t 2K rl 
a 2Crl t 2Crl 
z&
z rl 2 − rl +
z& rl1 − rl +
+ rl +
+
+
+
m

m
m
 rl 2
I XX 
 tot I YY I XX 
 tot I YY
 tot I YY I XX 
K
 C
K
a 2K rr t 2 K rr 
a 2Crr t 2Crr 
a 2K rr t 2 K rr 
z rr 2
z& rr1 − rr +
z rr1 + rr +
+ rr +
−
−
−
m
m
m
I XX 
I XX 
I XX 
 tot I YY
 tot I YY
 tot I YY
 C
a 2Crr t 2Crr 
z& rr 2
− rr +
−
m
I XX 
 tot I YY

 K
 C
 K
a 2 K fl a 2 K fl 
a 2Cfl t 2Cfl 
a 2K fl t 2 K fl 
&z&rl 2 = fl −
−
−
−
z fl2
z& fl1 − fl −
z fl1 + fl −
m
m

m
I XX 
I XX 
 tot I YY
 tot I YY I XX 
 tot I YY
 C
K
 C
a 2Cfr t 2Cfr 
a 2K fr t 2 K fr 
a 2Cfl t 2Cfl 
− fl −
−
+
+
z& fr1
z fr1 + fr −
z& fl2 + fr −
m

m
m
I XX 
I XX 
 tot I YY I XX 
 tot I YY
 tot I YY
K
 C
 K
a 2 K rl t 2K rl 
a 2Cfr t 2Cfr 
a 2K fr t 2K fr 
− fr −
+
z rl1
+
z& fr 2 + rl +
−
z fr 2 − fr −
m
m
m
I XX 
I XX 
I XX 
 tot I YY
 tot I YY
 tot I YY
 C
 K
 C
a 2Crl t 2Crl 
a 2 K rl t 2 K rl 
a 2Crl t 2Crl 
z&
z rl 2 − rl +
z& rl1 − rl +
+ rl +
−
−
−
m

m
m
 rl 2
I XX 
 tot I YY I XX 
 tot I YY
 tot I YY I XX 
K
 C
K
a 2K rr t 2 K rr 
a 2Crr t 2Crr 
a 2K rr t 2 K rr 
z rr 2
z& rr1 − rr +
z rr1 + rr +
+ rr +
+
+
+
m
m
m
I XX 
I XX 
I XX 
 tot I YY
 tot I YY
 tot I YY
 C
a 2Crr t 2Crr 
z& rr 2
− rr +
+
m
I XX 
 tot I YY

Appendix B: Calculation of SL and UBJ coordinates
The equations described below are written in a computer-ready format. The equivalency
of symbols a-f is described also below, whether the question is one of calculating the
position of the point SL or the position of UBJ. There are two possible answers. The right
set of coordinates is obtained from the condition that y must be positive, at least in the
case of the geometrical properties of this particular suspension system. The acronym
“sqrt” refers to square root and acronym “sgn” refers to sign function, which returns 1 if
the statement in the following parenthesis is positive or zero and –1, if the statement in
the following parenthesis is negative. The acronym “fabsl” refers to fabsl-function of Clanguage, which returns the absolute value of statement in the following parenthesis in
double format.
Answer set 1:
x=-(sqrt(a*a*(e*(g*g+h*h)-i*i)-2*a*f*(b*e*g+c*e*h-d*i)+b*b*(e*(f*f+h*h)-i*i)
+2*b*g*(d*i-c*e*h)+c*c*(e*(f*f+g*g)-i*i)+2*c*d*h*id*d*(f*f+g*g+h*h))*(b*hc*g)*sgn(ag-bf)+a*(b*g*i+c*h*i-d*(g*g+h*h))-f*(b*b*i-b*d*g+c*(c*i-d*h))) /
(a*a*(g*g+h*h)-2*a*f*(b*g+c*h)+b*b*(f*f+h*h)2*b*c*g*h+c*c*(f*f+g*g));
y=((a*h-c*f)*sqrt(a*a*(e*(g*g+h*h)-i*i)-2*a*f*(b*e*g+c*e*hd*i)+b*b*
(e*(f*f+h*h)-i*i)+2*b*g*(d*i-c*e*h)+c*c*(e*(f*f+g*g)-i*i)+2*c*d*h*id*d*(f*f+g*g+h*h))* sgn(ag-bf)+a*a*g*i-a*f*(b*i+d*g)+b*(d*(f*f+h*h)c*h*i)+c*g*(c*i-d*h)) / (a*a*(g*g+h*h)-2*a*f*(b*g+c*h)+b*b*(f*f+h*h)2*b*c*g*h+c*c*(f*f+g*g));
z=-(sqrt(a*a*(e*(g*g+h*h)-i*i)-2*a*f*(b*e*g+c*e*h-d*i)+b*b*(e*(f*f+h*h)-i*i)
+2*b*g*(d*i-c*e*h)+c*c*(e*(f*f+g*g)-i*i)+2*c*d*h*i-d*2*(f*f+g*g+h*h))
*fabsl((a*g-b*f))-a*a*h*i+a*f*(c*i+d*h)-b*b*h*i+b*g*(c*i+d*h)-c*d*(f*f+g*g))/
(a*a*(g*g+h*h)-2*a*f*(b*g+c*h)+b*b*(f*f+h*h)-2*b*c*g*h+c*c*(f*f+g*g));
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Answer set 2:
x=(sqrt(a*a(e*(g*g+h*h)-i*i)-2*a*f*(b*e*g+c*e*h-d*i)+b*b*(e*(f*f+h*h)-i*i)
+2*b*g*(d*i-c*e*h)+c*c*(e*(f*f+g*g)-i*i)+2*c*d*h*i-d*d*(f*f+g*g+h*h))*(b*hc*g)* sgn(ag-bf)-a*(b*g*i+c*h*i-d*(g*g+h*h))+f*(b*b*i-b*d*g+c*(c*i-d*h)))/
(a*a*(g*g+h*h)-2*a*f*(b*g+c*h)+b*b*(f*f+h*h)-2*b*c*g*h+c*c*(f*f+g*g));
y=-((a*h-c*f)*sqrt(a*a*(e*(g*g+h*h)-i*i)-2*a*f*(b*e*g+c*e*h-d*i)+b*b*(e*
(f*f+h*h)-i*i)+2*b*g*(d*i-c*e*h)+c*c*(e*(f*f+g*g)-i*i)+2*c*d*h*i-d*d*
(f*f+g*g+h*h))* sgn(ag-bf)-a*a*g*i+a*f*(b*i+d*g)+b*(c*h*i-d*(f*f+h*h))c*g*(c*i-d*h)) / (a*a*(g*g+h*h)-2*a*f*(b*g+c*h)+b*b*(f*f+h*h)2*b*c*g*h+c*c*(f*f+g*g));
z=(sqrt(a*a*(e*(g*g+h*h)-i*i)-2*a*f*(b*e*g+c*e*h-d*i)+b*b*(e*(f*f+h*h)-i*i)
+2*b*g*(d*i-c*e*h)+c*c*(e*(f*f+g*g)-i*i)+2*c*d*h*i-d*d*(f*f+g*g+h*h))
*fabsl((a*g-b*f))+a*a*h*i-a*f*(c*i+d*h)+b*b*h*i-b*g*(c*i+d*h)+c*d*(f*f+g*g)) /
(a*a*(g*g+h*h)-2*a*f*(b*g+c*h)+b*b*(f*f+h*h)-2*b*c*g*h+c*c*(f*f+g*g));
If calculation of the position of the joint SL is of interest, the equivalents for symbols a-f
are:
a= 2 x 0,SU , b= 2 y0,SU , c= 2z0,SU , d =l LF,SU 2 + l LF,SL 2 −lSU ,SL 2 , e=l LF,SL 2

2
2
2
f = 2x 0, LR g=2 y0, LR h= 2z 0, LR
i =l
+l
−l
,
,
and LF, LR LF,SL LR ,SL

If calculation of the position of the joint UBJ is of interest, the equivalents for symbols af are:
a=2 x 2, UBJ , b= 2 y 2, UBJ , c=2z 2, UBJ , d =l LF, UBJ 2 + l LBJ, LF2 −l LBJ, UBJ 2 ,

e=lLBJ, LF2 f = 2x 2, LR , g=2 y 2, LR , h= 2z 2, LR i =lLF, LR 2 + l LBJ, LF2 −lLBJ, LR 2

Appendix C: Calculation of desired damping forces
The equations described below are written in a computer-ready format. The equivalence
of symbols a-o is described below the equations.
Fd,fl = (f*o*(k+l)+g*(j*(2*l*m+o)+l*o)+h*(j*(2*k*m-o)+k*o)-2*j*n*(k+l))/
(2*(e*j*(k+l)+f*i*(k+l)+(i+j)*(g*l+h*k)))
Fd,fr = -(e*o*(k+l)+g*(l*o-i*(2*l*m+o))+h*(k*o-i*(2*k*m-o))+2*i*n*(k+l))/
(2*(e*j*(k+l)+f*i*(k+l)+(i+j)*(g*l+h*k)))
Fd,rl = (e*(j*(2*l*m+o)+l*o)+f*(i*(2*l*m+o)-l*o)+(i+j)*(h*o+2*l*n))/
(2*(e*j*(k+l)+f*i*(k+l)+(i+j)*(g*l+h*k)))
Fd,rr = (e*(j*(2*k*m-o)+k*o)+f*(i*(2*k*m-o)-k*o)-(i+j)*(g*o-2*k*n))/
(2*(e*j*(k+l)+f*i*(k+l)+(i+j)*(g*l+h*k))),
in which
e= x RA ,fl , f = x RA ,fr , g= x RA , rl , h= x RA , rr , i= y RA ,fl , j= y RA ,fr , k= y RA, rl ,
l= y RA , rr , m = 2ζ h ,sky 4m tot k *z& RA , n = 2ζ p,sky 4kI RA, YY a 2 θ& RA and

o = 2ζ r ,sky 4kI RA , XX t 2 ϕ& RA
The desired damping coefficients are obtained by dividing the desired damping force
with the corresponding corner damper speed.

Appendix D: RMS values of tire contact forces and the
demand for rattlespace
In the tables below the unit of tire load variation is kN. Demand for rattlespace is
presented as a ratio of used rattlespace divided by the maximum free rattlespace and the
result is presented in percent. Acronym S-A CG stands for semi active suspension, which
calculates the desired damping coefficients from the velocity data in CG coordinate
system. S-A RA stands for semi active system, which calculates the desired damping
coefficients from the velocity data in RA coordinate system. If there’s a superscript “l”
after the numerical value, it denotes that a wheel lift off occurred during simulation.
Table 12. The dynamic vertical tire force variation of each individual tire calculated from
the ISO rough track at the velocity of 5km/h.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [kN]

S-A CG [kN]

S-A RA [kN]

4.203

2.942

2.9325

4.018

2.6761

2.7195

4.1931

2.8175

2.7382

3.7847

2.6073

2.5599

Table 13. The demand for rattlespace of each individual tire calculated from the ISO
rough track at the velocity of 5km/h.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [%]

S-A CG [%]

S-A RA [%]

17.7

34.6

33.2

18.9

28.1

27.5

17.5

29.9

31.2

16.9

24.8

25.2
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Table 14. The dynamic vertical tire force variation of each individual tire calculated from
the ISO rough track at the velocity of 10km/h.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [kN]

S-A CG [kN]

S-A RA [kN]

11.0647l

5.0403

5.0009

11.053l

4.4704

4.5534

11.546l

5.5237

5.3254

10.2929l

4.6246

4.3542

Table 15. The demand for rattlespace of each individual tire calculated from the ISO
rough track at the velocity of 10km/h.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [%]

S-A CG [%]

S-A RA [%]

22.1l

41.9

43.0

24.9l

36.2

35.6

22.1l

41.3

42.6

22.8l

30.9

31.4

Table 16. The dynamic vertical tire force variation of each individual tire calculated from
the ISO smooth track at the velocity of 10km/h.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [kN]

S-A CG [kN]

S-A RA [kN]

2.1587

1.3016

1.2930

2.0833

1.2870

1.2957

2.1789

1.3787

1.3859

2.0300

1.2400

1.2376

Table 17. The demand for rattlespace of each individual tire calculated from the ISO
smooth track at the velocity of 10km/h.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [%]

S-A CG [%]

S-A RA [%]

11.7

13.9

13.8

11.6

12.3

12.6

10.6

13.3

13.6

12.0

13.5

13.8

Table 18. The dynamic vertical tire force variation of each individual tire calculated from
the ISO smooth track at the velocity of 15km/h.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [kN]

S-A CG [kN]

S-A RA [kN]

3.9238

2.1412

2.1392

3.7004

2.1202

2.1330

3.8599

2.2394

2.200

3.6418

2.1238

2.1206
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Table 19. The demand for rattlespace of each individual tire calculated from the ISO
smooth track at the velocity of 15km/h.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [%]

S-A CG [%]

S-A RA [%]

11.7

14.6

14.9

12.3

16.0

15.8

11.6

15.7

15.4

11.6

15.6

15.4

Table 20. The dynamic vertical tire force variation of each individual tire calculated from
the sinusoidal on phase track.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [kN]

S-A CG [kN]

S-A RA [kN]

3.8868

1.5633

1.5530

3.8776

1.5618

1.5508

3.7846

1.6079

1.5906

3.7823

1.6064

1.5894

Table 21. The demand for rattlespace of each individual tire calculated from the
sinusoidal on phase track.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [%]

S-A CG [%]

S-A RA [%]

7.1

9.1

8.8

7.1

9.1

8.8

6.6

7.9

7.6

6.1

7.9

7.6

Table 22. The dynamic vertical tire force variation of each individual tire calculated from
the sinusoidal off phase track.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [kN]

S-A CG [kN]

S-A RA [kN]

6.3540

2.2331

2.2612

5.0804

2.1539

2.1715

4.5917

2.1142

2.1373

3.8634

2.0667

2.0731

Table 23. The demand for rattlespace of each individual tire calculated from the off
phase sinusoidal track.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [%]

S-A CG [%]

S-A RA [%]

9.5

13.1

12.8

9.3

12.2

12.2

9.3

11.9

12.0

9.3

11.6

11.5
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Table 24. The dynamic vertical tire force variation of each individual tire calculated from
the asymmetric bump track at velocity of 8km/h.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [kN]

S-A CG [kN]

S-A RA [kN]

8.9357

5.4553

5.4055

8.0228

4.7337

4.7228

7.9058

4.566

4.4689

7.6988

5.0536

5.3607

Table 25. The demand for rattlespace of each individual tire calculated from the
asymmetric bump track at velocity of 8km/h.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [%]

S-A CG [%]

S-A RA [%]

36.1

65.9

63.2

30.5

54.9

55.5

29.1

47.6

48.0

24.8

39.0

38.9

Table 26. The dynamic vertical tire force variation of each individual tire calculated from
the symmetric bump track at velocity of 8km/h.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [kN]
7.7305

l

S-A CG [kN]

S-A RA [kN]

3.251

3.2193

7.7352l

3.2527

3.2209

7.7471

3.2879

3.2307

7.4757

3.2903

3.2390

Table 27. The demand for rattlespace of each individual tire calculated from the
symmetric bump track at velocity of 8km/h.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [%]

S-A CG [%]

S-A RA [%]

14.3l

29.4

29.5

14.4l

29.3

29.4

15.2

28.7

29.1

15.2

28.7

29.1

Table 28. The dynamic vertical tire force variation of each individual tire calculated from
the heave natural frequency track.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [kN]

S-A CG [kN]

S-A RA [kN]

2.2269

2.3823

2.3926

2.2154

2.3773

2.3873

2.2098

2.3654

2.3682

2.2005

2.3637

2.3661
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Table 29. The demand for rattlespace of each individual tire calculated from the heave
natural frequency track.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [%]

S-A CG [%]

S-A RA [%]

7.5

13.0

12.7

7.4

13.0

12.7

7.6

13.0

12.5

7.6

12.9

12.5

Table 30. The dynamic vertical tire force variation of each individual tire calculated from
the pitch natural frequency track.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [kN]

S-A CG [kN]

S-A RA [kN]

2.2269

2.3823

2.3926

2.2154

2.3773

2.3873

2.2098

2.3654

2.3682

2.2005

2.3637

2.3661

Table 31. The demand for rattlespace of each individual tire calculated from the pitch
natural frequency track.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [%]

S-A CG [%]

S-A RA [%]

7.5

13.0

12.7

7.4

13.0

12.7

7.6

13.0

12.5

7.6

12.9

12.5

Table 32. The dynamic vertical tire force variation of each individual tire calculated from
the pitch natural frequency track.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [kN]

S-A CG [kN]

S-A RA [kN]

0.9096

0.9418

0.946

0.9111

0.9439

0.948

0.8747

0.9476

0.9404

0.8762

0.9497

0.9425

Table 33. The demand for rattlespace of each individual tire calculated from the pitch
natural frequency track.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [%]

S-A CG [%]

S-A RA [%]

3.8

5.1

5.0

3.8

5.1

5.0

3.6

4.5

4.5

3.6

4.5

4.5
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Table 34. The dynamic vertical tire force variation of each individual tire calculated from
the roll natural frequency track.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [kN]

S-A CG [kN]

S-A RA [kN]

1.8591

1.8414

1.8524

1.7404

1.7081

1.7014

1.8865

1.8711

1.8810

1.8284

1.7643

1.7577

Table 35. The demand for rattlespace of each individual tire calculated from the roll
natural frequency track.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [%]

S-A CG [%]

S-A RA [%]

4.5

8.2

8.1

4.3

7.6

7.5

4.4

8.1

8.0

4.3

7.8

7.7

Table 36. The dynamic vertical tire force variation of each individual tire calculated from
the wheel natural frequency track.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [kN]

S-A CG [kN]

S-A RA [kN]

8.3130

11.5907

12.4569

8.2966

11.6086

12.4625

8.2706

11.4077

12.0900

8.2537

11.3689

12.1000

Table 37. The demand for rattlespace of each individual tire calculated from the wheel
natural frequency track.
Tire
Left Front
Right Front
Left Rear
Right Rear

Passive [%]

S-A CG [%]

S-A RA [%]

1.6

7.9

9.0

1.6

7.9

9.0

1.6

7.5

8.9

1.6

7.5

8.9

