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Abstract
The adaptive Helmholtz resonator for decreasing harmonic pulsating pressure in a low-pressure
hydraulic system is presented in this study. Adaptivity is executed by both open loop and closed
loop controls so that continuous -20dB attenuation of the peak-to-peak value of the amplitude of
pressure is reached.

The study begins by a theory review including the theory of effective bulk modulus, sound
velocity measurements, adjustable dynamic vibration absorbers and control methods of dynamic
vibration absorbers. The main target of the paper, the Helmholtz resonator, is presented in its own
chapter, albeit it is noted to be one application of the dynamic vibration absorber. The review is
completed by the analytical model of the hydraulic pipe with a T-filter or Helmholtz resonator.

After the theory review, the test equipment and its characteristics are presented. The main parts
of the test equipment were a main pipe and an adjustable Helmholtz resonator, which were both
developed for this study. Certain properties of the hydraulic oils used were determined
experimentally to increase understanding of the system.

The experimental section includes sound velocity measurements, sonic bulk modulus
definitions, measurements of the resonant frequencies of the adaptive Helmholtz resonator in the
test equipment, and tests of the open loop and closed loop control of the resonator. Control is
verified to maintain -20dB attenuating of pressure pulsations in the system.

The presented Helmholtz resonator and controls are available for installation into a hydraulic
system to damp out harmonic vibrations at low frequency. For example, the roll in the size press
of a paper machine might become excited to vibrate at its resonance frequency after the paper wad
has washed through the nip. In that case, tuned Helmholtz resonators in the hydraulic cylinders of
the size press would damp out the pulsating pressures, and if the resonators are adaptive, as
presented in this study, they can operate in a wider frequency range.

Keywords: absorbers, adaptive, Helmholtz resonator, hydraulic, vibration
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Symbols 

@ unknown multiplier [m/Pa s] 

α viscosity factor [1/s] 

β correction length of the neck [m] 

γ ratio of specific heat [ ] 

η dynamic viscosity [Pa s] 

ι dimensionless valve opening [] 

λ wave length [m] 

ρ density [kg/m
3] 

τ wall shear stress [Pa] 

υ kinematical viscosity [m^2/s] 

ψ unit volume flow [m3] 

ω angular velocity [rad/s] 

Δ change [] 

a sound velocity, pressure wave velocity [m/s] 

A cross-sectional area [m2] 

An cross-sectional area of the neck [m2] 

Ap port opening [m2] 

Ath cross-sectional area of the throat [m2] 

B bulk modulus [Pa] 

Bair bulk modulus of air [Pa] 

Bc elastic bulk modulus of cavity [Pa] 

Bfluid bulk modulus of fluid [Pa] 

Bn bulk modulus of the neck [Pa] 

Bp bulk modulus of the pipe [Pa] 

Cd discharge coefficient [] 

D, d diameter [m] 

E elastic bulk modulus [Pa] 

f frequency [Hz] 

fd Darcy friction factor [] 

F force [N] 

g acceleration of gravity [m/s
2] 

j 1−  

k, K spring constant [N/m] 

Keq equivalent spring constant [N/m] 

l length [m] 
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ln length of the neck [m] 

ln’ effective length of the neck [m] 

lth length of the throat [m] 

m, M mass [kg] 

N viscosity function [] 

n polytropic constant [] 

n number of samples [] 

nn mass of gas [mol] 

P pressure [Pa] 

Pa accumulator pressure [Pa] 

Pc cacity pressure [Pa] 

Pf pressure loss due to friction [Pa] 

Pi inlet pressure [Pa] 

Pm pressure in the branch [Pa] 

PO outlet pressure [Pa] 

Po pressure loss [Pa] 

Q laminar flow [m^3/s] 

Qi inflow [m^3/s] 

Qm flow in the branch [m^3/s] 

Qo outflow [m^3/s] 

R gas constant [J/K mol] 

r radius [m] 

Ro laminar flow resistance [Ω/m] 

rn radius of the neck [m] 

s Laplace operator (j · ω) [1/s] 

T wave propagation time [s] 

Tt temperature [K] 

t time [s] 

tw wall thickness [m] 

u flow velocity, axial speed [m/s] 

uo steady-state flow velocity [m/s] 

V volume [m3] 

Va volume of the accumulator [m3] 

Vair volume of air [m3] 

Vb beginning volume [m3] 

Vc volume of the cavity [m3] 

Ve ending volume [m3] 
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Vn volume of the neck [m3] 

VO initial volume [m3] 

Vp volume of the pipe [m3] 

Vtot total volume of the system [m3] 

Zc characteristic impedance [Ω] 

z displacement [m] 
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1 Introduction 

Vibration is familiar in human activities. For example, sight is based on light 

waves which vibrate, hearing demands vibrating eardrums and walking is not 

possible without periodic vibratory motion of legs and hands. (Rao 1990: 4.) 

Washing machines, pile driving and electronic circuits to filter out the unwanted 

frequencies are examples of industrial applications based on vibrations (Rao 

1990: 5). 

The vibration is also considered as an unfavourable phenomenon because of 

unbalance which may be due to faulty design or poor manufacture. The imbalance 

of rotating parts, such as wheels of a locomotive, can raise wheels more than a 

centimetre off the track at high speeds. (Rao 1990: 4.) Other disadvantages of 

unbalance are inaccurate working of machines, noise and wearing of components. 

Inaccurate working of a machine causes marks on the final product in continuous 

production. In the final product marking can exist in the form of thickness 

variation as a function of length of the product. Noise caused by vibration can 

propagate along pipes away from its point of origin in hydraulic systems (Ortwig 

2005: 5821). Vibration also stresses components and workers in its affected zone. 

For example, vibration wears down hydraulic components, decreases their 

lifetime (Ortwig 2005: 5821) and causes oil leaks, which are expensive. If one 

drop of oil drips every second, the loss of oil might be as much as 1500 l during 

one year. (Smiley 2007: 20.) 

The imbalance, or any external force, is disastrous if its frequency coincides 

with the natural frequency of the machine or structure. This kind of state is called 

as resonance and in a linear system it causes unlimited growth of the vibration. 

For example, see Figure 1 wherein growth of the amplitude in resonance in the 

time-domain is presented: note the growth rate. In reality the system becomes 

nonlinear during the growth of the vibration amplitude. Despite this the amplitude 

may grow enough to destroy construction, such as in the case of the Tacomo 

Narrows Bridge in Figure 2. The bridge was destroyed by wind-load which 

caused resonance. 
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Fig. 1. Resonance of the system whose natural frequency is 1 Hz and stiffness 

1000 N/m. Initial amplitude was 0.001 m and the force corresponds to a weight of the 

1 kg. 

Fig. 2.  Tacomo Narrows bridge during wind-induced vibration. The bridge collapsed on 7 

November 1940. Published by permission of University of Washington Libraries, Special 

Collections Division. 

A vibrationless machine is impossible to design or manufacture. Thus, the 

constructor has to be conscious of the means by which the strength of vibrations 

can be controlled. 

1.1 Hydraulic vibrations 

In this dissertation an adaptive Helmholtz resonator is studied in a test equipment 

whose operational pressure is less than 3 bar. The adaptive Helmholtz resonator is 
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used to damp out hydraulic vibrations, which are also known as pulsating 

pressure or rippling, at the frequency range of 0 to 50 Hz. Even though the 

modeling and experiments were done in a low-pressure system, the results are 

applicable to high-pressure systems after the effect of air is decreased. The 

volume of air in the hydraulic oil decreases as the pressure of the system 

increases, as presented in the theory review. Thus, the stiffness of the hydraulic 

system approaches the value presented in the literature when the pressure rises, 

whereas in a low-pressure system the air is first compressed, so the system is 

softer than presented in the literature. In addition, the amount of air in low-

pressure system hydraulics might vary, so that stiffness is not constant all the 

time. However, under high pressure the volume of air is compressed to a 

minimum so that its effect is minimal and its value remains constant. Because the 

stiffness of the hydraulics is most sensitive to pressure due to air content, the 

results of this study are applicable in higher pressure than studied here if the 

components are well dimensioned. In addition, the low pressure eased and 

cheapened the manufacture of the test equipment and the experiments. 

The target of the study could be reached by adding several Helmholtz 

resonators with different resonant frequencies to the system as presented at the 

bottom of Figure 3. However, multiple resonators would be heavy and damping 

frequencies would be wide but fixed. The system can be made lighter and 

continuous variable resonant frequency can be reached by replacing multiple 

resonators by an adjustable Helmholtz resonator as presented in the upper part of 

Figure 3. 
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Fig. 3.  An adjustable Helmholtz resonator, upper, and multiple Helmholtz resonators, 

bottom. 

The design of the hydraulic system is not touched albeit there might be 

possibilities to optimize the design so that pulsating pressure would be prevented 

by more exact design. In fact, modern hydraulic power units include at least one 

pressure accumulator to damp out pulsating pressure, especially peak pressures. 

Also, integrated electronics and digitally controlled valves have made hydraulic 

units easier to control and more stable. Thus, the improvements on stability of the 

hydraulic system by modifying the design of the existing system are neglected, 

because harmful pulsating pressures can be generated by actuators forced by 

hydraulics. For example a rock drill (Ijäs & Virvalo 2001) can generate harmful 

vibrations to a hydraulic system, in which case an additional damper is needed. 

The maximum pressure of the test equipment used in this study was 3 bar. 

Other low-pressure systems are, for example, variable crown rolls wherein the 

pressure of hydraulics varies between 0.5 and 120 bar depending on the position 

(Venemies 1999: 37, 39). Variable crown rolls are used in paper manufacturing 

and in metal rolling and they are examples of machines wherein hydraulics has an 

essential role in a process where harmful vibrations exist. Another field of low-

pressure hydraulic systems are automatic transmissions (Cho et al. 2002: 57), 

water supplier systems and lubricating systems. 
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1.1.1 Size press 

The principle of the size press, which is the application example of the study, is 

presented in Figure 4. In the size press two rolls are pressed together by hydraulic 

or pneumatic cylinders. The size press is used in the drying section of the paper 

machine to manufacture surface-sized paper. Surface-sized means that paper is 

coated with the agent, for example starch, to increasing picking strength and 

dimensional stability, and decreasing porosity of the paper. 

Paper machines and their presses, such as the size press, are widely studied in 

mechanical engineering because of the high production speed, which has 

highlighted technical questions, such as vibration problems, which should have 

been solved. Dynamic vibration absorbers are one solution to eliminate harmful 

vibrations of machines, and in this study a dynamic vibration absorber is adapted 

to the hydraulics to damp out harmful pulsating pressure. A paper machine 

contains a lot of hydraulics in which the pressure varies between 0.5 and 120 bar 

(Venemies 1999: 37, 39). Thus, the size press is only one example of an 

application wherein the results of this thesis can be applied. Widening the 

application area of the results to low-pressure hydraulics is a focus of this study. 

Low-pressure hydraulics is less studied, albeit there are deviations between 

measured and modeled results. These deviations are caused by air, which has a 

greater volume under low pressure than under high pressure, so a low-pressure 

hydraulic system is softer. Thus, the results of low-pressure hydraulics are 

applicable to high pressure if the effect of air is taken into account when the 

stiffness of the system is defined. The stiffness of hydraulics can be defined, for 

example, by measuring the sound velocity in fluid. Also other types of dynamic 

vibration absorbers, not only the Helmholtz resonator, are presented in this study 

because a paper machine can use several types of absorbers. 

The size press can be modeled as a one-degree-of-freedom vibration system 

where every malformation in the paper web, for example paper wad, will act as an 

impulse in the nip to excite the paper roll to vibrate at its natural frequency, see 

Figure 4. Vibration in the size press deforms the surface of the coated roll and in 

the next round the deformation feeds energy to the system on its natural 

frequency. The phenomenon is referred to as resonance. In the resonance the 

amplitude of vibration grows all the time, see Figure 1. Thus, the quality of the 

paper web weakens and the size press machine stresses. 
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Fig. 4. Transient phenomenon and roll deformation in the size press. 

The resonance could be avoided by varying properties of the system, especially 

properties of the rolls, all the time so that the natural frequency of the system 

would vary before the system runs into resonance. One, already presented 

solution for achieving system property variability is to constantly fill and empty 

rolls with water so that the mass of the system varies. Another solution would be 

the variable phase difference which can even smoothen the system. Phase 

difference can be made variable by changing the velocity of the paper web or 

changing the position of paper rolls so that the distance between nips is changed. 

The change of paper web velocity is used in paper machines albeit it is 

unprofitable in continuous production. Tables which present suitable velocities of 

the paper web and corresponding running times for the suitable velocity between 

velocity changes are presented in paper mills. The change of the position of nips 

is used in paper machine calenders where rolls can be positioned individually for 

every running speed used. 

Damping could be used to restrict the growth of the amplitude of vibration in 

resonance. However, damping converts vibration energy into to heat which means 

energy losses and increased heat. Thus, damping is avoided in continuous 

production machines, but is used in vehicles. 

Vibration of a machine can be damped out by adding a dynamic vibration 

absorber (DVA) to the system, if previously presented methods are unsuitable. 

The DVA adds one degree-of-freedom more to the system and the additional 
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degree-of-freedom can be tuned so that only the increased mass vibrates whereas 

the machine (primary system) holds still. The main target of the study is to prove 

the performance of the adaptive DVA in hydraulics so that harmful pressure 

pulsations generated by an actuator, for example a hydraulic cylinder in the size 

press, are prevented. The (adaptive) DVA can be attached to the hydraulic 

cylinder or its vicinity in the size press, see Figure 5, wherein the DVA prevents 

harmonic motions of the cylinder so that the roll position remains constant. Also 

harmful pulsating pressures generated by a moving piston are prevented. And if 

the used DVA is adjustable, or adaptive, it works reliably albeit the excitation 

frequency would vary during use. 

 

Fig. 5. The size press machine and its hydraulic cylinder separately. Presented in the 

bottom left is one possible position of the adaptive Helmholtz resonator and 

mechanical analogy of the system. 

1.2 Other dampers for hydraulics 

The Helmholtz resonator is not the sole passive damper for hydraulics but also 

pressure accumulators, T-pipes, chamber resonators (line filters), multi-degree-of-

freedom mass-spring dampers and dampers based on plate elements can be used 

in hydraulic systems to damp out pulsating pressure. 

Accumulators are widely used in hydraulics but they are not efficient at high 

frequencies (Mikota 2000: 292). An accumulator should be placed within 0.3 m of 

the disturbance source and the supply line between the accumulator and the main 

pipe should be short, preferably between 0.05 and 0.1 m (Viersma 1980: 199). 
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Heat causes problems in continuous use accumulators because of mechanical 

movement (stress) of the bladder, as depicted in Figure 6. 

Fig. 6. Cross section of the pressure accumulator. 

A T-pipe (T-filter, band-bass filter) is a side branch pipe which is closed off at the 

end. The pulsating pressure at a certain frequency is damped, if the length of the 

T-pipe is 

 l = 
4

λ
, (1) 

where λ is the wave length 

 λ = 
f

a
, (2) 

where a is the pressure wave velocity (sound velocity) in a medium and f is 

frequency. A long T-pipe is demanded if low frequency has to be damped out. 

(Mikota 2000: 295, Viersma 1980: 159.) For example, if wave velocity is 1400 m/s 

and the excitation frequency is 20 Hz, the length of the T-pipe has to be 17.5 m if 

there is a desire for the pulsating pressure to damp out. If the T-pipe is replaced by 

a short pipe which is open-ended (orifice branch), a high-pass filter is obtained 

(Kinsler 1982). However, the orifice branch is unsuitable in hydraulics. 

A line chamber resonator (line filter, low-pass filter) is in line with the main 

pipe so that an enlarged section is inserted into the main pipe, see Figure 7 

(Kiesbauer 1991, Kinsler et al 1982). The required length of the chamber 

resonator can be calculated by equation (1) and long resonator is demanded for 

low frequencies. Kiesbauer (1991: 36–43, 56) have presented a branch resonator 

(Reihenresonator) and flow simulations in frequency-domain in his dissertation. 
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Fig. 7. An example of the line chamber resonator. 

Mikota (2000) has presented in his paper a multi-degree-of-freedom mass-spring 

compensator and a compensator based on plate elements, Figures 8 and 9, 

respectively. The Multi-degree-of-freedom mass-spring compensator is 

constructed by adding springs and masses to the cylinder which is added to the 

hydraulic line so that one of the masses is acted on by pressure P(t). The sealing 

element is used to prevent oil leakages. The compensator can be dimensioned to 

damp out several excitation frequencies by adding more masses and springs to the 

system so that natural frequencies of the compensator equal the excitation 

frequencies of hydraulic system. (Mikota 2000: 293.)  

 

Fig. 8. Principle of multi-degree-of-freedom mass-spring compensator with three body. 

Q is flow, ki is spring, mi is mass, ci is damper and AN is piston area. Modified from 

Mikota (2000: 293). 

Fig. 9. Principle of compensator based on plate elements. 
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A compensator based on a plate element is constructed by clamping a plate of 

homogenous thickness, t, to the hydraulic line. The plate has to be tuned so that 

the natural frequency of the clamped plate equals the excitation frequency. 

Exceeding the maximum permissible stress of the material of the plate must be 

avoided (Mikota 2000: 294.) Mikota (2000: 299) have noted that the plate has to 

be large and bulky at high pressures and low frequencies. 

Different dampers for hydraulic systems are developed and presented in the 

literature, but the Helmholtz resonator was chosen for this study. The Helmholtz 

resonator is familiar in acoustics and the natures of hydraulics and acoustics are 

similar so that basic knowledge and measurement results from the field are 

available. Benefits of the Helmholtz resonator, if compared with previous 

dampers, are size, temperature stability and adjustability. As presented, the 

T-filter, in-line chamber resonator and plate based compensator are longer or 

bigger if low frequencies are damped. The pressure accumulator and compensator 

based on plate elements are based on mechanical movement which generates heat 

during continuous use. The Helmholtz resonator is also easier to adjust, or adapt 

than the pressure accumulator or plate based compensator. 

1.3 Similar studies from the field 

Important studies of the Helmholtz resonators are, in the opinion of the author of 

this dissertation, done by Doria (2000), Kostek & Franchek (2000), Matsuhisa et 
al. (1992) and Singh et al. (2006) because they have used controlled cavity 

volume to change resonant frequency of an adjustable Helmholtz resonator. de 

Bedout et al. (1997: 110) have controlled the resonant frequency of a Helmholtz 

resonator by adjusting the resonator neck dimensions, cavity volume, or both. The 

author would also like to highlight studies done by Estève (2004), Estève & 

Johnson (2004, 2005) and Johnson & Estève (2002) because they have presented 

a theory of the Helmholtz resonator with examples of applications. However, they 

have controlled their resonators by changing the length of the neck of the 

resonator with servo motors or by varying the opening diameter of the neck with 

an adjustable iris diaphragm. 

As presented Helmholtz resonators are familiar in acoustics. Instead the 

adaptation of Helmholtz resonators in hydraulics is less studied, albeit the same 

basic theory of the Helmholtz resonator can be adopted in hydraulics too. The 

reason for the lack of studies might be the inertial damping of hydraulics which 

damp pulsating pressure. Another reason is a pressure accumulator which is used 
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as a damper in hydraulics. Also the high pressure used in hydraulic systems might 

make a constructor suspicious. Studies of Helmholtz resonators in hydraulics are 

done by Ijäs (2007), Kiesbauer (1991) and Viersma (1980). Viersma (1980) has 

written an elementary book of hydraulics which also contains a presentation of 

four-pole equations. Kiesbauer (1991) has studied the dynamics of the hydraulic 

line. He has presented and simulated the effect of different kinds of dampers on 

the dynamics of a hydraulic line. Most of the results are solved in the form of the 

ratio of outflow and inflow. Kiesbauer has also done experiments with dampers 

and measured sound velocity in fluid. The used pressures were 15 bar and 80 bar. 

Kiesbauer (1991: 113–115, 179–184) has presented a theory of control and 

regulation of the branch-resonators but the realisation and target have been 

different than in this study. His target might be referred to as calibration because 

the final realization, advantage and effectiveness of methods are not presented in 

his dissertation. Ijäs (2007) has presented a Helmholtz resonator without 

adjustability in his dissertation. 

The dynamic vibration absorber (DVA), such as the Helmholtz resonator, 

damps out vibrations at a known frequency without increasing energy to the 

system. The effective frequency range of DVA is narrow and efficiency is lost if 

the excitation frequency, the operating conditions or primary system parameters 

vary (Koo 2003: 12–13). In fact, DVA can act as an amplifier if it is out of tune. 

Thus, studies have been done to find means to widen the effective frequency 

range of DVA and change the resonant frequency of the DVA in real time so that 

same damper can be used at several frequencies (Carneal et al. 2004, Chen et al. 
2005, Wu et al. 2007). Control methods of ADVAs and Helmholtz resonators are 

presented in theory reviews and here the study done by Kostek & Franchek 

(2000) is mentioned. In their study they presented a similar closed loop control 

for the Helmholtz resonator in acoustics as was used in hydraulics in this study. 

1.4 The research problem and questions 

Dynamic vibration absorbers are widely studied and applied in research because 

of their efficiency. Still, further studies and research are needed to widen their 

narrow effective frequency range. Thus, the field is advancing continuously. 

Herein is examined the possibility of applying an adaptive dynamic vibration 

absorber to hydraulics, so the main research question is: 
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Research question: Is adaptive dynamic vibration absorber applicable to a 
hydraulic system? 

The main question is wide, so the following sub-questions are needed. 

Sub-question 1: What is the state of the art in the field of adjustable and 
adaptive dynamic vibration absorbers? 

Sub-question 2: What kinds of absorbers are available in hydraulics? 

Sub-question 3: Which parameters of hydraulics have to be known to design 
a viable vibration absorber for hydraulics? 

Sub-question 4: How can an adaptive dynamic vibration absorber be 
controlled in a hydraulic system? 

The first sub-question reveals the level of knowledge in the field, and its 

conclusions together with those of sub-question 2 guide the study forward. Sub-

question 1 is covered in the paper (Kela & Vähäoja 2009b) and the chosen 

absorber and its field are covered in the paper (Kela 2009). After the review of 

dynamic vibration absorbers is done and an absorber is chosen, the required 

parameters of hydraulics have to be studied so that the absorber can be tuned. 

This subject is covered in the paper (Kela & Vähäoja 2009b). Sub-question 4 is 

covered in the paper (Kela & Vähäoja 2009c). The presented papers are discussed 

in the following chapter. 

1.4.1 Contribution of the study 

As presented in the above, the Helmholtz resonator is a known invention, as well 

as a different kind of solution to change resonant frequency of the resonators in 

acoustics and hydraulics. Also, different kinds of solutions for the control of the 

dynamic vibration absorbers have already been presented. However, previous 

subjects are not presented together in the same study. Thus, the main target of this 

study is to attenuate the amplitude of pulsating pressure at the frequency range of 

0 to 50 Hz in the test equipment by an adaptive Helmholtz resonator. Models and 

experiments will be done in a low-pressure hydraulic system (<3 bar). 

The low frequency range is explained by the assumption that the excitation is 

generated by the actuator, not by the pump. The piston inside the main pipe is the 

actuator in this study. Corresponding frequencies appear for example in the size 

press wherein the excitation frequency can vary with the roll rotating speed. 
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Albeit excitation frequency would remain constant, the Helmholtz resonator can 

lose its ability to damp out pulsating pressure if properties of the system vary. For 

example, oil temperature, pressure, and the amount of air in oil can change, in 

which case an adaptive Helmholtz resonator has to change its properties or it 

loses its ability to damp out pulsating pressure. Thus, the need for the adaptive 

damper in a hydraulic system, such as an adaptive Helmholtz resonator, is 

obvious. To reach the target of the study, theory reviews, analytical calculations 

and experiments in the different fields are done. The knowledge concerning the 

parameters which define the dynamic behavior of low-pressure hydraulic systems 

will be increased during the study. 

Theory reviews and results presented in this study are already published as 

follows: 

1. Wave velocity measurements with results and theory review of measurements 

of wave velocity (sound velocity) and bulk modulus are presented in the 

World Congress on Science, Engineering and Technology in Dubai 2009. The 

paper is published in the proceedings of the World Academy of Science, 

Engineering and Technology (Kela & Vähäoja 2009). 

2. Adjustable Helmholtz resonator in a low-pressure hydraulic system is 

presented in the journal, Archive of Applied Mechanics (Kela 2009). The 

paper includes a theory review of Helmholtz resonators and adjustable 

Helmholtz resonators and results of measurements of resonant frequencies of 

an adjustable Helmholtz resonator whose resonant frequency was varied by 

changing the volume of the cavity. 

3. A review of recent adjustable tuned vibration absorbers is presented in the 

Journal of Applied Mechanics Reviews (Kela & Vähäoja 2009b). The paper 

includes a theory review of adjustable tuned vibration absorbers which are 

presented in peer reviewed journals during this century. The paper also 

presents the efficiency of an adjustable Helmholtz resonator in a low-pressure 

hydraulic system at different frequencies as a case example. 

4. Control of the adjustable Helmholtz resonator is presented in the International 

Journal of Fluid Power (Kela & Vähäoja 2009c). The paper includes a theory 

review of control methods of Helmholtz resonators, the two degree-of-

freedom model of the hydraulic system with an adjustable Helmholtz 

resonator, and presentations of the open and closed loop controls of attenuate 

pulsating pressure at different frequencies. Both control methods are modeled 
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and results are verified by experiments. The two degree-of-freedom model 

was noted to be adequate for the article.  

Other papers from the field of study written by the author are (Kela 2007a, Kela 

2007b, Kela 2008), but the first four presented papers constitute the entity that 

covers the study. The definition of the stiffness of the hydraulics is presented in 

the first paper (Kela & Vähäoja 2009). The theory of the bulk modulus, which 

defines the stiffness of the system, and the means to measure stiffness with the 

help of sound velocity measurements are presented in the first paper. The stiffness 

of the hydraulics is an important parameter in damper design because the damper 

is not a separate device in hydraulics; its stiffness is the same as the stiffness of 

the hydraulics. Thus, the first paper creates a base for further study. The second 

paper (Kela 2009) presents the adjustable Helmholtz resonator and a theory 

review of the Helmholtz resonator. It is also presented experimentally that the 

resonant frequency of the Helmholtz resonator can be varied by changing the 

length of the neck or the volume of the cavity. The second paper also presents the 

effect of low pressure on the hydraulic system, because the measured frequencies 

are lower than expected. The third paper (Kela & Vähäoja 2009b) presents the 

damping capability of the adjustable Helmholtz resonator in a hydraulic system. 

Efficiency is presented experimentally at several frequencies. A review of 

adjustable dynamic vibration absorbers is also included in the third paper, so it is 

noted that the Helmholtz resonator is only one choice in the field of vibration 

absorbers. The paper also presents that a hydraulic system can be modeled as a 

mechanical system after parameters are identified. The goal of the study is 

reached, and the results of experiments with an adaptive Helmholtz resonator in a 

hydraulic system are presented in the fourth paper (Kela & Vähäoja 2009c). 

Adaptivity is achieved with both open loop and closed loop controls. 

The author found the subject of the study with the help of his supervisor. The 

test equipment was manufactured according drawings and plans made by the 

author. Measurements with the test equipment were done by the author after Mr. 

Vähätaini taught how to use the measurement devices. The author was an 

assistant during the chemical measurements, which were done by Ph.D. Pekka 

Vähäoja, who helped widely in the field of chemistry, including smart and 

magnetorheological materials. Thus, the theory reviews in the previous papers 

were mainly collected by the author, but Ph.D. Vähäoja helped in the writing 

because of his wider experience in scientific writing. 
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2 Theory review 

Theory reviews of the study are collected in this chapter. First presented is the 

theory review of the bulk modulus of fluid which describes the stiffness of 

hydraulics. Bulk modulus of fluid can be measured by a compression test, or it 

can be calculated after sound velocity and density measurements. Therefore 

means to measure sound velocity in fluid are presented after the theory review of 

the bulk modulus of fluid. Next, the main target of the study is reviewed. At first 

different kind of adjustable dynamic vibration absorbers are considered to point 

out that the Helmholtz resonator is only one possible solution in the field of 

dynamic vibration absorbers (DVAs). A Helmholtz resonator is presented in its 

own chapter to emphasize its role in this study. A theory review is concluded by 

presenting different control methods of adaptive DVAs so that an adaptive 

Helmholtz resonator can be manufactured and tested in the test equipment whose 

maximum pressure is 3 bar. 

2.1 Bulk modulus of fluid 

The effective bulk modulus of fluid is studied because, as will be noticed in the 

next section, the same parameters which affect the effective bulk modulus also 

affect the value of sound velocity. Thus, the following theory review is also 

applicable to the theory review of sound velocity. 

The bulk modulus of fluid describes the stiffness of a certain volume of fluid 

within a given system and its value is needed in various analyses of hydraulic 

systems. The exact value of the fluid bulk modulus used in a machine is difficult 

to define. The difficulty does not stem from a lack of research, vice versa; much 

research has been done to verify the value of the bulk modulus of standard fluids. 

However, these studies have been done under ideal conditions so that the results 

are not always applicable to real systems. (Manring 1997: 462.) The main factors 

which affect the value of the effective bulk modulus of fluid are the air content of 

fluid, fluid pressure, fluid temperature, pipe rigidity and interface conditions 

between the fluid and the air (Jinghong et al. 1994: 146). All these parameters 

may have different values in the optimal measuring device and in the actual 

machine. 

A part of the air content dissolves in a molecular form and the rest of it, 

entrained air, exists in the form of small bubbles (Cho et al. 2002: 57). The 

dissolved air has only a little effect on the bulk modulus of fluid (Cho et al. 2002: 
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57), but it can generate entrained air (Nykänen 2000: 101). In contrast, the 

volumetric percent of entrained air within fluid is one of the most influencing 

variables when the value of the effective bulk modulus of fluid is evaluated 

(Manring 1997: 462). For example Merritt (1967: 17) has calculated in his book 

that one percent entrained air can reduce the effective bulk modulus of fluid by 

even 75% of the average delivered value of bulk modulus. Urata (1982: 802), for 

one, has noted that the hydraulic fluid usually contains a little air in the form of 

bubbles, which had the added disadvantage of their resistance to pressure 

reduction when pressure is decreased. And it should be noted that other gases, not 

only air, also affect the effective value of the bulk modulus, and the type of gas 

has a greater effect than the quantity of the gas does. The lower the molecular 

weight of the gas, the greater the effect on the effective bulk modulus. (Howells 

& Norton 1984: 1114.) 

The fluid pressure has an effect on the value of the effective bulk modulus, 

particularly at the lower range of pressures. One reason for the effect of pressure 

on the bulk modulus is the relation between the entrained air content and 

dissolved air content in fluid. Some entrained air becomes dissolved air when 

pressure increases. (Jinghong et al. 1994: 147.) Another reason can be found on 

the molecular level. If the pressure of the fluid under study is low, the fluid 

molecules fit among each other easily and a significant amount of free space is 

still available. When the fluid is compressed, the free space decreases quickly at 

lower pressures. When the pressure of the system is high, the free space is almost 

negligible. At this point a further decrease in volume is connected with 

interactions between fluid molecules and their neighbouring molecules. (Varde 

1984: 714.) Thus, if the pressure of a hydraulic system is more than 50 bar, the 

effect of free air is only minor (Kajaste et al. 2006: 2). 

Figure 10 presents the relation between fluid pressure (X-axis), fluid 

temperature (lines) and bulk modulus (Y-axis). Fluid temperature affects the 

density of the air content, the size of small air bubbles in fluid and thereby the 

effective bulk modulus of fluid, especially in dynamic situations (Jinghong et al. 
1994: 147). An increment of temperature also causes changes in the molecular 

level of the fluid. More vigorous collisions between molecules are observed, 

which may eventually cause changes in molecular structures, and a decrease in 

their effective volume is probable. (Varde 1984: 715.) Howells & Norton (1984: 

1113) have noted in their study that the effect of temperature between the 

temperature range −30 °C and 130 °C is significant in sound velocity and for the 

effective bulk modulus. There is a limiting maximum value at low temperatures 
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and the value of the bulk modulus will decrease dramatically when temperatures 

rise (Howells & Norton 1984: 1113). Jacobson & Vinet (1987: 713) have noticed 

that at low pressures the effective bulk modulus is almost independent of 

temperature. The effect of fluid temperature can be ignored if the fluid 

temperature is approximately constant (Jinghong et al. 1994: 147) and in several 

research articles this is done. The density and bulk modulus of solid parts (such as 

pipes) will not vary as much as the density of fluid does when temperature and 

pressure vary (Harms & Prinke 1979: 191). Thus, the effect of pipe rigidity on 

bulk modulus can be ignored if rigid pipes are assumed in hydraulic systems 

(Jinghong et al. 1994: 147). 

Fig. 10. Effect of temperature and pressure on bulk modulus. Temperatures of 

samples are: ◊ 25°C, ⎕ 40°C, ∆ 60°C and x 80°C. Quoted from Kajaste (2005: 11), original 

from Kuss (1976), German version available also in Harms & Prinke (1979: 191). 

Published by permission of DGMK. 

The moisture content of the fluid may also have a role when the sound velocity or 

effective bulk modulus of fluid is determined; it slightly reduces the value of the 

effective bulk modulus (Howells & Norton 1984: 1113). The viscosity of the fluid 

also affects the bulk modulus of fluid (Fukuhara & Tsubouchi 2003: 188, Kajaste 

et al. 2006: 6), but of course the viscosity of a fluid depends on its molecular 

structure in the first place, hence the effect of viscosity on bulk modulus varies 

with different fluids.  

Urata (1982: 801) has mentioned four definitions of bulk modulus, which 

also include three basic definitions of bulk modulus which are widely used in text 

books. These definitions are only applicable to their own specific conditions. 

(Cho et al. 2002: 58.) 
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Secant (mean) bulk modulus (3) is applicable to static processes and it is 

expressed as pressure change to volume change per unit volume from initial state. 

 B = −

0V
V

P
Δ

Δ
, (3) 

where P is pressure, V is volume and V0 is initial volume (Cho et al. 2002: 58). 

Tangent (dynamic) bulk modulus (4) is applicable to a process when pressure 

and volume change rapidly near the given pressure and it is expressed as the 

differential form of the pressure to the volume. If the tangent bulk modulus is 

applied to an isentropic process, it is called adiabatic bulk modulus. 

 B = −V
V

P

∂
∂

, (4) 

where V is volume and P is pressure (Cho et al. 2002: 58). The interpretation of 

change and partial derivative is presented in Figure 11. 

Sonic bulk modulus (5) has the same value as the adiabatic bulk modulus and 

it is derived from the sound velocity in the fluid and its density (Cho et al. 2002: 

58). 

 B = ρ a2, (5) 

where ρ is density and a is sound velocity. The sonic bulk modulus model (5) is 

used in this study to define the value of the bulk modulus of fluid because the 

sound velocity in the test equipment is measured. 

 

Fig. 11. Graphical interpretation of partial derivative and change. 
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These three definitions of bulk modulus are the basis on which several researchers 

have developed more. For example the Nykänen-model is extended from the 

tangent bulk modulus model and it is a two-phase model which takes into account 

the density of liquid-gas mixtures (Nykänen et al. 2000: 106). Kajaste et al. 
(2006) have compared the Nykänen-model with the extended Wylie-Yu-model in 

their study analytically and experimentally by a novel test rig. The extended 

Wylie-Yu-model is suitable for non-constant temperature processes and it takes 

into account that the bulk modulus of airless liquid is a function of pressure 

(Kajaste et al. 2006: 2). The novel experimental system consisted of a robust 

hydraulic cylinder in which the piston was used to change the volume of the 

cavity and to pressurize the fluid (Kajaste et al. 2005: 8, 2006: 3). The models 

agreed with the experiments, but they should be used carefully in the vicinity of 

atmospheric pressure (Kajaste et al. 2006). Manring (1997) developed a model of 

effective bulk modulus which includes the values of pressure and flow because he 

wanted to point out that the effective bulk modulus is a measurable quantity. The 

accuracy of his model is ±28% over the studied pressure range (Manring 1997).  

Aparicio et al. (2007: 14), Boehman et al. (2004), Jacobson & Vinet (1987), 

Song et al. (1991) and Varde (1984) have used the same principle, a P-V-T-

method based on higher pressure and volume reduction, as Kajaste et al. (2005, 

2006) to measure the bulk modulus of fluids (e.g. biodiesel) in their studies. Cho 

et al. (2002) and Jinghong et al. (1994) have measured the bulk modulus of 

liquids with the help of wave velocity, that is, they have used the sonic bulk 

modulus model, as is also used in this study. Dzida & Prusakiewicz (2007: 2) 

have noted that the sonic bulk modulus model is the only experimental method 

which directly gives the value of the adiabatic bulk modulus. In several studies 

sound velocity is first measured by ultrasound measurement devices and then the 

value of the effective bulk modulus is calculated with the help of the value of 

density (Lagourette & Daridon 1999, Maleky et al. 2007, Tat et al. 2000). 

2.2 Means to measure the sound velocity 

The value of sound velocity (also known as pressure wave velocity) is needed 

when hydraulic systems are analyzed and devised. It is a parameter in various 

dynamic models and dampers of hydraulic systems. As presented in the previous 

chapter, with the help of sound velocity it is possible to define the sonic bulk 

modulus, which has the same value as the adiabatic bulk modulus (Cho et al. 
2002: 58). Thus, the theoretical aspects of effective bulk modulus presented in the 
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previous chapter also agree with the theory of sound velocity as can also be noted 

by comparing the results of Figure 10 with the results of Figure 12 wherein is 

depicted the relation between fluid pressure (X-axis), fluid temperature (lines) 

and sound velocity (Y-axis). In this chapter the means to measure the sound 

velocity are presented. 

 

Fig. 12. Effect of temperature and pressure on sound velocity in oil sample: ● 335.1 K 

(62 °C), ■ 370.7 K (98 °C) and ▲ 402.1 K (129 °C) (Ball et al. 2002: 7, published by 

permission of Elsevier). 

Different means for measuring sound velocity have been presented in studies over 

the decades, for example Graham (1953), Harms & Prinke (1979), Mraz et al. 
(1983), Kiesbauer (1991) and Kim & Park (2005). Usually, these measurements 

are carried out in separate measurement equipment, but also automatic measuring 

systems have been studied recently because they are needed in researching the 

physical and chemical properties of liquids and in industrial measurement devices 

(Ikeda 1999: 1089) as in food operations (González 2002: 543) and in the fuel 

industry (Dzida & Prusakiewicz 2007). 

The measured fluid has to be removed from the original machine, if separate 

measurement equipment is used. This affects certain characteristics of the fluid, 

such as the amount of air, moisture concentration or temperature, and the results 

of sound velocity measurements may differ from the original situation. Separate 

sound velocity measurement instrumentation is often designed in such a way that 

at least entrained air can be removed from the measured fluid. Thus, the results of 

the measurement do not take the effect of air into consideration, or only dissolved 
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air is noted. This does not correspond to a real system because air is present in 

fluids, especially at low pressures. The greatest disadvantage of the separate 

sound velocity measurement instrument is its unsuitability to real-time 

measurement of the sound velocity in the machine. Thus, they can not be applied 

to real-time controllers. 

In several studies sound velocity has been measured with ultrasonic 

transducers. The ultrasound technique may be based on time-of-flight (Meng et 
al. 2006) or pulse-echo principles (Lagourette & Daridon 1999). The ultrasonic 

method is accurate; an accuracy of ±0.005 m/s can be achieved (Høgseth et al. 
2000: 4679), but high precision requires strict temperature control because a 

0.2 ppm change in velocity can be caused by a change of 0.0001 °C in 

temperature (Horváth-Szabó et al. 1994: 1467). Thus, larger errors have also been 

presented in the literature (González et al. 2002, Lagourette & Daridon 1999, 

Meng et al. 2006). The ultrasound technique is also rapid, long-term stabile, non-

destructive, safe, suitable for almost all mediums which are elastic, and possible 

to automate the measurement, with reservation, as in some cases automation is 

impossible. For example the well-established pulse-echo-overlap method using 

tone burst is the most precise means to measure sound velocity, but it is 

complicated to use in a continuous process because of the overlapping 

phenomenon by the observer (Tardajos et al. 1994: 2933). Besides, the ultrasound 

methods have diffraction which may lead to inaccuracy when using poor-quality 

measurement devices or when ultrasonic apparatus are used carelessly (Ball et al. 
2002: 2, Graham 1953: 1124.  

Another method for defining sound velocity is to measure the bulk modulus 

of fluid using some of the models presented in the previous chapter, equations 

(3)–(5), for example Aparicio et al. (2007), Kajaste et al. (2005, 2006), Song et 
al. (1991) and Cho et al. (2002). Use of the bulk modulus technique prevents 

unwanted pressure gradients between the sample and the surrounding system. The 

useful pressure range of the method is wide (0.1–350 MPa). The amount of 

entrained air can also be taken into consideration. This method cannot be used for 

continuous real-time measurements because of the need to determine the specific 

volume of the sample under atmospheric pressure first and the obvious 

requirement of measuring the density of the sample under all the pressures used. 

Some researchers have used pressure transducers to detect sound velocities in 

oils. Harms & Prinke (1979) presented a method based on phase difference. In 

this method excitation should be constant, such as pump rippling, because the 

signal is compared at two points and the value of the wave velocity is calculated 
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from the time difference of these signals which are based on wave length. A 

similar method was used by Kiesbauer (1991: 29, 139) who measured complex 

pressure amplitude at three known measurement points and defined the sound 

velocity with the help of a Cosine-function. Cho et al. (2002), Harms & Prinke 

(1979) and Jinghong et al. (1994) measured the sound wave propagation time by 

pressure transducers and calculated a cross-correlation function of the pressure 

signals. The methods are based on pressure measurements so that real-time 

measurements are possible and the influence of air can be taken into 

consideration. 

Yet another method for determining sound velocity was presented by Apfel 

(1976). This method is used to measure the adiabatic compressibility and density 

of a fluid when the sample amounts are extremely small, 4 nl – 4 μl. Sound 

velocity can be calculated from these data. This method is applicable for, among 

others, supercooled or superheated samples, biological or hazardous samples or in 

every case when the bulk properties of fluids have to be determined from small 

sample amounts. The fluid studied is acoustically levitated on an immiscible host 

liquid at a certain spot of the test equipment. A reference measurement of a fluid 

whose properties are well-known is made at the exact same spot. The results are 

accurate (within 2% margin compared with the same values determined by 

traditional methods). In order to calculate sound velocities, the density of the 

sample has to be measured using separate measurement instrumentation. 

Obviously, this method is suitable for laboratory experiments only. (Apfel 1976, 

Apfel et al. 1985.) 

Sound velocity can be used to evaluate various characteristic properties of 

fluids. For instance, it has been used to determine the concentration of solvents in 

oils (González et al. 2002) and the composition of oil-water mixtures and 

emulsions (Meng et al. 2006). Sound velocity is used to calculate the physical 

properties of hydraulic and other lubricating fluids, as well as fuel oils (Aparicio 

et al. 2007, Dzida & Prusakiewicz 2007, Tat & von Gerpen 2003, Tat et al. 2000). 

The estimation of the structural and mechanical properties of fats (Maleky et al. 
2007) and the physical properties of petroleum fractions and petroleum reservoir 

fluids (Ball et al. 2002, Lagourette & Daridon 1999) are based on sound velocity, 

as well as the measurement of the properties of magnetorheological (MR) fluids 

(Kim & Park 2005). 
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2.3 Dynamic vibration absorbers 

Frahm (1911) invented the theory of an undamped and damped dynamic vibration 

absorber (DVA), also called a tuned vibration absorber (TVA), which can be used 

to attenuate vibrations of structures, either globally for rigid structures or locally 

for flexible structures (Carneal 2004: 781). DVA consists of a mass, a spring and a 

damper, and it is attached to a primary system to attenuate vibrations of the 

primary system, see Figure 13. Du et al. (2005: 701) have noted that DVA should 

be attached at the location of maximum vibration in the primary system because 

DVA absorbs vibratory energy. The damper of DVA is neglected, when DVA is 

required to attenuate a certain frequency of vibration of the primary system (tonal 

tuning). If the damper is included in DVA, the DVA attenuates vibrations of the 

primary system over a wide range of frequencies (modal tuning). (Bonello et al. 
2005: 3955–3956.) However, the response of the primary system at the natural 

frequency of DVA will no longer be zero, if the damper is added to the DVA. The 

DVA was noted to damp vibrations, and it is easier to realize than modifications 

of the primary system, for example change of mass or spring constant of the 

primary system. DVAs are presented thoroughly in elementary books on 

vibrations, among others Beards (1995: 104–113), den Hartog (1956: 87–106), 

Rao (1990: 465–472) and Thomson (1972: 141–142). 

 

Fig. 13. Primary system with undamped dynamic vibration absorber. 

As presented in elementary books and studies of the subject, the effective 

frequency range of DVA is narrow. Thus, the means to widen the narrow effective 

frequency area, or change the resonant frequency of absorber has been studied 

because operating conditions of the primary system and/or system parameters 

may change over time. (Koo 2003: 12–13.) If the operating conditions or primary 

system parameters change unfavourably, the DVA may increase vibrations in the 

primary system and cause more damage (Brennan 2006: 531). 
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Equation (6) presents the definition of natural (resonant) frequency of DVA 

 f = 
m

k

2

1

π
, (6) 

where k is the stiffness of DVA and m is the mass of the DVA. As seen in 

equation (6) the means to change the resonant frequency of the vibration absorber 

are converted into spring constant (k) or mass (m). The former is more studied 

and application of variable mass has not been found from the literature, albeit 

even a water bucket can be a variable DVA if the water line is varied. Instead, 

studies of the DVAs with adjustable stiffness are available and recent examples 

are reviewed in this study. Different material choices are one possibility for 

adapting DVAs, for example by using shape-memory alloys, magneto- and 

electrorheological materials, viscoelastic materials and piezoelectric materials. 

Stiffness of the DVA can also be varied by changing the effective coil numbers of 

mechanical springs, the length of the threaded flexible rod, the shape of a flexible 

beam, the material property, the curvature of two parallel beams, the effective 

length of a flexible beam, or by varying the strength of electromagnetic force. 

(Wu & Shao 2007: 891, Brennan 2006: 542.) These means will be discussed with 

a few application remarks in this study. The review is limited to recently 

presented studies of the field because the DVA has already been studied for over a 

hundred years. A summary matrix of ADVAs is presented at the end of this 

chapter (p. 60). The matrix, Table 1, includes the papers that are covered in this 

study and it presents the method used to change the resonant frequency of the 

ADVA, the corresponding author of the study, and the advantages and 

disadvantages of the ADVA as the author has presented them. 

2.3.1 Traditionally classified dynamic vibration absorbers 

DVAs are traditionally categorized into four classes: passive, active, hybrid and 

semi-active absorbers. However, smart materials and adjustable dampers have 

confused the traditional classification. 

Resistive or reactive devices, which absorb vibration energy or load the 

transmission path of the harmful vibrations, are passive absorbers. Passive DVA 

effectively absorbs vibrations caused by different types of forces (Koo 2003: 12), 

but the effective tuning area is narrow (Brennan 2006: 531). Wu & Shao (2007) 

have used a virtual passive approach to widen a frequency range of the DVA. The 

stiffness, inertia and/or damping coefficient of the virtual DVA are adjusted by 
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varying the parameters of the virtual element by control algorithms. The virtual 

element can be a servomotor or a linear actuator. (Wu & Shao 2007: 892.) Wu & 

Shao (2007) have done numerical simulations for the adaptive undamped and 

damped vibration absorber and experiments with the damped adaptive absorber to 

obtain a maximum adaptation rate for the virtual stiffness. 

Active dampers feed additional energy into the system to absorb its harmful 

vibrations and a part of the force of the actuator is used directly to damp external 

force (Wu & Shao 2007: 892). Active dampers are controlled by different kinds of 

algorithms and the disadvantage of the active absorbers is their control, which 

may magnify the amplitude of the vibration and create more damage if the control 

fails (Jalili & Esmailzadeh 2002: 223–224). Arfiadi & Hadi (2001) studied 

optimal feedback controllers utilizing H2 and H∞ norms in active DVAs using 

numerical examples. They also presented the categorization of typical control 

algorithms of active DVAs used in civil engineering structures. In addition to H2 

and H∞ norms, instantaneous optimal control, linear quadratic regulator, sliding 

mode control, neural-controller and fuzzy control have been used in these 

applications. Actuators of active DVAs can be designed from some of the 

following devices: mechanical mechanisms, piezoelectric actuators, pneumatic 

springs, cylinders, electromagnetic motors and electrical linear motors (Chen et 
al. 2005). Chen et al. (2005) propose the use of a voice coil motor (VCM) to be 

used as an actuator in active DVA. The VCM is a direct drive motor having a 

permanent magnetic field and coil winding, thus the produced force is 

proportional to the coil current. The applied design was used to damp harmful 

vibrations. 

Hybrid absorbers are a combination of active and passive absorbers and 

they are constituted when an additional actuation force is added to a DVA. The 

performance of a hybrid vibration absorber depends on its actuation force. (Yuan 

2001: 797.) Normally, a simple hybrid vibration absorber absorbs vibration at a 

certain point. Yuan has widened the solution by adding n pieces of simple hybrid 

vibration absorbers to the flexible structure. Thus, it absorbs vibrations at a 

certain frequency range by damping out multiples. While he has used identical 

spring-mass-viscous coefficient with n absorbers, also different parameters are 

possible (Yuan 2001: 804). Simple hybrid vibration absorber means a hybrid 

vibration absorber which uses sensor signals directly without recovering modal 

states. (Yuan 2001: 797.) Wu et al. (2007: 247) have presented a combination of a 

passive resonator and a linear actuator which constitute a vibration control 

method characteristic frequency of which can be adjusted by a software. They 
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have tested their hybrid DVA (a mechanical spring and linear actuator in parallel, 

see Figure 14) numerically and experimentally (Wu et al. 2007: 260). Moon et al. 
(2004) developed a hybrid DVA for controlling structural vibrations. Their 

damper is based on the linear motor principle and it had simple structure and low 

maintenance costs when compared with hydraulic and electric motor driving mass 

dampers. The linear motor damper could move the auxiliary damper mass of 

1500 kg with a ± 250 mm max stroke. This damper was controlled by H∞ optimal 

method and first two vibration modes of the structure could be wiped out. Du et 
al. (2005) have studied the effect of dynamic vibration absorbers (DVA) and 

hybrid dynamic vibration absorbers (HDVA) to improve the dynamical behavior 

of the vibration isolator. In their study DVA or HDVA is directly embedded into 

the isolator to attenuate the internal resonances and the isolator is a continuous 

system with a distributed mass between rigid mass and a rigid foundation. 

Numerical simulations have been done to optimize the DVA parameters in the 

model of the passive DVA-enhanced isolator and experiments to demonstrate the 

performance of the passive and hybrid DVA. The DVA was constructed of two 

masses. The first mass included a permanent magnet and another included the 

voice coil. Thus, the DVA was able to act as either a passive DVA or a hybrid 

DVA by turning the control off or on. The passive DVA-enhanced isolator was 

noted to reduce both the force transmissibility and the radiated acoustic power 

significantly. The hybrid DVA with adaptive Filtered-X LMS (least mean square) 

feed-forward control algorithm was noted to offer broadband improvement. 

Carneal et al. (2004: 783) have presented a “V” type adaptive dynamic vibration 

absorber (VADVA) wherein a stepper motor acts as its active mass. The resonant 

frequency of the VADVA is controlled by changing the flexural stiffness of the 

supporting shafts by moving the supporting ends by the stepper motor. They did 

experiments wherein VADVA was used to reduce the sound radiated by a finite 

simply supported plate excited by a single frequency harmonic disturbance. They 

measured plate flexural vibrations by a laser vibrometer at 100 points on the plate 

surface. The VADVA was noted to be an efficient damper when it is well-tuned. 

However, it can work as an amplifier when untuned. Kidner & Brennan (2002) 

have investigated the effect of beam geometries to change the resonant frequency 

of the beam-like neutralizer. The beam-like neutralizer whose stiffness is 

controlled by changing the distance between beams can be modeled as a two 

lumped mass model. Four different beam geometries have been studied 

experimentally and numerically: parallel, triangular, pinned and clamped. Kidner 

& Brennan (2002) have reached agreement between experiments and models with 
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clamped and pinned beam configurations but the experimental results differ from 

models with triangular and parallel configurations. However, they have noted that 

stiffness can be changed even by small changes in beam separations. They have 

also studied experimentally and with computer-aided methods, real-time control 

to change the stiffness of the beam-like neutralizer. They have compared a fuzzy 

logic controller to a simple proportional controller and noted that the fuzzy logic 

controller was an effective control method. (Kidner & Brennan 2002.) 

Fig. 14. Functional sketch of experimental apparatus of hybrid DVA studied by Wu et 

al. (2007: 257, published by permission of Elsevier). 

Setareh (2001, 2002) has presented ground hook tuned mass dampers (GHTMD) 

which belong to the class of semi-active dynamic vibration absorbers which 

are passive absorbers which are adjusted to optimize their effectiveness. The 

damping or stiffness of semi-active DVAs can be variable (Setareh 2002: 76) and 

they differ from original DVAs by a variable damper which is between the 

primary system and vibration absorber. The damping factor can vary, for example 

with time, so that a vibrating system with GHTMD is a non-linear dynamic 

system. Setareh (2001, 2002) has done numerical studies on GHTMD. This is not 

exactly adjustable, because only damping can be controlled, not the natural 

frequency of the system. Setareh (2001: 454) has noted that the primary system 

has to be lightly damped so that the DVA worked effectively. Pinkaew and Fujino 

(2001) studied control effectiveness of a semi-active dynamic vibration absorber 

(SDVA) with variable damping under harmonic excitation. They observed that 

when excitation is harmonic, the ability of SDVA to damp vibration is better than 

that of a traditional passive DVA. However, the SDVA demands an amplitude 

high enough with the proper phase in order to work as an efficient damper. But, 
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when the situation is correct, the SDVA can be flexible and efficient. The SDVA 

does not introduce energy to the system and it works better than a passive DVA 

and is cheaper than an active DVA. A semi-active variable stiffness dynamic 

vibration absorber (SAIVS-DVA) was developed for wind response control of tall 

buildings by Nagarajaiah & Varadarajan (2005). The developed SAIVS-DVA can 

vary its stiffness continuously and tune its natural frequency in real time. The 

damper was controlled by short time Fourier transform algorithm (STFT). As 

good performance as with active DVA can be achieved by the SAIVS-DVA, but 

with smaller power consumption. 

2.3.2 Smart material dynamic vibration absorbers 

Smart materials can be defined as materials which undergo a stiffness change 

when stimulated in a suitable way. Smart materials make possible the design of 

dampers which combine actuators and structural elements into a single unit 

because of these materials (Williams et al. 2002). 

One of the smart material groups used in vibration absorbers is piezoelectric 

materials which have been used in sensor applications, like in accelerometers. 

Piezoelectric materials can be shunted with a circuit containing resistive and 

inductive elements to form a device that acts like a DVA (Morgan & Wang 2002: 

685), or they can be used indirectly such as Bonello et al. (2005) have done when 

they used a piezo-actuator to bend a beam so that the stiffness of the ADVA varies 

by changing the curvature of the geometry of the absorber. If the piezoelectric 

absorber is required to function as a semi-active absorber, it requires either a 

variable inductor or variable capacitor element (Morgan & Wang 2002: 685). 

Davis & Lesieutre (2000) represented an actively tunable solid-state piezoelectric 

vibration absorber. Piezoelectric ceramic elements influence device stiffness and 

can be adjusted electrically in real time. Approximately 25% change in natural 

frequency and on average 10 dB vibration reduction in the whole tuning range 

can be achieved by using this absorber. Bein et al. (2008) described use of 

piezoelectric actuators in noise reduction for vehicle structures and they designed 

a semi-active electromechanical vibration absorber based on a shunted 

piezoelectric patch actuator. According to Bein et al. (2008) piezoelectric 

materials have dominated adaptronic system designs in the field of transportation, 

but there are also other promising materials, such as ER and MR fluids and shape 

memory alloys (SMAs), to be used in these applications. For example, ER and 

MR fluids can be found from the suspension systems of premium class vehicles. 
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Lesieutre et al. (2003) studied the design process of a piezoceramic inertial 

actuator to be used in active noise and vibration control applications and their 

results lead to development of commercial actuators. 

Shape-memory alloys (SMA) are a group of smart materials which are 

studied in damping applications. SMA can be defined as a class of alloys which 

experience reversible changes in their crystalline structure. An examples of these 

are Cu-based SMAs, NiTi SMAs, ferrous SMAs, shape memory ceramics and 

polymers; NiTi SMAs have a shape memory effect hence they are suitable for 

vibration control applications (Saadat et al. 2002). NiTi SMAs have been used in 

active, passive and hybrid vibration controls with success by different researchers 

as cited by (Saadat et al. 2002) in their review article. The work of Williams et al. 
(2002 and 2005) is chosen as a typical example of using NiTi SMA as a vibration 

absorber, see Figure 15. They used a nickel-titanium alloy called Nitinol in their 

experiments when constructing an ADVA. Nitinol`s crystalline structure depends 

on its temperature; two structures, martensite and austenite, represent “cold” and 

“hot” states of the Nitinol material. The crystal structure affects elastic modulus 

and yield strength of the material, and the elastic modulus increases three-fold 

when the change from martensite to austenite happens. The memory effect means 

that the heated material will return to its original shape if cooled down, hence the 

reaction is reversible. The temperature hysteresis between transformations should 

be taken into account in the design of automatic vibration controllers because it 

causes temperature variations; the temperature difference between the martensite 

– austenite transformation and its reverse transformation might be 10–20oC. Also, 

plastic deformation of SMA elements (mechanical hysteresis) is possible with the 

change in the crystalline structure, which eventually leads to non-linearity and 

increased damping. If beam-type elements are used, total stiffness can be 

increased using steel elements together with SMA elements, but this limits the 

natural frequency range of the ADVA. (Williams et al. 2002.) The natural 

frequency of the SMA ADVA presented by Williams et al. (2002) could be 

increased about 17% when the transfer from the “cold” state to the “hot” state 

happened. The increment of 21% was observed by Rustighi et al. (2005) with 

their SMA ADVA. Williams et al. (2005) developed their SMA ADVA further in 

their study. Although their previous design in (Williams et al. 2002) worked when 

discrete excitation frequencies were known, the design may need modification if 

more tuned conditions are wanted. This leads to additional SMA beams and 

further to a more complicated mechanical design. This can be prevented by using 

a continuously tuned SMA ADVA equipped with temperature modulation. 
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Temperature hysteresis can be avoided when utilizing R-phase (Rhombohedral) 

transformation of the SMA material. Performance of the SMA ADVA can also be 

improved with a suitable continuous control. Williams et al.’s (2005) experiments 

with this new damper modification made possible 15% variation in the natural 

frequency and corresponding vibration reduction of the original system of even 

40 dB and they have presented a feedback controller to control the absorber 

(Williams et al. 2005b). 

 

Fig. 15.  Conceptual SMA ADVA design by Williams et al. (2002: 840, published by 

permission of Elsevier). 

Magnetorheological (MR) materials are a group of substances whose elastic 

modulus can be controlled by means of magnetic field. These materials are 

divided into MR fluids, MR foams and MR elastomers, of which the MR fluids 

are used in commercial applications (Deng & Gong 2008). The MR fluid dampers 

are rapid, controllable, robust and generates large damping forces in a compact 

physical size (Facey et al. 2005, Yao et al. 2002: 964). Facey et al. (2005) have 

designed a MR damper which produces a controllable damping force for a high 

velocity range. However, use of MR fluids may have certain problems such as 

deposition, environmental contamination and sealing problems. These 

characteristics can be avoided when using MR elastomers (MREs) which are in 

the research stage in ADVA applications use. (Deng et al. 2006.) Deng et al. 
(2006) applied MREs in an ADVA design. The MRE used was a mixture of 

silicon rubber, carbonyl iron particles and silicone oil. The ADVA consisted of an 

oscillator, smart spring elements (MRE), magnet conductor and two coils. Shear 

modulus of the MRE material could be varied by magnetic field so stiffness of the 

ADVA depended on it as well as the coil current. Thus, the natural frequency of 
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the ADVA could be controlled by the coil current and in this way the natural 

frequency could be changed if the excitation frequency varied. On the other hand, 

if a constant magnetic field was used then the developed ADVA works as a 

passive ADVA with a fixed resonant frequency. The natural frequency of the 

ADVA could be changed from 55 Hz to 82 Hz in this case, the relative frequency 

change was 147% and absorption capacity was 60 dB. (Deng et al. 2006.) Deng 

& Gong (2008: 3) have studied similar ADVA, see Figure 16, in another paper. In 

this case, their theoretical model and experiments agree in the frequency range 

28 Hz and 40 Hz and the damper has a better vibration absorption capacity than 

the conventional vibration absorbers have. 

 

Fig. 16.  The schematic diagram of the ADVA developed by Deng & Gong (2008: 1941, 

published by permission of Elsevier): 1. cover, 2. guiderod, 3. linear bearing, 4. 

magnetic conductor, 5. shear plate, 6. MREs, 7. base, 8. electromagnet and 9. 

mounting shell. 

Instead of magnetorheological (MR) materials vibration absorbers can be 

fabricated using electrorheological (ER) materials whose damping properties 

change when electrostatic potential directed to the material is changed. ER fluids 

experience a change from Newtonian flow (freely moving particles) to Bingham 

behavior (particles aligned in a chain by applying voltage) under an electric field. 

Su et al. (2003) used gum arabic in transformer oil as ER fluid and produced an 

adaptive ER damper to attenuate wind-induced vibration in the feed supporting 

system of a radio telescope. This design worked, damping force was adjustable, 

vibration amplitude could be reduced 50% and structure of the damper was 

compact when compared to traditional air or liquid dampers. (Su et al. 2003.) 



 46

There are also other possibilities to use magnetic field to change damping 

properties of ADVAs. Pagliarulo et al. (2004) used a magnetostrictive dynamic 

vibration absorber in which the resonant frequency was adjusted by the 

feedback of force produced in magnetostrictive rods. Stiffness of the DVA 

depends on the stiffness of the magnetostrictive rods which form an actuator-

sensor pair with piezoelectric discs working as a force sensor. Natural frequency 

of the applied DVA can be reduced electronically by about 15%. Similar DVA 

design was used in May et al.`s (2003) research in which vibration problems of 

turboprop aircrafts were studied. The applied DVA should wipe out the blade pass 

frequency and its multiples at frequencies 100, 200 and 300 Hz, respectively. The 

DVA design was of the hybrid type. The blade pass frequency was removed 

passively and other frequencies actively. Liu & Liu (2006) represented an 

electromagnetic vibration absorber (EMVA) whose stiffness can be adjusted on-

line by varying the current of the electromagnet so that the natural frequency of 

the EMVA can be tuned based on varying excitation, see Figure 17. The main 

advantages of the designed EMVA are its rapid response and motionless 

adjustment of the required natural frequency. However, its energy consumption 

was not yet optimal, but the absorber can be made more efficient with optimal 

material selection and fabrication. They (Liu & Liu 2006: 723) have presented 

that miniaturization of the absorber is relatively easy because the EMVA do not 

have a mechanical drive system. Thus, there is an application area in production 

of micro-electromechanical systems (MEMS) devices using this kind of vibration 

absorber. 
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Fig. 17.  Photograph of the experimental setup of the EMVA by Liu & Liu (2006: 710, 

published by permission of Elsevier). The experimental system consists of three 

subsystems which are EMVA, primary system and computer control system. EMVA 

contains the following parts: (1) a clamped-clamped aluminium beam, (2) a permanent 

magnet, (3) an electromagnet, (4) the primary system, acting like a single degree-of-

freedom system, (5) a permanent magnet and (6) an electromagnetic shaker. 

2.3.3 Multiple dynamic vibration absorbers 

A multiple dynamic vibration absorber is produced by adding several DVAs to the 

primary system (Li 2002: 897) and multi-degree-of freedom DVAs can be used to 

damp several frequencies of a primary system (Zuo & Nayfeh 2004: 905). Li 

(2002) has studied multiple DVAs whose stiffness and damping are constants and 

mass of each absorber is variable. He has searched for the optimum parameters of 

the multiple DVAs by minimizing the maximum value of the dynamic 

magnification factor (DMF) of the primary system. Only numerical search 

methods have been used and comparisons between models have been done, 

though experiments have been neglected. (Li 2000.) Li (2002: 899) has continued 

the study of the performance of the multiple DVAs. He has used five models 

available for multiple DVAs, so that five different types of combination of 

damping coefficient, damping ratio, mass and stiffness were used. The 

minimization of the maximum value of the DMF of the primary system with 

multiple DVAs was used as the criterion for searching for the optimum 

parameters of the multiple DVAs. (Li 2002: 904.) Li & Ni (2007) have studied 
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non-uniformly distributed multiple DVAs numerically. They have used a gradient-

based algorithm to optimize multiple parameters of the DVAs. Both Li (2002) and 

Li & Ni (2007) have neglected conducting experiments. 

Grissom et al. (2005: 879) have presented a broadband vibration absorber 

(BBVA) which is constructed by assembling a flexible multiple, single-beam 

absorber rigidly to the rigid base. There is a mass at the end of the flexible beam 

and the whole system is fixed to the base structure at one point so that the six 

degrees of freedom at the fixed point are shared with the base structure. They 

(Grissom et al. 2005: 883) have done numerical calculations and experiments to 

verify the reduced eigenvalue method presented in their paper with a four-beam 

absorber which is constructed by attaching four flexible multiple, single-beam 

absorbers rigidly to the rigid base in the shape of a symmetry cross. A full finite 

element model based on numerical calculations has been done. The results of the 

eigenvalue method approach, experiments and numerical calculation agreed with 

each other when the rotary inertia of the absorber was included. Deviations were 

caused by variations in absorber material properties. 

Yuan (2001) has simulated a system of a multiple hybrid vibration absorber 

but experiments have been ignored. Griffin et al. (2001) used coupled resonators 

to widen the bandwidth of attenuation. The properties of the coupling member 

affect the results of transmission loss (Griffin et al. 2001). Johnson & Estève 

(2002) used 18 independently tuned Helmholtz resonators to widen the bandwidth 

of attenuation in acoustics. 

2.4 Helmholtz resonator 

Figure 18 presents an example of a Helmholtz resonator and a single-degree of 

freedom system that is analogous to a Helmholtz resonator. Thus, a variable-

volume Helmholtz resonator is similar to a semi-active absorber in design and 

implementation (Williams et al. 2005: 213). A Helmholtz resonator is composed 

of a cavity that is connected to the surroundings through a neck or through an 

opening (Alster 1972: 63, Dickey & Selamet 1996: 512, Estève & Johnson 2004: 

2). If a Helmholtz resonator is compared with a DVA, the neck corresponds to the 

mass and the cavity with the spring, as seen in Figure 18. 
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Fig. 18. Mechano-acoustic analogy of a Helmholtz resonator. 

In the classical model, the neck is thought to be longer than its physical length 

because of its radiation mass loading. Hence, the fluid in the neck has a total 

effective mass m (Kinsler et al. 1982: 226) 

 m = ρ An ln’ = ρ An (ln + β), (7) 

where ρ is density of fluid, An is cross-sectional area of the neck, ln‘ is effective 

length of the neck, ln is length of the neck and β is correction length of the neck. 

The volume of the resonator acts as a spring and its spring constant can be 

calculated with the equation (Kauranne 2004: 73) 

 k = 
c

2
n

V
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, (8) 

where B is the bulk modulus which is calculated with equation (5), An is cross-

sectional area of the neck and Vc is volume of the cavity of the resonator. 

The natural frequency (resonant frequency), f, of a Helmholtz resonator is 

calculated with equation (9), which is derived under the assumptions that all mass 

significant to the oscillation of the resonator is concentrated in the neck of the 

resonator, and the spring constant is given by the volume of the cavity (Alster 

1972: 63), and that all the dimensions are smaller than the wavelengths of 

oscillation (Panton & Miller 1975: 1533). 
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where k and m are calculated by equations (7) and (8), respectively, and a is 

sound velocity in fluid. 
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The Helmholtz resonator is studied because of its characteristic of being able 

to wipe out a specific frequency of a system (Viersma 1980: 131). Another 

advantage of the resonator is its passive characteristic. Passive dampers absorb 

energy from a system, while active dampers add energy to the system, whereupon 

there is the possibility of creating more noise and more damage if the active 

system does not adapt successfully. (de Bedout et al. 1997: 1.) Despite the studies 

done in the past 100 years, Chanaud (1994: 337) noted, as Ingard (1953: 1037) 

did 50 years earlier, that the Helmholtz resonator is still not fully understood. 

During this study it was noted that there is an obvious lack of studies about 

Helmholtz resonators and their effects in hydraulic systems. However, the main 

problem with a Helmholtz resonator is the discrepancy between measured and 

calculated results, noticed by Ingard (1953), Lambert (1953), Alster (1972), Tang 

& Sirignano (1973), Neise & Koopmann (1980), Selamet et al. (1995), Dickey & 

Selamet (1996) and Singh et al. (2006). 

Reasons for the discrepancy have been presented in earlier papers. For 

example, Alster (1972) addressed the mass of the spring or any device with 

properties like a spring. He also impugns the assumption that the mass of gas in 

the neck vibrates as a whole with all particles having the same velocity and phase, 

and secondly he says that particles of gas in the neck of a resonator do not 

oscillate separately from the outer space and they have an influence on the 

resonant frequency. After these notifications Alster (1972: 74) modified a new 

equation — which is presented in the references — for solving the natural 

frequency of a Helmholtz resonator. Alster (1972) reminded that the wall stiffness 

of the resonator may also affect the results. Tang & Sirignano (1973: 248) 

presented the progress of explanations in three phases. In the first phase, the 

discrepancy was explained by the strength of oncoming waves affecting the 

resistance and reactance of the orifice. In the next phase the increase of resistance 

with sound level was explained by steady circulation and turbulence in the exit 

region of the orifice, and after that a relationship between the non-linear behavior 

of the orifice and the jet formation was found. Neise & Koopmann (1980: 306) 

argued, as did Alster (1972), that the reason for the discrepancy between 

calculations and measurements is the insufficient added mass on the inside of the 

neck calculated by end correction of the classical theory. Selamet et al. (1995) 

highlighted the effect of simplification, which is done in the classical theory when 

distributed, multi-dimensional phenomena are reduced to lumped parameters. 

Selamet et al. (1995: 359) also reminded that the wave motion, which is neglected 

in the classical theory, may have an effect if the neck or cavity length reaches 5–
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10% of the wavelength. Also, Dickey & Selamet (1996: 512) and Singh et al. 
(2006: 3) explained that if the resonator response is predicted accurately, the non-

planar nature of waves in the vicinity of the openings (the cavity-neck and/or 

neck-duct interfaces) should be taken into consideration. Hence, multi-

dimensional analysis is required. 

The discrepancy between the measured and calculated results can be 

compensated for by adding a correction length (β) to the neck length (ln), see 

equation (7). Several correction lengths or correction factors are presented in 

earlier studies. Ingard (1953: 1039) presented an indiscriminate end correction 

that was deduced as the mass end correction for a plane circular piston in an 

infinite plane. To be suitable for an arbitrary aperture, it is written in the form 

β = 0.96 · (An)
1/2. More carefully deduced interior and exterior end corrections are 

βi = 0.36 · (An)
1/2 and βe = 0.48 · (An)

1/2, respectively. Thus, the total correction 

length is β = 0.84 · (An)
1/2. (Ingard 1953: 1043.) Alster (1972: 65, 72) presented a 

prolongation of the cavity mass by lo due to the spring (neck). He said that the 

term is already known in acoustics as “end correction”, and he solved the value of 

prolongation to be 0.51 · rn. In his paper, Chanaud (1994) presented an explicit 

form for the interior end correction which takes into account the influence of 

cavity and orifice geometry. Selamet et al. (1995b: 328) quoted the results of 

other researchers and presented the range of correction length as π/8 dn ≤ β ≤ π/4 dn. 

However, Selamet et al. (1995b: 328) noticed that because the value of the length 

correction is ambiguous, its value should always be verified from test data. 

A Helmholtz resonator absorbs pressure (=sound) waves of a certain 

frequency efficiently, and this frequency is also called the resonant frequency 

(Alster 1972: 24). The attenuation range over which a Helmholtz resonator is 

effective is narrow (de Bedout et al. 1997: 109) and the studies note that the 

useful range of single-degree-of-freedom acoustic dampers is about one octave 

(Taylor et al. 2004: 1) if air is used. Thus, any variation in the frequency, 

pressure, density or temperature that changes the sound velocity of the noise will 

influence the effectiveness of the resonator (Singh et al. 2006: 1). However, this 

characteristic can be compensated for with an adjustable resonator, as researchers 

have already done in their studies — especially in acoustics. The same basic 

theory can be adopted in hydraulics, too. The means of controlling the resonant 

frequency of a Helmholtz resonator are adjusting the resonator neck dimensions, 

cavity volume, or both (de Bedout et al. 1997: 110). For example, Doria (2000), 

Kostek & Franchek (2000), Matsuhisa et al. (1992) and Singh et al. (2006) have 

done tests with a resonator whose cavity volume is controlled. Note that Doria 
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(2000) used a square cross-section cavity. Johnson & Estève (2002), Estève & 

Johnson (2004) controlled the resonant frequency of the resonator by changing 

the length of the neck of the resonator with servo motors and Doria (2000) 

controlled the neck length with modular elements. Estève (2004) and Estève & 

Johnson (2004, 2005) also tested an adjustable opening resonator which controls 

the resonant frequency by varying the opening diameter of the neck with an 

adjustable iris diaphragm. de Bedout et al. (1997) controlled the resonant 

frequency of the resonator by rotating an internal radial wall inside the resonator 

cavity. This was realized by installing a neck opening next to the exterior wall and 

by installing an extra stationary wall inside the cavity. Liu et al. (2003, 2006) and 

Taylor et al. (2004) presented a tunable electromechanical Helmholtz resonator 

which was a classical Helmholtz resonator whose rigid back plate is replaced by a 

piezoelectric composite back plate. This kind of array increases the degrees of 

freedom of the system and enables the resonator to be tuned without controlling 

its dimensions. 

Doria (1995) studied multiple resonators to damp down more frequencies in 

an enclosure. Griffin et al. (2001) used coupled resonators to widen the 

bandwidth of attenuation. The properties of the coupling member affect the 

results of transmission loss (Griffin et al. 2001). Johnson & Estève (2002) used 

independently tuned resonators to widen the bandwidth of attenuation. 

The effect of Helmholtz resonators in an enclosure (in a room) were studied 

by Cummings (1992), Doria (1995), Fahy & Schofield (1980) and Li & Cheng 

(2007). They succeeded in both modeling and experimentally tuning a resonator 

to a certain frequency so that it splits into two new coupled frequencies. 

Tang (2005) deduced the equation for solving the resonant frequency of a 

resonator with a tapered neck and also conducted experimental tests with that 

kind of resonator. A tapered neck will raise the resonant frequency (Tang 2005). 

Chanaud (1997) studied the effect of neck (orifice) position on the resonant 

frequency of a resonator and noticed its effect to be important. His experiments 

were done with a rectangular cavity and a square orifice. 

A Helmholtz resonator and its theory are adapted to Nakano et al.’s (2006) 

study wherein they used a Helmholtz resonator to measure liquid volume under 

micro-gravity conditions. Soedel et al. (1973) described the discharge system as a 

multi-degree-of-freedom Helmholtz resonator with accuracy between 

experiments. Mutyala & Soedel (1976) included a thermodynamic model of an 

engine and a Helmholtz resonator model of exhaust flow oscillations and the 

results of their model showed agreement with the experiments. Gill & Bhaduri 
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(1978) analysed a pulsating combustion system, which is like a Helmholtz 

resonator except there are two necks instead of one, and their experimental results 

agreed with the model with exceptions. 

The theory presented above is based on acoustics in the gas phase, but the 

theory should work in hydraulics, too, because the wave form is similar in both 

cases. However, it is worth noting that hydraulic oil is over 700 times heavier 

than air, and the viscosity of the hydraulic oil used in the experiments is about 

4000 times higher than the viscosity of air at 25 °C. Viscosity creates a damping 

on the system, in which case the Helmholtz resonator is a modal tuned absorber 

which damps vibrations of the primary system over a wide range of frequencies. 

 A Helmholtz resonator in hydraulics has been studied by Ijäs (2007), 

Kiesbauer (1991), Mikota (2000), Ortwig (2005) and Viersma (1980). Viersma 

(1980) studied a Helmholtz resonator in hydraulics in his book and it provides a 

base for all studies in the field. Kiesbauer (1991) studied the dynamics of a 

hydraulic line in his dissertation. His dissertation begins by presenting 

mathematical models of the stability of a hydraulic line. Mostly the ratio of 

outflow and inflow in frequency-domain are considered. The effect of the end of 

the pipe on the dynamics of the pipe is also included in the theory review, 

simulations and experiments. Studied ends of the pipe are the antireflection end, 

open end and closed end, and the end of the main pipe is noted to affect the 

stability of the hydraulic system. After theory review, different kinds of dampers, 

such as a line-resonator (Reihenresonator), branch-resonator (Abzweigresonator), 

pipe-resonator (Pfeifenresonator), Helmholtz resonator, hydropneumatic damper, 

multiple resonators (Mehrkammer-Resonator) and active damper are presented. 

Presented resonators and dampers are also simulated numerically, but the branch-

resonator and active damper are emphasized in his study so that most of the 

simulations and experiments are covered by them. Variable volume resonators are 

also presented and a variable volume branch-resonator is more carefully studied. 

Two different solutions to make the volume of the branch resonator variable were 

discontinuous and continuous resonators. The discontinuous resonator was 

executed so that resonators with different sizes were connected to the main pipe 

and they were controlled by valves. The continuous resonator was made from a 

hydraulic cylinder so that both sides of the piston were used by controlling them 

with a 4/3-valve (Kiesbauer 1991: 95). Because of the structure of the adjustable 

cavity, he has in addition studied the effect of seals on the dynamics of an 

adjustable resonator by simulations and experiments. The properties of used oil 

and sound velocity in fluid were measured and defined for experiments. 
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Kiesbauer (1991) has presented the control of the adaptive side-branch adaptive 

resonator and executed simulations and experiments by using the discontinuous 

resonators so that he has presented which combination of resonators is needed to 

obtain maximal attenuation at a certain frequency (Kiesbauer 1991: 113–115, 

179–184). The method presented by Kiesbauer (1991) could also be regarded as 

calibration because the use of the control is not presented conventionally so that 

its effectiveness remains unclear. Kiesbauer (1991: 139) has done his study in 

pressures of 15 bar and 80 bar. In the paper written by Mikota (2000), a 

Helmholtz resonator is only mentioned and calculations or experiments are 

ignored. Ortwig (2005) mentioned a Helmholtz resonator as a special type of 

attenuator, but he did the experiments with other types of attenuators. In his 

dissertation, Ijäs (2007) covered the Helmholtz resonator and even conducted 

experiments, but sound velocity in liquid was only, in his own words, “an 

educated guess”, and as seen from equation (9), sound velocity has an effect on 

the value of the resonant frequency of a Helmholtz resonator. 

Helmholtz resonators whose resonant frequencies are adjustable are presented 

in a summary matrix, Table 2, at the end of this chapter (p.63). The matrix 

includes the corresponding author and the method used in his or her research to 

change the resonant frequency of the resonator. 

A survey of databases of patents reveals that also patents are linked to a 

Helmholtz resonator, and a Helmholtz resonator or its theory is applied to 

applications. One patent, which is suitable for this study, is written by Kostun et 
al. (2003). It deals with a continuously adjustable Helmholtz resonator whose 

cavity volume and/or neck length and/or neck diameter are controlled 

(simultaneously). 

2.5 Control of the dynamic vibration absorber 

Dynamic vibration absorbers attenuate vibrations at a certain frequency. The 

attenuated frequency range of DVAs is so narrow that variations in the 

surroundings can cancel out the effectiveness of the DVAs. Thus, the usability of 

DVAs is limited if their properties (stiffness or mass) are not adjustable. The 

usability of adjustable DVAs increases more if they are controlled automatically 

and continuously. These possibilities have led the research of the field as 

presented in the literature survey below. 

To define the field, only passive or semi-passive systems are studied and 

active systems, like the study of Lane et al. (2006) in which they used active 
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control based on Filtered-X Least Mean Squares algorithm in controlling payload 

fairing noise, are restricted out as well as piezo-systems like a study of Morgan & 

Wang (2002). Most of the following studies are done in mechanics and acoustics. 

de Silva (1981) developed a gradient algorithm for the optimal design of 

passive dampers. The developed algorithm systematically searches a way to make 

it possible for modal damping and natural frequencies to reach the pre-adjusted 

values. A mathematical model for slender beams in flexural vibration was 

presented and de Silva`s method was noted to converge quicker if compared to 

the method from the same field developed in their previous paper (de Vegte & de 

Silva 1976). 

Matsuhisa et al. (1992) have presented a Helmholtz resonator whose cavity 

volume was automatically controlled so that the system stayed in anti-resonance. 

The control system was based on the fact that the phase difference between the 

pressure in the duct and in the cavity changes 180 degrees at anti-resonance. 

Controlling was carried out using two steps. At first an open loop control is used 

so that the disturbance frequency is measured and the optimal volume of the 

cavity is checked from the pre-measured data. After rough adjusting, the volume 

of the cavity will be adjusted so that the phase difference will be 90 degrees. 

(Matsuhisa et al. 1992: 225.) They have verified their system both theoretically 

and experimentally and noted that the Helmholtz resonator decreases sound 

pressure even by 30 dB around the resonance (Matsuhisa et al. 1992: 227). 

Franchek et al. (1995) developed a feedback-based tuning algorithm for 

adaptive-passive vibration absorbers. The tuning algorithm was independent of 

the variations in the damper parameters and insensitive to sensor noise and other 

disturbances. The tuning strategy worked in a way which minimized the vibration 

amplitude of the main system. The controller adjusted the effective number of 

coils so that the stiffness of the absorber stayed optimal. A vibration reduction of 

up to 24 dB(A) and during the whole test time on average 17 dB(A) was obtained 

using the proposed method. Buhr et al. (1997) continued the use of the feedback-

based tuning algorithm for a variable stiffness vibration absorber and their 

observations were similar to previous results. 

Lai & Wang (1996) have developed a closed loop algorithm for DVAs with 

adjustable stiffness to reduce structural vibrations. Their on-line system was based 

on energy levels so that by adjusting the stiffness of the DVA, the energy of the 

main system was reduced but the energy of the total system was held constant. 

Theoretical calculations were presented for a simple supported beam but 

experiments were neglected. However, theoretical calculations proved that root 
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mean square (r.m.s.) energy levels of the structure were reduced despite 

disturbance (impulse or white noise) (Lai & Wang 1996: 45.) Lai & Wang (1996: 

43) have also presented a method to guarantee the stability of the fuzzy system. In 

their method the adaptive-passive hybrid scheme was forced to follow the fuzzy 

control law. 

de Bedout et al. (1997: 111) have presented a tunable, variable volume 

Helmholtz resonator which was controlled by the control algorithm to achieve 

maximum performance. The variation of the cavity volume was realized by 

rotating an internal wall inside the cavity with respect to an internal fixed wall (de 

Bedout et al. 1997: 112). An open loop algorithm was used to ensure the 

convergence of the closed loop gradient descent algorithm. The correct cavity 

volume was reached in an open loop control by comparing noise with 

theoretically calculated values. (de Bedout et al. 1997: 115.) The precise tuning 

was realized by the gradient base feedback tuning control law. The algorithm 

started by making 1 Hz incremental changes in the resonant frequency and when 

the sign of the gradient changed the tuning direction was reversed. Every time the 

slope changed from negative to positive, the increment quantity was decreased by 

0.3 Hz. The minimum was passed six times and the gradient-based tuning was 

completed and control chattering of the resonator was avoided. (de Bedout et al. 
1997: 117.) Experiments were done and even a 30 dB sound pressure level 

decrease was reached by a tunable Helmholtz resonator (de Bedout et al. 1997: 

119). 

Kostek & Franchek (2000) have used a hybrid noise control system to damp 

wide-ranging frequency band noise. The hybrid system contained active feedback 

noise control and adaptive-passive noise control (a tunable Helmholtz resonator 

whose cavity volume was adjustable). A robust tuning algorithm was used to tune 

the resonator (Kostek & Franchek 2000: 84). The robust algorithm looked 

through the whole adjustment range of the resonator and stored the values of the 

amplitudes of the microphone. After passing the adjustment range, the resonator 

was set to the position wherein the amplitude was minimum. Retuning was 

executed if the sound pressure level increased so that optimal tuning was 

maintained. They have noted that the adaptive-passive system minimizes the 

overall band-pass filtered signal and active noise control results were in line with 

the results of the sensitivity chart (Kostek & Franchek 2000: 98). 

Kidner & Brennan (2002) have studied theoretically and experimentally four 

different beam-like neutralizer mechanisms (parallel, triangular, pinned and 

clamped) and their resonant frequencies as a function of dimensions (Kidner & 
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Brennan 2002: 91). The resonant frequency of the beam-like neutralizer was 

noted to be changeable by varying the beam cross-section. Kidner & Brennan 

(2002: 94–95) have realized real-time stiffness control and compared the 

nonlinear fuzzy logic controller to the proportional controller and noted that both 

of them were effective at maintaining the tuned conditions of the neutralizer, but 

the fuzzy logic controller has a smaller steady state error and better tracking. They 

have based their control on the dot product of the complex amplitudes of the 

velocities of the neutralizer mass and the structure. They have reached an 

agreement between control simulations and experiments (Kidner & Brennan 

2002: 98). 

Koo (2003) studied semi-active magnetorheological vibration absorbers to 

attenuate structural vibrations in his dissertation, in the field of civil engineering. 

Koo´s study employed groundhook control for the proposed semi-active system. 

He studied four control strategies: velocity-based groundhook in on-off and 

continuous mode and also displacement-based groundhook in on-off and 

continuous mode. After numerical optimization of these models Koo (2003) 

compared the performance of control methods with the passive DVA. The 

displacement-based groundhook control methods were observed to be more 

effective in reduction of vibration in the structures studied than passive and 

velocity-based groundhook policies. In the numerical studies displacement-based 

on-off control was observed to be the best of the studied control methods. 

Experiments by a test rig confirmed the results of the numerical simulation. As a 

final result Koo proposed practical guidelines for installation of the DVA in floor 

systems. Due to the increment tendency of the floor mass the DVAs should be 

tuned to a slightly less than optimal situation in this case. 

Estève & Johnson (2004, 2005) and Johnson & Estève (2002) studied 

adaptive Helmholtz resonators to control broadband noise inside a rocket payload 

fairing. In their first solution the resonant frequency of the resonator was 

controlled by varying the length of the neck and in the second solution the 

opening of the Helmholtz resonator was varied by using an iris diaphragm. In 

their papers strategies for controlling the Helmholtz resonators using purely local 

information was investigated. Local strategies made it possible to use the 

resonator independently (Johnson & Estève 2002: 1112). For controlling the 

independent resonator each resonator was equipped with two microphones so that 

each combination of a resonator and microphones constituted an autonomous 

damping device (Estève & Johnson 2004: 6). They compared a global cost 

function with four local cost functions (HR internal pressure, HR external 
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pressure, pressure difference from absorber to the base and cross product between 

the absorber and the base) which were used to update the stiffness of the 

absorbers (Johnson & Estève 2002: 1114, 1115). The cross product method which 

multiplied the velocity of the absorber mass and the velocity of the absorber 

attachment point to determine the direction of tuning was noted to be the best 

tuning criteria. The cross product method was noted to be useful with broadband 

noise, too. (Johnson & Estève 2002: 1119.) Estève & Johnson (2005: 1105) 

presented a tuning law, called the dot-product method which was based on the 

phase information between the velocity of the absorber mass and the velocity of 

the host structure. They carried out experiments and numerical simulations in 

time and a frequency-domain. In experiments they used an adjustable opening 

area and installed Helmholtz resonators inside a cylinder 2.8 m in length and 

2.5 m in diameter. They noted that the dot-product method can be implemented 

using analog circuitry, which makes the controller cheaper, lighter and more 

straightforward. The dot-product method can tune resonators to a near-optimal 

solution over a frequency band including multiple resonances. (Estève & Johnson 

2005: 1130.) They reached a noise attenuation of 6.5 dB in the 95–115 Hz band 

(Estève & Johnson 2004: 7). Estève (2004) presented similar facts in his 

dissertation. 

Williams et al. (2005) have presented a shape memory alloy adaptive DVA 

and its control. They have presented both the open loop system which is based on 

mapping and the closed loop system which is based on cross-correlation where 

the relative phase between the absorber vibration and the primary system 

vibration was used. Experiments and numerical simulations were done and the 

control system was noted as suitable for a shape memory alloy adaptive DVA. In 

another publication Williams et al. (2005b) have studied a nonlinear control of a 

shape memory alloy ADVA. They have especially researched the effect of 

saturation on the stability of controlling by using a Lyapunov stability analysis 

(Williams et al. 2005b: 1142). A classical feedback control was used in the 

absence of saturation and a nonlinear controller including an anti-windup 

algorithm was developed in the presence of saturation (Williams et al. 2005b: 

1154). The control was based on the relative phase between the vibration of the 

absorber and the excitation input (Williams et al. 2005b: 1132). 

In his review article Brennan (2006) described a possible controller for an 

ADVA. From the viewpoint of control, the ADVA can be handled as a single 

degree of freedom system. The natural frequency of the ADVA is adjusted to be 

the same as the excitation frequency, when it is tuned. Then the phase between the 



 59 

acceleration of the absorber mass and the host structure is 90°. Therefore, a 

control system should measure the phase between the acceleration of the host 

structure and the ADVA mass, and change the stiffness until the phase between 

these accelerations is 90°. A simple proportional controller is not effective due to 

the non-linear characteristic of the phase. Adjustments to the stiffness should be 

made when the natural frequency of the ADVA differs from the excitation 

frequency and vice versa. Brennan (2006) has also presented a discrete time 

control law.  

Singh et al. (2006) have presented a cost function which enables tuning of an 

adjustable Helmholtz resonator without any in-duct pressure sensors. The cost 

function is based on the phase difference between the pressure at the closed end 

of the cavity of the resonator and the pressure at the neck. They have controlled 

the volume of the cavity by the cost function (Singh et al. 2006: 8) and reached a 

maximum minimization of the in-duct acoustic power transmission by 

minimization of their cost function (Singh et al. 2006: 8). 

Wu et al. (2007) have studied a hybrid vibration absorber which contains a 

passive mass-spring resonator and a linear actuator. The linear actuator was 

programmed to emulate a mechanical spring, damper and mass via a control law, 

and feedback control was used (Wu et al. 2007: 248). Stability of the system was 

also ensured by stability criterion (Wu et al. 2007: 251). Real-time experiments 

and numerical simulations have been done to prove the effectiveness of the 

proposed method. 

Wu & Shao (2007) have developed a control algorithm for a DVA of a 

flexible structure. They studied a virtual absorber which was mathematically 

similar to DVA but its stiffness, inertia and damping can be changed by varying 

parameters associated with the virtual elements. The adaptation algorithm 

consisted of a phase detector and a low-pass filter. They developed an un-damped 

vibration absorber which neutralized the vibration and a damped absorber which 

made smoother stiffness adjustment possible. The adaptive un-damped scheme 

was based on the phase difference between the accelerations of the main structure 

and the displacement of the virtual mass. The proposed method adjusted the 

stiffness of the absorber progressively hence the adaptation effort was distributed 

evenly over a time. The control input calculation and adaptation of the 

characteristic frequency of the absorber could be carried out simultaneously. 

Oscillation around the target value was noted in the case of the un-damped 

vibration absorber. If a sky-hooked damper was added, a gradual phase transition 

could be achieved. Numerical simulations were conducted. 
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Liu et al. (2008) have proposed a semi-active configuration for vibration 

control using two controllable dampers and two constant springs. This 

configuration consisted of a Voigt element (a controllable damper and a constant 

spring) and a series of springs which were used to control the system stiffness. In 

addition, there was another damper in parallel with the other components which 

provided variable damping for the system. The dampers were magneto-

rheological fluid dampers. Altogether eight different control schemes could be 

used. Three of them were passive systems and five of them were semi-active 

systems. The control schemes were soft suspension, stiff suspensions with low 

and high damping, damping on-off (soft and stiff), stiffness on-off (low and high) 

and damping and stiffness on-off control. When system with damping and 

stiffness on-off control was used, excellent vibration isolation was observed for a 

broad band of excitations. This article was a continuation of the article of Liu et 
al. (2005) in which they had similar results. 

Sapiński & Rosół (2008) presented a three-degrees-of-freedom pitch-plane 

suspension model with magnetorheological (MR) shock absorbers. They tested 

two control algorithms: on-off and sky-hook methods. Results showed that the 

developed autonomous control system offered a control performance for MR 

absorbers used in a driver seat suspension in a car. The controllers were active 

only for double-sided excitation acting on the vehicle suspension.  

Yu et al. (2008) proposed a human simulated intelligent control scheme 

(HSIC) for vibration control of a magnetorheological (MR) suspension system for 

a passenger car. The HSIC method was a three-level hierarchical structured 

information processing system. The first level was a direct control level which 

was used in this case to make appropriate decisions based on the characteristic 

mode of the car suspension. The second level was a parameter correction level in 

which the system and control parameters were adjusted. The linearization of the 

nonlinear MR damper and time delay compensation for the control system were 

carried out in the third level referred to as the task adjustment level. They 

compared the control results of the HSIC method with the corresponding results 

of the conventional linear quadratic Gaussian (LQG) control. The LQG control 

did not have linearization and time delay compensation schemes. The HSIC 

method made possible car ride comfort and handle stability because it worked 

efficiently within the frequency range of human sense (1.4–10.2 Hz). The time 

delay compensation improves performance of the HSIC method and it out powers 

the LQG control. The experiments showed that the semiactive MR-based 

suspension system with HSIC method compared with passive absorbers reduces 
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the r.m.s. acceleration of the sprung mass approximately 28% and the time delay 

compensation improves the result about 20%. 

Table 1. Concluding summary matrix of the dynamic vibration absorbers whose 

resonant frequencies are variable. 

Method Reference Advantages Disadvantages 

Virtual passive Wu & Shao (2007) 

Wu et al. (2007) 

Tunable by software Energy need 

Hybrid Carneal et al. (2004) Tunable from 95 Hz to 310 Hz 

(theoretically)  

Maximum attenuation 25 dB 

Experiments at two 

frequencies (156 and 

256 Hz) 

 Kidner & Brennan 

(2002) 

60% change in tuning 

frequency by beam separation 

equal to their thickness 

Beam configuration affects 

stiffness, and the results of 

modelling and experiments 

of all configurations do not 

agree 

Semi-active Nagarajaih & 

Varadarajan (2005) 

Operate in passive or active 

mode 

Continuously variable stiffness 

between limits in real time 

Energy need (however less 

than in active dampers) 

Piezoelectric 

materials 

Morgan & Wang 

(2002) 

Fast and accurate frequency 

tuning 

Required control power 

minimized 

Suppress two harmonic 

excitation frequencies 

simultaneously 

No experiments 

 Bonello et al. (2005) Tunable from 36 Hz (−280 V) to 

56 Hz (+480 V) 

Experiments presented in 

more detail in another paper 

 Davis & Lesieutre 

(2000) 

Piezoelectric elements work as 

sensors and actuators 

Average 10 dB increase in 

performance over the 

frequency range (325 Hz ± 7%) 

Proper tuning as soon as the 

filters settled and disturbance 

estimated 

Tuning range is bounded by 

short- and open-circuit 

resonance frequencies 
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Method Reference Advantages Disadvantages 

Shape memory 

alloys 

Rustighi et al. (2005) No moving components 

Change in the resonant 

frequency 21 Hz between 

martensite and austenite 

phases 

Long response time because 

of thermal inertia 

Tuning parameters depend 

on the current in a non-linear 

way 

Hysteresis between 

transformations from 

martensite to austenite and 

reverse 

Power need to maintain a 

steady-state condition 

 Williams et al. (2002) Actuator and structural element 

in a single unit, no need for 

moving components 

Tunable from 84 Hz to 98 Hz 

Damping of the acceleration of 

the primary system varies from 

7 dB to 20 dB across a 13 Hz 

band of frequencies 

Possibility of plastical 

deformation of the SMA 

element, which causes non-

linearity and increases 

damping 

Continuous energy need to 

maintain the temperature 

above the threshold 

temperature of 50 °C 

 Williams et al. (2005) Reviews of mechanical designs 

of ADVAs 

R-phase utilization decreases 

hysteresis 

Resonant frequency can be 

varied 15% and steady-state 

vibration of the primary system 

can be reduced 40 dB 

Damping of the SMA 

elements depend on the 

temperature, so damping is 

greater at lower 

temperatures 

Magnetorheological 

elastomers 

Deng & Gong (2008) Tunable from 27.5 Hz (0 A) to 

40 Hz (0.5 A) (145%) 

25 dB absorption capacity 

Applications of MREs are in 

the exploration stage 

 Deng et al. (2006) Tunable from 35 Hz (0 A) to 

81 Hz (1.5 A) (147%) 

Applications of MREs are in 

the exploration stage 

Magnetorheological 

fluids 

Facey et al. (2005) High damping force (4.9 kN) at 

high velocity (0.88 m/s) in 

compact size 

Positioning of the coils at the 

ends of a stationary cylinder 

instead of on a moving piston 

Experiments from 1 Hz to 

12 Hz  

The faster the piston moves, 

the more pressure is needed 

on the fluid to prevent non-

linearities in the damping 

force 

Damper, not absorber (no 

zero response but the 

attenuating range is wider) 
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Method Reference Advantages Disadvantages 

 Yao et al. (2002) Maximum damping force of a 

MR damper at 1 A is equal to 

eight times that without an 

electric field 

The stage between solidified 

and liquefied can be changed in 

a few milliseconds 

Experiments at 1, 2 and 

4 Hz 

A MR damper can not be 

treated as a viscous damper 

under high electric current 

Damper, not absorber (no 

zero response but the 

attenuating range is wider) 

Electrorheological 

materials 

Su et al. (2003) Damping force is tunable over a 

large range depending on the 

value of the applied voltage 

No experiments 

Need for good sealing 

Damper, not absorber (no 

zero response but the 

attenuating range is wider) 

Magnetostrictive 

DVA 

Liu & Liu (2006) Motionless adjustment, non-

mechanical motion 

Fast response 

Tunable from 13.5 Hz (−2.3 A) 

to 18.3 Hz (2.3 A) 

Energy need 

 May et al. (2003) The first disturbance frequency 

is damped out passively and 

multiplies actively 

Passive DVA achieves 

narrowband damping of 6 dB at 

antiresonance and the active 

DVA achieves broadband 

damping of acceleration with a 

maximum of 12 dB 

Active DVA needs energy 

and might cause damages if 

untuned 

 Pagliarulo et al. 

(2004) 

Resonant frequency can be 

reduced electronically by 15% 

by applying an appropriate 

control law with collocated force 

sensing 

Complex hysteretic 

characteristic of the 

magnetostrictive rods 

(caused by large electrical 

signal amplitude) limits 

tenability. Compensation by 

a feedforward controller 

which implements the 

inverse hysteretic 

characteristics of the 

magnetostricitve rods. 
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Table 2. Implementations to adjust resonant frequencies of the Helmholtz resonators. 

 Variable cavity 

volume 

Variable neck 

length 

Variable 

opening 

Electromechanical 

de Bedout et al. (1997) Rotating internal 

radial wall 

   

Doria (2000) Piston Modular elements   

Estève & Johnson (2004)  Accordion Iris diaphragm  

Estève (2004)    Iris diaphragm  

Estève & Johnson (2005)   Iris diaphragm  

Johnson & Estève (2002)  Accordion   

Kostek & Franchek (2000) Piston    

Liu et al. (2003)    Piezoelectric 

composite backplate 

Liu et al. (2006)    Piezoelectric 

composite backplate 

Matsuhisa et al. (1992) Piston    

Singh et al. (2006) Piston    

Taylor et al. (2004)    Piezoelectric 

composite backplate 
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3 Analytical model of hydraulics 

Analytical models of the study are presented in this chapter. Analytical modeling 

increases knowledge of the field, supports previously presented theory review, 

and clarifies the effect of parameters on the dynamics of the hydraulic system. 

Modeling also replaces measurements and therefore reduces study costs. 

Modeling is started by deducing a continuity equation and equation of motion 

which are solved in the frequency-domain. The frequency-domain model is based 

on the four-pole model presented by Viersma (1980). The four-pole model is a 

useful, efficient and flexible method used to analyze acoustic systems (Kim & 

Soedel 1989: 237, 1990: 452). The four-pole model or its derivative is used in 

Kiesbauer’s (1991) and Kajaste’s (1999) studies, too. The time-domain model is 

used to study interior points of the hydraulic pipe, because only results of the end 

points of the pipe can be presented in the frequency domain. The time-domain 

model is solved by using the wave equation of the sound pressure. The chosen 

method is familiar from acoustics. Other methods of the solution would be, for 

example the characteristic, arithmetic or graphical method. In the final part of the 

chapter the resonant frequency of the Helmholtz resonator is deduced so that 

control methods can be modeled later. 

3.1 Solution in frequency-domain 

Four-pole equations are used to solve the continuity equation and equation of 

motion in the frequency-domain. Conduction of four-pole equations starts from 

the continuity equation and equation of motion which are deduced with the help 

of Figure 19. The derivation of the four-pole equations for the hydraulic line is 

deduced in Viersma’s (1980) book. Thus, here the main points are cited only so 

that equations can be solved for simulations. 

Laminar flow (Re < 2000) in a cylindrical pipe with non-elastic walls and 

constant temperature are assumed. Tangential flow, differences of pressure and 

density in the radial direction, and radial speed are neglected. (Viersma 1980: 

135.) 

Figure 19 presents forces of fluid in the pipe, and the equation of motion and 

continuity equation are deduced with the help of Figure 19. 
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Fig. 19. Graphical interpretation for deducing the continuity equation and equation of 

motion of a hydraulic line for analytical models. 

The continuity equation can be deduced after the assumption that the difference 

between the inflow and the outflow of mass equals the rate of mass increase 

inside the control volume, see the left side of Figure 19. 
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where A is the cross-sectional area of the pipe, u is axial speed of fluid, ρ is 

density of fluid, m is mass and t is time. Equation (10) will simplify to the form 
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which can be re-formulated 
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D’Souza & Oldenburger (1964: 590) have presented the equation of state for fluid 
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where P is pressure and B is bulk modulus. The equation of state is included in 

the equation (12) 
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Equation (14) can be simplified by eliminating insignificant terms of equation 

after comparing relative magnitudes of them. Also Viersma (1980: 137) and Tullis 

(1989: 209) have assumed after comparing terms that 

 u
x
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<<
t

P

∂
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, (15) 

in which case the continuity equation can be presented in the form 
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The equation of motion is deduced with the help of the right side of Figure 19, 

when the conservation of momentum of mass is taken into account. 
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where r is radius of pipe and τ is wall shear stress. The previous equation can be 

simplified to the form 
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where (Viersma 1980: 137) 
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After substitutions, the equation of motion can be presented in the form 
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Continuity equation will be solved together with the Navier-Stokes equation and 

Laplace transformation is carried out. Thus, the continuity equation for four-pole 

equations is presented in the form (Viersma 1980: 137) 

 ⋅
B

As
P(x,s) +

dx

)s,x(dQ
= 0, (21) 

where A is the cross-sectional area of the pipe, s is Laplace operator, B is bulk 

modulus, P is pressure and Q is flow. The equation of motion is presented in the 

form (Viersma 1980: 139) 
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 ⋅ρ+
A

s

Bdx

)s,x(dP
 Q(x,s) · N(s) = 0, (22) 

where ρ is density and N(s) is viscosity function. Viscosity factor, α, is needed to 

present viscosity function, (Viersma 1980: 141) 

 α = 
2D

32υ
, (23) 

where υ is kinematical viscosity and D is diameter of the pipe. Thus, the viscosity 

function, N(s), over the frequency range can be presented (Viersma 1980: 143) 

 N(s) = 
s

α
 + 1. (24) 

Characteristic impedance, Zc, is needed to solve continuity equation (Viersma 

1980: 145) 

 Zc = 
A

aρ
, (25) 

Also, wave propagation time, T, is need in the four-pole equation (Viersma 1980: 

145) 

 T = 
a

l
, (26) 

where l is length of the pipe. Four-pole equations in matrix form are (Viersma 

1980: 147)  
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where Qi is inflow, Pi is inlet pressure, Qo is outflow and Po is outlet pressure. Two 

of the four variables Qi, Pi, Qo and Po should be considered as independent 

variables and these independent variables cannot be located at the same end of the 

pipe. The four-pole equations are not suitable if the complete pipe line is studied, 

but the analysis has to be done in the time-domain. The four-pole equations only 

give results in the frequency domain. (Viersma 1980: 147.) 
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3.1.1 Transfer functions 

Components of the hydraulic system are added to the four-pole model as transfer 

functions. A component can be, for example an accumulator, a pipe with a 

different diameter or a T-filter. Transfer functions are linked together with four-

pole equations so that complicated pipeline systems can be modeled. Here are 

presented transfer functions of the Helmholtz resonator GH, T-filter GT, and 

accumulator with the connection line and throat GA (Viersma 1980: 161, 159, 

Kajaste 1999: 52) 

 GH =
m

m

P

Q
= 

)AasVl(B

sAa)VV(

n
22

cn

n
2

cn

+
+

, (28) 

where Qm and Pm are flow and pressure in the pipe branch between the main pipe 

and Helmholtz resonator, Vn is volume of the neck of the resonator, Vc is volume 

of the cavity of the resonator, An is cross-section area of the neck and ln is length 

of the neck of the resonator. 

 GT =
m

m

P

Q
= 

cZ

)Tstanh(
j , (29) 

where j is 1− , T is wave propagation time, s is Laplace operator and Zc is 

characteristic impedance of the T-pipe. 

 GA =
m

m

P

Q
= 

)lVAlVAnPAAs(nP

)lAlA(sV

naththanathn
2

a

nththn
2
a

ρ+ρ+
+ρ

, (30) 

where Va is volume of the accumulator, n is polytropic constant, Pa is pressure of 

the accumulator, lth is length of the throat of the accumulator, Ath is cross-sectional 

area of the throat of the accumulator, ln is length of the neck of the accumulator, 

and An is cross-section area of the neck of the accumulator.  

3.1.2 Results in frequency-domain 

Results of frequency-domain modeling are presented in this chapter. The main 

pipe and main pipe with component or components, such as Helmholtz resonator, 

T-filter or pressure accumulator, in position G are modeled and results are 

illustrated. Figure 20 presents a schematic picture of the main pipe and Table 1 

presents dimensions. The length of the main pipe is similar to the distance 
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between measurement points 1 and 2 in the test equipment. The main pipe of the 

test equipment continues on both sides of measurement points. A more exact 

model could be developed by taking the pipes before pressure measurement point 

1 and after measurement point 2 into consideration, but it would bring more 

components to the model so that amount of parameters would increase and 

solution time would increase. Therefore length of the main pipe is chosen to be 

the same as measurement points from where measured results are available. 

Besides, results of the model and measurement of the pure pipe agree if the effect 

of air is taken into account as will be noted later. The amount of air in the 

hydraulic system causes deviation between modeling and measurements. In 

addition, developing more exact boundary conditions would demand knowledge 

of the flow inside the pipe and now flow can only be estimated because flow 

meters are not available. 

 

Fig. 20. Schematic diagram of the main pipe for the four-pole demonstration. 

The main pipe of the test equipment and the model describe the cylinder of the 

size press, see Figure 5. The cylinder is lengthened to assure the measurability of 

the pressure pulse that advances at a speed of 400 m/s. However, the diameter of 

the main pipe is smaller than the diameter of the cylinder of the size press so that 

forces caused by the hydraulic pressure are minimized. Despite modifications to 

the dimensions, the structure of the test equipment corresponds to the cylinder of 

the size press. Dampers, such as the Helmholtz resonator, are dimensioned for the 

test equipment, not for the size press. 
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Table 3. Dimensions and parameters for analytical modeling. 

Main pipe Hydraulic oil Helmholtz resonator (G) Accumulator (G) T-filter 

d = 0.008 m p = 3 bar dn = 0.006 m dn = 0.006 m L = 2.76 m 

L = 2.75 m ρ = 873.9 kg / m
3 Ln = 0.39 m dth = 0.004 m d = 0.008 m 

L1 = 1.03 m ν = 139 cSt dc = 0.1 m lth = 0.025 m  

L2 = 1.72 m a1 = 1382 m/s  Ln = 0.075 m  

Ro = 10 · 10100 Pa s/m
3 a2 = 400 m/s  n = 1.4  

 B1 = 1.67 GPa  Pa = 1.5 MPa  

 B2 = 140 MPa  Va = 0.003 m3  

The term laminar flow resistance Ro is introduced so that the pressure ratio 

between input and output can be calculated with four-pole equations (Viersma 

1980: 149). The laminar flow resistance for a fully developed laminar flow in 

pipe can be developed from the Hagen-Poiseuille law, equation (93) (Krus et al. 
1994: 133). However, the test equipment was in a non-flow situation during the 

definition of dynamics of the test equipment and only irregular, minimal leakage 

through the adjustable nozzle was noted. Thus, the laminar flow resistance can be 

estimated to be high, as seen from equation (31) if outflow tends to zero (Viersma 

1980: 149). 

 Ro = 
o

o

Q

P
, (31) 

where Po is outlet pressure and Qo is outflow. The pressure ratio between inlet and 

outlet pressure for the main pipe can be solved by 

 
LoL

o

i

o

CRA

R

P

P

−
= , (32) 

where Pi is inlet pressure and factors AL and CL are depicted in matrix (27). 

Figures 21 and 22 present pressure ratio between outlet and inlet pressure (Y-axis) 

as a function of frequency (X-axis). Figure 21 shows results which are based on 

measurement of sound (pressure wave) velocity measurements, in which case the 

amount of air in hydraulic system is expected to be zero. Figure 22 presents 

results which base on resonant frequency measurements. In this case it is 

estimated that the hydraulic system contains air as presented in Table 11. As noted 

from the results, the system becomes softer if pressure is decreased or the amount 

of air is increased. The bulk modulus value of 140 MPa is used in the following 

examples. 
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Fig. 21. Pressure ratio between outlet and inlet pressure as a function of frequency in 

the main pipe. Results are calculated by value of bulk modulus which was defined by 

pressure wave velocity measurements. 

Fig. 22. Pressure ratio between outlet and inlet pressure as a function of frequency in 

the main pipe. Results are calculated by value of bulk modulus which was defined by 

resonant frequency measurements. 

Pressure ratio for a pipe with some component G (transfer function) can be 

calculated with the equation 
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Definitions of the AL, BL, CL and DL are depicted in matrix form in equation (27) 

and the dimensions are presented in Table 3. Figure 23 presents pressure ratio of 

outlet and inlet pressure (Y-axis) as a function of frequency (X-axis) for the pure 

main pipe (dash-dot-dot) and for the main pipe with resonator (solid), T-filter 

(dash) and accumulator (dash-dot). The resonator and T-filter is tuned to the 

frequency of 36 Hz. As noted, T-filter and Helmholtz resonator attenuate tuned 

frequency totally, in this case the resonant frequency of the hydraulics of the main 

pipe. Zero response at the tuned frequency is only theoretical because of inertial 

damping (viscosity) of hydraulics. The transfer functions of the Helmholtz 

resonator and T-filter do not include effect of viscosity, but viscosity is only 

contained in the four-pole equation of the main pipe. The effect of viscosity is 

depicted separately in Figure 24, which presents the pressure ratio of outlet and 

inlet pressure (Y-axis) as a function of frequency (X-axis) for the main pipe with 

the Helmholtz resonator. Three different viscosity values are modeled. 

The modeled response of the main pipe with a pressure accumulator (Figure 

23 dash-dot-line) is an occasional example so that the pressure accumulator is not 

tuned for the case, because it should be remembered that the position of the 

pressure accumulator affects the response of the system (Viersma 1980: 199). The 

pressure accumulator should be placed within 0.3 m of the disturbance source. 

Because the pressure accumulator is not the main target of the study, more 

accurate modeling is neglected, but the effect of the position of the resonator is 

studied separately: see Figure 25 wherein is presented pressure ratio of outlet and 

inlet pressure (Y-axis) as a function of frequency (X-axis) if the position of the 

Helmholtz resonator is varied. The distance between measurement point 1 and the 

Helmholtz resonator does not affect the transfer function of the Helmholtz 

resonator but only dynamics of the main pipe. Results show that the shorter 

distance between measurement point 1 and the Helmholtz resonator causes a 

narrower attenuated frequency range which is caused by a shorter wave 

propagation time between measurement point 1 and the Helmholtz resonator. 
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Fig. 23. Pressure ratio between outlet and inlet pressure as a function of frequency for 

the main pipe without any components and with the Helmholtz resonator, T-filter and 

pressure accumulator. 

 

Fig. 24. Pressure ratio between outlet and inlet pressure as a function of frequency 

when the value of viscosity is varied. 
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Fig. 25. The effect of position of the Helmholtz resonator on the pressure ratio of 

outlet and inlet pressure. L1 is distance from the measurement point P1. 

Figure 26 presents the effect of the bulk modulus (pressure of the system or 

amount of the air in the system) to the resonant frequency of the Helmholtz 

resonator. Variations of the surrounding (temperature) or system (pressure, 

amount of air, properties of fluid) can spoil the damping ability of the resonator 

and even amplify the pulsating pressure. Resonant frequency of the Helmholtz 

resonator can be adjusted by changing the length of the neck or cavity, or the 

diameter of the cavity, or the pressure of the system, or the amount of air in the 

system, or the density of fluid. The last two methods have to be ignored because 

they will change properties of the whole hydraulic system. The effect of the afore-

mentioned parameters on the dynamics of the main pipe with the Helmholtz 

resonator is presented in Figures 27…30. 
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Fig. 26. The effect of bulk modulus (pressure, temperature, air content) of the 

hydraulic system on the pressure ratio of the pipe with the Helmholtz resonator. 

Figure 27 presents the effect of the length of the cavity of the resonator on the 

pressure ratio of outlet and inlet pressure (Y-axis) of the main pipe with the 

Helmholtz resonator as a function of frequency (X-axis). The depicted result 

agrees with the theory review and equation (8), because a longer cavity decreases 

the value of spring constant of the Helmholtz resonator in which case the resonant 

frequency of the resonator decreases too. Figure 28 presents the effect of the 

radius of the cavity of the resonator to the pressure ratio (Y-axis) as a function of 

frequency (X-axis). Also results depicted in Figure 28 agree with theory, because 

the bigger radius of the cavity decreases the spring constant of the resonator and 

thus the resonant frequency of the Helmholtz resonator decreases. Increased 

volume of the cavity in a low-pressure hydraulic system can decrease the resonant 

frequency of the resonator more than in a high-pressure system, because increased 

volume also enables an increased amount of air in which case the system becomes 

softer than expected. 
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Fig. 27. The effect of the length of the cavity of the Helmholtz resonator on the 

pressure ratio of the main pipe with the Helmholtz resonator. 

 

Fig. 28. The effect of the radius of the cavity of the Helmholtz resonator on the 

pressure ratio of the main pipe with the Helmholtz resonator. 

Figures 29 and 30 present the effect of the length and radius of the neck of the 

Helmholtz resonator on the pressure ratio of outlet and inlet pressure of the main 

pipe (Y-axis) with Helmholtz resonator as a function of frequency (X-axis), 

respectively. The neck of the resonator corresponds to the mass of the DVA, in 

which case the resonant frequency of the resonator can be decreased by increasing 

the volume of the neck and vice versa. However, the volume of the neck should 

be varied by changing the length of the neck because, as presented in equation 
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(9), the radius of the neck affects the spring constant of the resonator so that 

increased radius also increases the spring constant of the resonator. 

 

Fig. 29. The effect of the length of the neck of the Helmholtz resonator on the pressure 

ratio of the pipe. 

 

Fig. 30. The effect of the radius of the neck of the Helmholtz resonator on the pressure 

ratio of the pipe. 

The pressure ratio of outlet and inlet pressure of the main pipe with two 

components, such as Helmholtz resonators, can be derived similarly to the 

pressure ratio for the pipe with one component. The equation of the pressure ratio 
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of the pipe with two components is long. Thus, the equation is omitted here, but 

results of simulations are illustrated in Figures 31 and 32. 

Figure 31 presents the pressure ratio of outlet and inlet pressure (Y-axis) of 

the main pipe without any component, the main pipe with one Helmholtz 

resonator and the main pipe with two Helmholtz resonators as a function of 

frequency (X-axis). In the case of two Helmholtz resonators, Helmholtz 

resonators are positioned 0.25 m to the left and right of the point G, as can be 

seen in Figure 20, so that the distance L1 is 0.78 m and the distance between 

resonators is 0.5 m and the distance L2 is 1.47 m. The resonant frequency of the 

left resonator is 10 Hz and right resonator is 40 Hz. Result shows that the 

attenuated frequency range can be widened by replacing one resonator by two 

resonators. 

 

Fig. 31. Pressure ratio between outlet and inlet pressure when two Helmholtz 

resonators are connected to the pipe. 

Figure 32 presents the pressure ratio of outlet and inlet pressure (Y-axis) of the 

main pipe with one pressure accumulator, the main pipe with one pressure 

accumulator and Helmholtz resonator as a function of frequency (X-axis). 

Components are positioned as in a previous example, so that the pressure 

accumulator is always on the right side of the point G and Helmholtz resonators, 

whose resonant frequencies are 10 Hz and 52 Hz, are on the left side. Dimensions 

of the accumulator are presented in Table 3. As noted from the results, the peak 

pressure caused by the accumulator can be cancelled out by the tuned Helmholtz 

resonator. 
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Fig. 32. Pressure ratio between outlet and inlet pressure when a Helmholtz resonator 

and pressure accumulator are connected to the pipe. 

3.2 Time-domain solution 

Time-domain models of the main pipe, the Helmholtz resonator and the main pipe 

with the Helmholtz resonator are deduced in this chapter. The dimensions of the 

pipe and the resonator are assumed to be negligible if compared with the wave 

length, and sound is assumed to travel as a plane wave, so the wave equation of 

sound pressure can be used. The wave equation of sound pressure is suitable 

because only the pressure can be measured experimentally, and the flow velocity, 

or volume flow, can only be estimated. The wave equation gives pressure as a 

function of time at an arbitrary point of the main pipe under the exciting unit 

volume flow. Figure 33 presents the main pipe and a Helmholtz resonator whose 

time-domain models are executed. 

 

Fig. 33. The main pipe with the adaptive Helmholtz resonator. 
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The main pipe is covered first. The plane wave equation due to external volume 

flow (Matsuhisa et al. 1992: 224) 

 ψ0(x,t) = Ψ0(x) eiωt, (34) 

at the first consideration point, x0, is (Matsuhisa et al. 1992: 224) 
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where P is pressure, t is time, a is sound velocity, ρ is density, AP is cross-

sectional area of the main pipe and δ is Dirac’s delta function. The effects of the 

ends of the main pipe (such as the throttle) are neglected, so that both ends are 

free, because only the area between the pressure sensors is studied in this case, 

see Figure 20. The solution for harmonic vibration is 

 P(x,t) = P(x) eiωt, (36) 

in which case the differential equation of the harmonic part of equation (35) can 

be presented as 

 P’’(x) + 
2

2

a

ω
 P(x) = 0, (37) 

whose solution is 

 P(x) = Ä1 sin(
a

xω
) + Ä2 sin(

a

xω
), (38) 

where Ä1 and Ä2 are two constants which are solved with boundary conditions. 

The solution of P(x,t) is 

 P(x,t) = ( Ä1 sin(
a

xω
) + Ä2 sin(

a

xω
) ) eiωt. (39) 

Constants Ä1 and Ä2 for the free ends are solved by the boundary condition 

 0
x

)t,x(P =
∂

. (40) 

Ä1 is zero, in which case Ä2 can be arbitrary if 

 sin(
a

Lω
) = 0. (41) 

Thus, the k:th natural frequency of the main pipe is 
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 ωk = k 
L

aπ
, (42) 

and its eigenfunction is 

 Pk(x) = sin(k
L

aπ
). (43) 

Two eigenfunctions of natural frequencies k and h are (note equation (37)) 

 Pk’’(x) + 
2

2
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a

ω
 Pk(x) = 0, (44) 

and 

 Ph’’(x) + 
2

2
h

a

ω
 Ph(x) = 0. (45) 

After multiplying equation (44) by Ph and equation (45) by Pk, they can be 

presented as 
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By subtracting equation below from the above equation and integrating the 

solution from 0 to L, the following equation is obtained 
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After rearranging equation (47) 
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and noting that the right-hand side diminishes because of the free ends, the 

orthogonality of the eigenfunction (43) can be presented as 

 






=

≠
= hk ,

2

L
hk ,0

dxPP
L

0

hk . (49) 



 83 

The solution of equation (35) is given by the series of eigenfunctions as 

 P(x,t) = P(x) eiωt = 
∞

=1k
kk PÖ  eiωt. (50) 

The unknown coefficient Ök is determined by substituting equation (50) for 

equation (35) 
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which can be presented as 
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after noting the orthogonality of the eigenfunction. Thus, the solution (50) can be 

presented as 
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where G(x,x0) is Green’s function, which gives the pressure P at x under the 

excitation unit volume flow at x0. Figure 34 presents the pressure of the main pipe 

at the point x = 1.03 m, when only the first natural frequency is considered, and 

excitation at point x0 = 4.58·10−4 m. Table 3 presents other parameters. 
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Fig. 34. Pressure of the main pipe as a function of time at point x = 1.03 m. 

Next, the sound pressure in the Helmholtz resonator is covered. Fluid in the 

neck is assumed to move as a unit of constant mass without any losses if the 

length of the neck is short compared to wave length. The fluctuating pressure in 

the cavity is given as 

 Pc = 
c

n
2

V

zAaρ− , (54) 

where An is the cross-sectional area of the neck, z is the displacement of fluid in 

the neck (downward direction is positive in Figure 33) and Vc is the volume of the 

cavity. The volume flow in the neck can be presented as 

 ψn = An z. (55) 

The equation of motion of the fluid in the neck is 

  ρ An ln 2

2

dt

zd
= An (Pc − P(xr,t)), (56) 

where ln is the length of the neck and P(xr,t) is the pressure in the main pipe below 

the neck of the Helmholtz resonator. By eliminating z from equations (55) and 

(56), the pressure equation is obtained 
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If the pressure in the main pipe below the neck, P(xr,t), is zero, the resonant 

frequency of the Helmholtz resonator is solved 

 ωHR = 
cn

n

Vl

A
a , (58) 

which is the same as equation (9). The harmonic volume flow from the neck to 

the main pipe is 

 ψn = An z eiωt = Ψn e
iωt, (59) 

where Ψn is the amplitude of the harmonic volume flow. If equation (57) is solved 

for 

 Pc = Pc e
iωt, (60) 

and for 

 P(xr,t) = P(xr) e
iωt, (61) 

and equations (58) and (59) are noted, the relationship between the pressure and 

the volume flow is obtained 

 P(xr) = 
n

n

A

l ρ
(ω2 − ωHR

2) Ψn = Χ Ψn. (62) 

The differential equation of flow from the resonator is solved by substituting 

equation (54) for equation (56) and noting equation (59) 
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The wave equation of the main pipe with volume flows from two sources 

(primary excitation at x0 and the resonator xr) can be presented as 
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Equations (63) and (64) are simultaneous differential equations that determine the 

flow from the Helmholtz resonator and the pressure in the main pipe. The solution 

of equation (64) is (note equation (53)) 

 P(x) = G(x,x0) Ψ0 + G(x,xr) Ψn, (65) 

and the pressure at x = xr is 
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 P(xn) = G(xr,x0) Ψ0 + G(xr, xr) Ψn. (66) 

The flow is solved from equations (62) and (66) by eliminating P 

 Ψn = 0
rr

0r

)x,x(G-X

)x,x(G
Ψ . (67) 

The pressure at an arbitrary point in x in the main pipe and the Helmholtz 

resonator can be calculated by 

 P(x) = 0
nn

0nn0nn0

)x,x(G-X

)x,x(G)x,x(G)x,x(G)x,x(G)x,x(GX Ψ+−
, (68) 

which is obtained by substituting equation (67) for equation (65). Figure 35 

presents the pressure of the main pipe at the point x = 1.03 m, when the 

Helmholtz resonator is connected to the main pipe at the point xr = 1.03 m. The 

first natural frequency is only considered and excitation is given at point x0 = 

4.58·10−4 m, so the result is comparable with the result presented in Figure 34. As 

noted, the p-p value of the pressure is attenuated 108 dB. The zero response is not 

reached even though damping is neglected, because the position of the Helmholtz 

resonator affects the results. The Helmholtz resonator should be near the 

disturbance source to damp out pulsating pressure at all points in the main pipe 

(Matsuhisa et al. 1992: 225). 

 

Fig. 35. Pressure of the main pipe as a function of time at point x is 1.03 m when the 

Helmholtz resonator is connected to the main pipe. 
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3.3 Helmholtz resonator 

The above presented models are replaced by the two degrees-of-freedom model to 

study control methods to guarantee fast and reliable control. The resonant 

frequency of the Helmholtz resonator is deduced with the help of Figure 36, 

wherein is depicted a Helmholtz resonator and bodily moving volume of fluid in 

the neck (Porges 1977: 74). 

Fig. 36.  Graphical interpretation for the deduction of the resonant frequency of the 

Helmholtz resonator. 

The movement of the mass of the fluid in the neck causes pressure increase in the 

cavity. However, the pressure increase is not proportional to the volume decrease 

because the phenomenon is so fast that it is assumed to be an adiabatic process, in 

which case the heat energy remains constant. Thus, the small volume change, 

xAn, causes a pressure change (Porges 1977: 74) 

 
V

zA

P

P nγ−=Δ
,  (69) 

where ΔP is pressure change, P is initial pressure, γ is ratio of specific heat, z is 

displacement, An is cross sectional area of the neck and V is initial volume. The 

change of pressure is obtained if the general state equation of gases (Porges 1977: 

74) 

 PV = nnRT, or P = ρRTt (70) 

where nn is mass of the gas, R is the gas constant, Tt is temperature and ρ is 

density, is taken into account 

 ΔP = 
V

zA
RT n

tγρ− .  (71) 
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The relationship between the displacement and pressure change is deduced after 

the velocity of sound for a perfect gas 

 a = tRTγ ,  (72) 

is substituted in the change of pressure (71) 

 ΔP = 
V

Aza n
2 ρ

, (73) 

where it is noted that a positive dislocation produces a reduction in volume V. 

The difference between pressure outside the cavity, Pout, and inside the cavity, 

ΔP, causes a force on the mass of fluid in the neck. If Pout varies sinusoidally so 

that 

 Pout = Pout,0 sin (ωt),  (74) 

the pressure difference causes a force 

 F = An(Pout − ΔP) = An(Pout,0 sin (ωt) − 
V

Aza n
2 ρ

). (75) 

The Newton’s law for the acceleration in the fluid is presented as 
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If equations (75) and (76) are combined, and fluid in the neck is assumed to move 

as a unit of constant mass without any losses, the equation of motion is 

 ρln 2

2

dt

zd
 + 

V

Aza n
2 ρ

 = Pout,0 sin (ωt).  (77) 

The particular solution of the equation of motion is 

 z(t) = z0 sin (ωt + φ), (78) 

where x0 and φ are two constants of integration which are solved with boundary 

conditions. The homogenous solution is omitted because free vibrations die out 

with time and general solution reduces to the particular solution (Rao 1990: 128). 

If equation (78) is differentiated twice and results are substituted in the equation 

(77), the simplified solution can be presented as 
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 (−ρlnω
2 + 

V

Aa n
2ρ

) z0 sin (ωt + φ) = Pout,0 sin (ωt).  (79) 

The displacement z is 0 at time t=0, so that 

 φ = 0, (80) 

and because of harmonic motion, the maxim is reached when sin(ωt) = 1, so that 

 z0 = 

V

Aa
l

P

n
2

2
n

0,out

ρ
+ωρ−

.  (81) 

Thus, the equation of motion of the mass of fluid in the neck is 

 z(t) = 

V

Aa
l

P

n
2

2
n

0,out

ρ
+ωρ−

 sin (ωt). (82) 

If equations (73) and (82) are combined, 

 ΔP = 
n

22
n

n
2

AaVl

Aa

+ω−
 Pout,0 sin (ωt),  (83) 

it can be noted that if 

 Vlnω
2 = a2An, (84) 

the pressure change in the cavity becomes infinity. Because all losses, including 

viscosity, were neglected, pressure would raise high but not infinitely in the real 

Helmholtz resonator. Thus, the resonant frequency of the Helmholtz resonator is 

 ω = a 
n

n

Vl

A
, (85) 

as presented already in equations (9) and (58). The deduced equation of resonant 

frequency of the Helmholtz resonator is applied for studies of the control 

methods. 

3.3.1 Assumptions of deduction 

Several assumptions and simplifications were made in the deduction of the 

resonant frequency of the Helmholtz resonator. First, all mechanical components 
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were assumed to be rigid. This assumption is acceptable in low-pressure systems, 

but high pressure might cause elongation of components if they are undersized. 

Elongation increases the volume of the neck and cavity, which might cause a 

decrease in pressure and therefore a softer system than assumed. If pressure 

remains constant despite the elongation, the increased volume of the cavity 

decreases the resonant frequency of the Helmholtz resonator but the increased 

radius of the neck raises the resonant frequency of the Helmholtz resonator. The 

increased radius of the neck might shorten the length of the neck if the frames are 

not tightened. The undersized design of the Helmholtz resonator might also cause 

flexibility in the components, so they may have to be added to the model as a 

series of springs. Thus, the components have to be dimensioned suitably. 

The mass of the neck is assumed to be calculated exactly with the dimensions 

of the neck, albeit as presented in the theory review, an extra volume both inside 

and outside moves with the fluid in the neck. Thus, the resonant frequency of the 

Helmholtz resonator is overestimated if equation (9) is used.  

The assumption of constant sound velocity includes additional assumptions, 

so that several sources of error arise if compared with a real system. The 

assumption of constant sound velocity includes the assumption that fluid density 

and bulk modulus are homogenous and constant at every point of the system. 

Thus, density variations, such as particles in fluid in a real system, affect the 

results via sound velocity. Also, the assumption of a constant bulk modulus might 

include a source of error. For example, the fluid temperature might vary locally in 

the system or the fluid might contain air, and both cases affect the value of the 

bulk modulus, which again affects the resonant frequency via the assumption of 

constant sound velocity. 

3.4 Effect of Reynolds numbers 

Laminar flow is assumed in the modeling so that the Reynolds number should be 

less than 2000 in pipes (Viersma 1980:135). Overestimated Reynolds numbers in 

the main pipe were assumed to be 270 (dynamic viscosity 148 cSt) or 950 

(dynamic viscosity 42 cSt). Estimations were calculated for both oils with the 

values that were measured at the temperature of 20 °C. These values are only 

estimations, because flow transducers were not available, so that the flow velocity 

was only estimated with the help of pressure loss between measurement points. 

Flow velocity was overestimated to be 5 m/s for both cases. In control experiments 
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the oil temperature rose more, in which case the overestimated Reynolds number 

was 2200, which is already near the upper limit. 

Overestimated Reynolds numbers are below the critical value, but turbulence 

might exist, for example in the vicinity of discontinuities such as the joints of the 

pressure transducers. However, the Reynolds number points out that the flow 

should be laminar. Theory and models assume that the flow is laminar, so the 

possibility of turbulence and its effect on the operation of the Helmholtz resonator 

were not studied more in this study, but are subject of further study.  
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4 Experiments 

The test equipment and measurements of study are presented in this chapter. The 

test equipment and its mechanical properties are presented at first. The used 

hydraulic oil is presented in its own chapter because of its role in hydraulics. 

Sound velocities as a function of pressure are measured and discussed before 

measurements of resonant frequency of an adjustable Helmholtz resonator. Sound 

velocity measurements define the bulk modulus of fluid and resonant frequency 

measurements define the effective bulk modulus of the system when the 

Helmholtz resonator is connected. After stiffness of the hydraulics is defined, the 

adaptive Helmholtz resonator is presented. The adaptive Helmholtz resonator is 

controlled by open and closed loop controls and efficiency of both cases are 

measured. 

4.1 Test equipment 

Figure 37 shows the test equipment designed and manufactured for this study. It 

was used as the basis for all experiments, except for the chemical measurements, 

which were done in the laboratory of the Department of Chemistry. It was 

possible to vary the length of the main pipe and the length of the resonator neck 

by junctions and by pipes of different lengths. Both pipes were made of hydraulic 

pipe whose dimensions are presented in Table 4. It was possible to restrict the 

Helmholtz resonator from the main pipe by a spherical valve, see Figure 38. In 

the main pipe and in the resonator neck T junctions for the pressure transducers 

were included. The spherical valve was at the end of the main pipe (left side in 

Figure 37) and in an adjustable nozzle that restricted the test equipment from the 

other system and also controlled the pressure and flow in the test equipment was 

at the beginning of the system. The main pipe was rigidly constrained to the floor 

by a plate which was on the right side of the main pipe. Two other points of 

support are also described in the Figure 37 (small “tables” near the resonator and 

left end of the main pipe). 

At the right end of the main pipe, behind the support plate, a small piston was 

inside the pipe. The movement of the piston acts as an excitation for the hydraulic 

system. When sound velocity was measured, the piston was moved by hammer so 

that the excitation was an impulse. In other experiments, the piston was moved by 

a shaker which was controlled by a computer, see Figure 39. The piston could be 

replaced by a valve as has been done in other studies. However, the piston was 
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noted to given a clear excitation pulse cheaply, because no additional valves and 

pipes were required and the piston was directly inside the main pipe. 

 

Fig. 37. Figure of the test equipment used in experiments. 

Fig. 38. The spherical valve between the main pipe and a Helmholtz resonator. 

Fig. 39. The shaker used to move the piston inside the main pipe. If necessary the 

shaker can be replaced with a hammer. 
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The test equipment was designed so that its natural frequencies were out of the 

measurement range. Stability of hydraulics and measurements were revised 

during measurements by measuring the pressure ratio between pressure sensors in 

the beginning and end of pipe, see Figure 40. Repeated measurements of the 

pressure ratio assured the reliability of measurements. 

 

Fig. 40. Measured pressure ratio between pressures in the beginning and end of the 

main pipe. Presented examples are measured on 7.11. and 13.11.2007. 

The same kind of experimental arrangements have been used in studies of sound 

velocity, for example by Cho et al. (2002: 60), Harms & Prinke (1979: 192) and 

Johnston (2006: 525). Cho et al. (2002) have studied the reduction of the stiffness 

of the hydraulic system caused by entrained air. They measured the wave 

propagation time in the pipe by using the cross correlation function and then 

calculated the value of the bulk modulus at low pressures (<10 bar). Harms & 

Prinke (1979) determined the sound velocity by calculating the time difference of 

pulse identified in two points. Johnston (2006) studied pressure wave propagation 

in a flexible hose, which replaced the long pipe. The back-pressure was excited by 

pressurizing the closed system by hand pump and then releasing the pressure by 

moving the plunger. He achieved agreement between model and measurements. 

No studies were found wherein the same kind of experimental arrangement was 

used to study a Helmholtz resonator.  

A resonator with an adjustable cavity volume was chosen for this study, see 

Figure 41, because this solution probably allows the widest tuning range, as the 

natural frequency varies as the square root of the volume (Estève & Johnson 

2004: 2). Other reasons were a structure and manufacturing. The Helmholtz 
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resonator was made of a hydraulic cylinder pipe whose dimensions are presented 

in Table 4. The volume of the resonator was adjusted by the piston inside the 

resonator. The piston was moved by a trapezoidal threaded rod or by a square 

pipe. To compare the effect of the neck, several neck lengths were used in the 

experiments, but the cross-sectional dimensions of the neck were always the 

same. 

Fig. 41. Isometric view and offset section view of the adjustable Helmholtz resonator, 

where lc is cavity length. 

Available measurement equipment limited the pressure range of experiments, so 

that the maximum pressure used in the experiments was 3 bar. The pipes, 

resonator (hydraulic cylinder), connectors and hoses are designed for hydraulic 

usage, so their dimensions, such as surface roughness and tolerances, follow 

common practise and are suitable for the study. Table 4 presents the main 

dimensions and tolerances of the components used in the test equipment. 

4.1.1 Mechanical properties of the test equipment 

Figure 42 depicts the initial pipe dimensions and the dimensions after the effect of 

pressure Vb and Ve, respectively. It is supposed that pressure increases the 

diameter of the pipe and decreases the length of the pipe. However, both volumes, 

Vb and Ve, have to be equal. 

 Vb = π r2 l = Ve = π (r + Δr)2 (l − Δl), (86) 
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where r is radius and l is length of the pipe. The change of radius under pressure 

is known (Young 1989: 518) 

 Δr = 
w

2

Et

Pr
, (87) 

where P is pressure, r is radius, E is elastic bulk modulus and tw is wall thickness. 

If equation (86) is solved for the change of the length, Δl, and the effect of the 

change of radius is increased in the result, it is obtained 

 Δl = 
Pr2Et

Prl2

w +
. (88) 

Load of the pipe is 

 F = P π r2. (89) 

Thus, it is possible to calculate the spring constant of the pipe 

 kp = 
l

F

Δ
 = 

l2

rπ
 (E tw + 2 P r). (90) 

Fig. 42.  Pipe dimensions before deformation (left) and after deformation (right) 

caused by pressure inside pipe. 

In Table 4, in column k the weakest calculated spring constants of the components 

of the test equipment are presented. As noted from equation (90), the effect of 

pressure is insignificant if the maximum pressure is less than 3 bar. The elastic 

bulk modulus and the length of the pipe are the dominant factors. 

The bulk modulus of metal components with cylindrical shape can be 

calculated with the equation (Kauranne et al. 2004: 68) 

 B = 
D

Etw , (91) 
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where E is elastic bulk modulus, tw is wall thickness and D is diameter. The 

results of equation (91) for different components of the test equipment are 

presented in column B in Table 4. 

Table 4. Properties of the components of the test equipment. 

 dout [m] din [m] l [m] V [m3] k [N/m] B [N/m
2] 

Main pipe 0.011 0.008 ~3.5/~5 ~(1.76…2.51) ·10−4 > 0.38·106 3.75 · 1010 

Neck 0.008 0.006 < 0.66 < 1.87·10−5 > 1.43·106 3.33 · 1010 

Cavity 0.110 0.100
mm14.0

0
+

 < 0.938 < 7.37·10−3 > 8.37·107 1.00 · 1010 

Piston 0.100
mm012.0
mm036.0

−
−   0.060    

The piston rod (trapezoidal thread) was thought to be the weakest component of 

the adaptive Helmholtz resonator. Thus, the spring constant of the piston rod was 

measured separately on the test bench. The results are depicted in Table 5. On the 

left side in Table 5 the measured results of the undamaged piston rod are 

presented and on the right side are the measured results of the mildly buckled 

piston rod. As can be noted from the results of Table 5, the spring constant of the 

piston rod depends on pressure and span. 

Table 5. Spring constant of the new and the used piston rod. 

Load 

Corresponding pressure 

in test equipment 

Undamaged (unused)  Mildly buckled 

1000 N 

1.3 bar 

1500 N 

1.9 bar 

 1000 N 

1.3 bar 

1500 N 

1.9 bar 

1750 N 

2.2 bar 

Span [mm] k [N/m] k [N/m]  k [N/m] k [N/m] k [N/m] 

882 1.29·106 1.03·106  0.68·106 0.40·106 0.16·106 

792 1.92·106 1.67·106  1.22·106 0.74·106 0.58·106 

702 2.79·106 2.18·106  1.81·106 1.84·106 1.70·106 

612 3.87·106 3.24·106  4.47·106 4.39·106 3.80·106 

522 4.75·106 3.71·106  5.85·106 5.35·106 4.74·106 

432 4.87·106 3.87·106  5.87·106  4.84·106 4.61·106 

The spring constant of the hydraulic oil in the cavity varies between 7 N/m (piston 

position 0.2 m, length of the neck 0.6 m, Beff = 14 MPa (1 bar)) and 4400 N/m 

(piston position 0.039 m, B = 1.67 GPa (sound velocity measurements)), 

calculated with equation (8) (the measured values of the sonic bulk modulus of 

hydraulic oil are presented in Tables 7 and 11). Hence, it is possible to calculate 

the equivalent spring constant of the test equipment, if all springs are expected to 
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be in series. The equivalent spring constant is calculated by equation (92) if the 

springs are in series (Rao 1990: 18). 

 =
ieq k

1

K

1
, (92) 

where ki is spring constant of the component i. The equivalent spring constant of 

the metal components of the test equipment varies between 0.23 · 106 N/m and 

0.28 · 106 N/m (only the undamaged piston rod is considered). If the effect of the 

hydraulic oil is considered, the equivalent spring constant of the test equipment 

varies between 7 N/m and 4300 N/m, no matter which piston rod, undamaged or 

mildly buckled, is considered. Thus, it is noticed that the value of the spring 

constant of the hydraulic oil is dominant when the equivalent spring constant is 

calculated. Thus, the effect of the metal components on the equivalent spring 

constant is insignificant and the effect of the metal components can arguably be 

disregarded from now on. 

4.1.2 Properties of the hydraulic oil used in experiments 

Mineral oil-based commercial products were used in the measurements. The 

kinematical viscosity of Oil_1 was 46 cSt (40 °C), and its pour and fire points 

were −36 °C and 200 °C, respectively. The kinematical viscosity of Oil_2 was 

10 cSt (40 °C), and its pour and fire points were −51 °C and 165 °C, respectively. 

Both oils are destined for versatile industrial usage and they include additives 

against wearing, oxidation and corrosion, such as calcium, zinc and phosphorus. 

Oil_1 was used in measurements of sound velocity and resonant frequency of an 

adjustable Helmholtz resonator. Oil_2 was used in experiments of control 

methods. Experienced researchers in the field advised changing the oil between 

measurements to reduce the effect of viscosity so that the maximum attenuation 

band would be narrower to prove the effect of control. The lower viscosity 

narrows the frequency range wherein the Helmholtz resonator damps vibrations 

and also increases maximum damping at the tuned frequency. The advice clarified 

the work, albeit high-viscosity oils and greases were limited outside the study, but 

that they are a subject of further study. 

The density and dynamic viscosity of oils were measured in the laboratory of 

the Department of the Chemistry. Dynamic viscosity was measured by a 

Brookfield DV-II+ rotation viscometer and density was measured by a specific 
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weight method. Densities as a function of pressure were not available, but both 

results were measured as a function of temperature. Measurement results are 

presented in Table 6. 

Table 6. Measured hydraulic oil properties in the beginning of measurements and in 

the end of measurements. Temperature of the sample at the measurement moment is 

presented in the brackets. 

Oil_1 Oil_2 

In the beginning   In the end In the beginning In the end 

ρ [g/l] η [cP] ρ [g/l] η [cP] ρ [g/l] η [cP] ρ [g/l] η [cP] 

877 (19 °C) 82 (26 °C)  875 (15 °C) 117 (19 °C) 839 (20 °C) 17 (20 °C) 833 (20 °C) 18 (20 °C) 

868 (32 °C) 70 (30 °C)  870 (26 °C) 80 (26 °C) 837 (21 °C) 12 (31 °C) 830 (21 °C) 12 (31 °C) 

861 (42 °C) 45 (40 °C)  863 (41 °C) 41 (41 °C) 829 (32 °C) 8 (47 °C) 825 (32 °C) 8 (46 °C) 

Oil_1 was measured before the experiments were started, and again immediately 

after the sound velocity measurements because the experiment phase (including 

development of the test equipment, calibration, all measurements etc.) with Oil_1 

lasted from 14.5.2007 to 14.1.2008. In this way the reliability of the 

determination of the sonic (adiabatic) bulk modulus of the system was secured. 

The hydraulic oil which was already in the hydraulic pump before the 

experiments was unknown, but during the sound velocity and resonant frequency 

measurements only Oil_1 was added to the system. 

The density and dynamic viscosity of the Oil_2 used in experiments of 

control methods was also measured because experiments lasted from 26.8.2008 to 

14.11.2008 and measured responses were noted to vary a little bit all the time, 

albeit environmental conditions were almost stable all the time (inside the 

laboratory). Thus, the response measurements, such as presented in Figure 40, 

were important to ensure the constancy of the oil. Small variations of results were 

expected because temperature of the oil varied between 20 °C and 30 °C during 

measurements, but variations were bigger than expected. The reason for oil 

temperature variation was the hydraulic pump unit whose small oil tank was 

positioned around the pump and electric motor, so that they warmed up oil. The 

loading of the oil was also increased by using a strict pressure control circuit. In 

addition, variations of measured responses were noted to have a hysteretic nature 

so that the original starting point was not reached, even though the system was 

cooled down. The responses were returned to the initial stage only by changing 

the oil of the test equipment. Oil properties started to vary again after experiments 

were continued despite the oil change. 
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The properties of Oil_1 used in the measurements of sound velocity and 

resonant frequencies remained unchanged during measurements. This was 

expected because measurements were done in a non-flow situation so that the 

hydraulic pump unit was used only occasionally and oil properties were stabilized 

because the oil was old. 

Viscosity and density of Oil_2 used in experiments of control methods varied 

during measurements but measured variations were inside the tolerance of 

common practice so that robust conclusions cannot be done. Variations were 

caused by the hydraulic pump unit which was used continuously so that oil was 

constantly flowing during measurements. Thus, oil temperature varied between 

20 °C and 30 °C during measurements and flow enables entrained air to dissolve 

into oil. Dissolution of entrained air also explains the hysteretic nature of the 

measured response. In the test equipment were positions wherein entrained air (air 

bubbles, or even air pockets) was accumulated after oil changes despite 

deaeration through bleeding screws. During flow and temperature variations 

entrained air dissolved into oil and the bulk modulus of hydraulics varied and 

measured responses were noted to have a hysteretic nature which was eliminated 

only by changing oil because certain positions of the test equipment accumulated 

entrained air (air bubbles). Also the effect of variation in viscosity due to 

temperature should be noted when the properties of the oil are considered. The oil 

temperature varied between 20 °C and 30 °C during measurements, in which case 

the measured dynamic viscosity varied from 18 cP to 12 cP. In general, a 

temperature rise decreases the viscosity of oil, which decreases inertial damping 

of the system. As presented in the theory of DVA, damping or a damper widens 

the frequency range wherein DVA damps vibrations but hinders reaching the 

motionless state of the primary system at the resonant frequency. Thus, the 

temperature of the experiments affects the width of the damping frequency range 

and the pulsation pressure that remains in the main pipe at the resonant frequency 

of the Helmholtz resonator.  

4.2 Sound velocity measurements 

Sound (pressure wave) velocity in fluid (oil) in the test equipment was measured 

to define the bulk modulus of fluid. In mechanics the stiffness of the test 

equipment can be calculated because the stiffness of components (modulus of 

elasticity) is reported by manufacturers and the behavior of stiffness is known 

although conditions, for example temperature, would vary. Also hydraulics 
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stiffness values are reported in the literature even as a function of conditions such 

as temperature. However, the amount of air affects stiffness of hydraulics and air 

content cannot be measured as reliably as temperature and pressure. Also reliable 

evaluation of the distribution and pervasiveness of the air in the hydraulic system 

is difficult (Larock et al. 2000). In addition the amount of air will vary with 

temperature and pressure, especially in low pressure. Thus, the effective stiffness 

of hydraulic system has to be measured if the reliable value of stiffness is needed. 

A reliable value of hydraulic stiffness is needed, for example for dimensioning 

dampers. Means to measure stiffness of the system would be a compression test 

or sound velocity-based measurement. In this study the compression test is 

neglected because of pressure which would break the system and its components. 

Thus, the sound velocity-based measurement will be done to define the bulk 

modulus of fluid by the impact method because ultra-sound devices are not 

available. The impact method could be replaced by a frequency-based definition 

but it would be complicated because of wave reflection. The amount of air can be 

estimated with the help of resonant frequency measurements after the bulk 

modulus of fluid is known. 

The principle of sound velocity measurements is depicted in Figure 43. The 

measurements were carried out by identifying a sound pulse at two points, P1 and 

P2, using piezo sensors. The distance between points P1 and P2 (variable L in 

Figure 43) is known and two different distances were used in the tests. The 

shorter distance was 2.75 m and the longer was 4.26 m. Distances L1 and L2 were 

always 0.72 m and 1.03 m, respectively. A sound wave was excited by means of a 

piston inside a pipe. This excitation system enables excitation of a pure pressure 

wave because elbows and interfaces are avoided so that reflections and 

transmissions of the wave are minimized. A spherical plug valve and an 

adjustable valve were installed in the test equipment so that flow and pressure 

could be controlled during the measurements. This property was used in the 

measurements so that four measurement series were carried out. The first one was 

done under constant pressure without flow with both valves closed. The second 

one was done with flow so that flow (and pressure) was controlled with the 

adjustable valve. Both, flow and non-flow, series were repeated at two different 

lengths. The effect of flow on wave velocity is insignificant, as seen later in the 

text. 
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Fig. 43.  Principle of the test equipment used in sound velocity experiments. 

The measurements were started by removing the entrained air from the system 

through the bleeder screws of pressure sensors. After de-aeration, measurements 

began from the lowest rational pressure (0.2 bar) and the pressure was raised after 

every three impacts up to 3.4 bar. Impact here means a hammer hit on the piston 

rod so that the piston was moved lightly but rapidly. When the maximum level 

was reached, the air was removed again and measurements were carried out so 

that after every third impact the pressure was decreased until the output level was 

reached. This “measurement ramp” was repeated four times, using two different 

measurement distances and both flow and non-flow situations, so that 328 

measurements were achieved. Example of the measurement result is depicted in 

Figure 44 wherein are depicted measured pressure pulses at points P1 and P2 so 

that pressure is presented in Y-axis and time in X-axis. The adjustable valve was 

not absolutely tight, and it allowed some pressure to leak through after impact. 

This means that in the non-flow situations the pressure decreased slightly during 

the three impacts. This event did not exist in the flow situation, where the 

pressure was constant during the three impacts. This explains why some pressures 

are presented with more measurements than others, see Figure 45 wherein are 

depicted measured sound velocities (Y-axis) as a function of pressure (X-axis). 
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Fig. 44. Pressure pulse at point one P1 (black line) and two P2 (dotted line). Note the 

pressure difference between the points because of flow. 

The experiments were carried out over two days (2.1. and 3.1.2008) so that the 

temperature could be assumed to be constant. The temperature of the workshop 

varied between 14 °C and 16 °C during the measurements. The test equipment did 

not include a temperature sensor, but the test equipment was inside a laboratory 

so the fluid temperature can be assumed to be the same as the surrounding 

temperature. 

The measurement system included one Kyowa PG-20KU pressure sensor (for 

reference pressure), two Kulite HKM-375M-7barVG pressure sensors (for 

recognizing a pressure wave at two points), a Kyowa Strain Amplifier DPM-6H 

(for the Kyowa pressure sensor), a Thandar 30V-2A precision power supply (for 

the Kulite pressure sensors), a National Instruments USB-6211 16-input (16 bit 

250 kS/s) DAQ card, a HP Compaq nx9010 laptop computer with Microsoft 

Windows XP, DasyLab v.8.00.004 measurement software and Measurement& 

Automation Explorer v.4.1.0.3001. The measurement frequency was 25 kHz 

(0.04 ms) and the block size was 1024 bit. 

The volume flow of the test equipment can be estimated with the Hagen-

Poiseulle equation (Kauranne et al. 2004: 47) 

 Q = P
l128

D4

Δ
η

π
, (93) 

where D is diameter, η is dynamic viscosity, l is length and P is pressure. During 

the measurements the pressure difference between piezoelectric sensors varied 
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from zero to 0.5 bar (pipe length 2.75 m) or almost one bar (pipe length 4.26 m). 

This means that the absolute maximum flow, which is overestimated here on 

purpose, is constantly less than 0.4 m/s at a temperature of 18 °C and its effect on 

the results is impossible to notice in this arrangement. Thus, the effect of flow can 

be neglected in sound velocity measurements. For the experiments of the adaptive 

Helmholtz resonator, the oil was changed to Oil_2 whose properties are presented 

in Table 6. The maximum flow when Oil_2 is used can be estimated to be 2 m/s at 

the temperature of 18°C. However, during Helmholtz resonator measurements a 

pump was used and temperature of oil was noted to rise almost to 30°C, in which 

case the dynamic viscosity of Oil_2 was measured to be 12.3 cP. In that case the 

overestimated flow velocity is expected to be 5 m/s. 

Altogether 328 measurements were analyzed. The average pressure of the 

measurements was 1.8 bar and the measured average sound velocity 1370 m/s. The 

results of all the measurements are presented in Figure 45, which indicates the 

magnitude of the sound velocity in the pressure range between 0.2 bar and 

3.4 bar. In Figure 45 the measured results of the flow state and non-flow state are 

separated as ○ and ▪, respectively. As calculated earlier, this measurement 

arrangement is not accurate enough to recognize the effect of flow. Thus, all the 

results are handled together from here on. 

 

Fig. 45. All 328 measurements for sound velocity. ▪ measured without flow and 

○ measured with flow. 
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All the measured results and calculated bulk modulus are presented together in 

Table 7 so that the measured pressure is rounded to an accuracy of 1 bar and the 

average sound velocity of all the measurements in the rounded pressure area is 

calculated. Note that the declared value of pressure is always measured by a 

reference pressure sensor (see Pref in Figure 43). Thus, in Table 7 pressure is in 

column P, the number of measurements in the pressure range −0.5 ≤ Pi ≤ +0.4 bar 

are in column n, the average sound velocity of the measurements at the declared 

pressure is in column a, the standard deviation of samples inside the rounding is 

in column σ, and the calculated values of the sonic bulk modulus of the fluid are 

in column B. In the bottom rows can be found the average results of the 

measurements and the amount of measurements, respectively. Note that the sonic 

bulk modulus is calculated under the assumption that density is independent of 

pressure. Thus, the density is considered to be constant, 873.9 kg/m
3 at a 

temperature of 18 °C. 

Table 7. Sound velocities and the calculated bulk modulus of fluid at different 

pressures. P is pressure of the system [bar], n is number of samples, a is measured 

sound velocity [m/s], σa is standard deviation of the measured sound velocities of the 

samples [m/s], and B is calculated bulk modulus [GPa]. 

 P n a σ B 

 0 21 1310 78 1.50 

 1 101 1363 65 1.62 

 2 101 1376 46 1.66 

 3 105 1384 40 1.67 

av. 1.8  1370 57 1.64 

∑  328    

Albeit the measurement frequency was 25 kHz, the results are not discussed so 

accurately. In the results, the pressure is discussed using an accuracy of 1 bar and 

time is discussed with an accuracy of 0.1 ms (10 kHz). This means the measured 

results of the longer pipe should be more accurate than those of the shorter pipe 

because the speed difference affected by 0.1 ms is about 30 m/s in the longer pipe 

and about 70 m/s in the shorter pipe if the sound velocity is about 1370 m/s. It is 

true that the longer pipe decreases dispersion of the results, but it is worth 

noticing that the pipe cannot be too long because the pulse is damped in fluid and 

the damped pulse does not rise as sharply as a fresh pulse, see Figure 44. Another 

explanation for the decreasing dispersion might be the amount of air. When the 

pressure rises, the percentage volume of air decreases and the system is more 
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stable and the results of pulse measurements do not differ from each other as 

much. 

Maximum pressure pulses caused by a hammer stroke varied between 9.9 bar 

and 39.1 bar at sensor one and between 4.2 bar and 30.6 bar at sensor two. 

Corresponding mean pressures at nodes 1 and 2 were 22.1 bar and 15.3 bar, and 

standard deviations were 5.4 bar and 5.0 bar, respectively. The mean damping 

between measurement points P1 and P2 was −3.8 dB, maximum damping was 

-11 dB and standard deviation of damping was 2.7 dB. The damping between 

measurement points disturbs sound velocity measurements done by the impact 

method, because the response of the hammer stroke has to be notified at the point 

P2 so that the time difference between measurement points can be read. A strong 

hammer stroke raises pressure to a high level and the high pressure might vary 

properties of the hydraulic system as presented before. In the next chapter results 

of sound (wave) velocity measurements by different methods and by other 

researchers is presented. Their results are noted to be similar. Thus, it is assumed 

that the main pipe of the system is airless and the measured sound velocities can 

be used to estimate the bulk modulus of fluid. 

4.2.1 Comparison of results 

The average measured value of the sound velocity was 1370 m/s, hence the 

average value of the sonic bulk modulus of fluid is 1.64 GPa. Unfortunately, the 

exact values of the bulk modulus and sound velocity of the oil used are not 

available. However, it is possible to compare the measured results with the results 

of other researchers to estimate the accuracy of the measurements. 

In their paper, Tat et al. (2000: 288) have presented equations for calculating 

the density, bulk modulus and speed of sound of ethyl soyate as a function of 

pressure at room temperature (21 ± 1 °C). The ethyl soyate is an ester made of 

soybean oil, and comparison is valid in this study because its density is almost the 

same as the density of the hydraulic oil used in this study. The results are depicted 

in Table 8, in which Δ means the difference between the calculated results at two 

different pressures. For example, the difference in sound velocity between 0 bar 

and 3 bar is just 0.09%. In the test arrangement used in this study the difference of 

0.09% means a ±1.2 m/s difference in the measured sound velocity and it is 

impossible to notice with the arrangement used, albeit it is possible to notice an 

ascending trend in the measured sound velocity in Table 7. 
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Table 8. Properties of ethyl soyate, data from Tat et al. (2000: 288). 

 P1 = 0 bar P2 = 3 bar Δ 

Density [kg/m
3] 874.2 874.4 0.02% 

Sound velocity [m/s] 1403.1 1404.3 0.09% 

Isentropic bulk modulus [GPa] 1.72 1.72 0 

In their paper, Dzida & Prusakiewicz (2007) have presented the measured sound 

velocities and densities of biodiesel, whose value of density and bulk modulus at 

20 °C are 880 kg/m
3 and 1.76 GPa respectively, as a function of temperature and 

pressure. Results are presented in Table 9, in which Δ means the sound velocity 

difference between the calculated results at two different pressures (column) or at 

two different temperatures (row). Note that the viscosity of biodiesel will 

decrease 0.4% when temperature rises 5 °C. (Dzida & Prusakiewicz 2007: 4.) If 

results in Table 9 are used to interpolate the sound velocity at a pressure of 3 bar 

and a temperature of 20 °C, the sound velocity value of 1416 m/s is reached. The 

interpolated value shows that the difference in wave velocity is only 1 m/s (0.07%) 

when pressure is changed by 3 bar. 

Table 9. Measured sound velocities in biodiesel, data from Dzida & Prusakiewicz 

(2007: 3). 

T P1 = 152 bar P2 = 1 bar Δ 

20 °C 1482.1 m/s 1415.0 m/s 4.5% 

25 °C 1463.9 m/s 1395.7 m/s 4.7% 

Δ 1.2% 1.4%  

The densities of liquids presented in Tables 8 and 9 are close to the density of the 

oil used in this study, so they can be used at least in a rough comparison with the 

results of this paper. Both the example results presented show that the wave 

velocity should be around 1400 m/s and the bulk modulus should be 1.7 GPa. 

The measurements made by Tat et al. (2000) and Dzida & Prusakiewicz 

(2007) illustrated that the variations in sound velocities are tiny when pressure is 

changed from 0 bar to 3 bar. As Tables 8 and 9 indicate, the change is only 0.1%. 

In this study the variation was measured to be 1.5% when the pressure was 

changed from 1 bar to 3 bar. The reason for the difference can be the inaccuracy 

of the measurements, or dissolved and entrained air, or differences in the 

molecular level of the compared fluids. However, this could not be examined 

thoroughly because of a lack of required equipment. 
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4.2.2 Conclusion of sound velocity measurements 

Sound velocity in the main pipe of the test equipment was measured by an impact 

test. Albeit the accuracy of the used measurement method can be impugned, the 

estimation of sound velocity and stiffness of the hydraulics of the main pipe is 

obtained. Note the similar results of other studies. Other researchers have 

achieved the same magnitude of results for liquids whose densities are the same 

or almost the same, albeit they have used more accurate methods, such as 

ultrasound devices. The theoretical accuracy of the method used in this study was 

0.1 ms, which corresponds to about 30 m/s in the longer pipe and about 70 m/s in 

the shorter pipe if sound velocity is about 1370 m/s. However, the measurement 

frequency is not the only parameter that affects the accuracy of the results, 

because the measurements used were based on a pulse which was identified at 

two different points and the time difference was measured between points 

wherein pressure increased rapidly from original. Thus, this kind of measurement 

method is influenced by the recognition of comparable moments at two 

measurement points and by the distance between measurement points. A longer 

distance would increase the accuracy of the measurements, but it also affects the 

shape of the pulse because of viscosity and friction near the pipe wall. Because of 

the changing shape of pulse, the accuracy might be disturbed and the method used 

is difficult to automate so that the system could independently measure the sound 

velocity in real-time. If the excitation is regular without peaks, like sine wave, the 

method is more difficult to automate. In that case, the easiest method to automate 

the measurement would probably be the method presented by Harms & Prinke 

(1979) which was based on wave length and phase difference. 

After sound velocity measurements, the bulk modulus of fluid is estimated 

because the main pipe is assumed to be airless because of de-aeration, straight 

structure with bleeder screws of pressure sensors, and pressure raise caused by 

hammer impact. Pressure raise will compress the volume of free air. Measured 

results were noted to agree with the results of studies wherein ultrasound methods 

were used, albeit the used method was not able to follow changes of pressure as 

accurately as ultrasound devices do. Compared results are also expected to be 

airless because the amount of air or effect of air content is not mentioned in 

papers.  

The used method gives a basis for stiffness definitions, but the suitability of 

the used method to define the stiffness of the system can be impugned, because 

impacts raise the pressure which will change fluid properties. Also, high pressure 
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peaks cause problems in sensitive components. In the test equipment pressure of 

10 bar would cause an 8 kN load to the piston of the adjustable Helmholtz 

resonator. Despite that measured results of sound velocities are suitable for this 

study, wherein the main target is the adaptive Helmholtz resonator, comparative 

measurement methods of sound velocity are a subject for the further study. 

However, bulk modulus of fluid in the test equipment is defined and in the next 

phase, the effective bulk modulus of the test equipment will be defined and air 

content estimated. 

Sound velocity measurements were done individually in this study. However, 

the reliable real-time measurement of sound velocity is necessary when the 

control of the active or semi-active damper to the hydraulic system is designed 

because the sound velocity reveals various characteristics of the system, such as 

pressure and temperature. Vice versa, the sound velocity changes with the 

properties of the system. Thus, if the sound velocity in the hydraulic system 

varies because of temperature, pressure or some other factor, the Helmholtz 

resonator loses its capability to damp and it can even turn into an amplifier and 

cause more damage. The loss of efficiency will be noted in the experiments of the 

adaptive Helmholtz resonator in this study, too. Thus, the study of sound velocity 

measurement should be continued to find a reliable real-time measurement 

method which could be integrated to be a part of control system. 

4.3 Resonant frequency of Helmholtz resonator 

The Helmholtz resonator in acoustics and hydraulics is like a dynamic vibration 

absorber (DVA) in mechanics and it can be used in hydraulics to attenuate 

harmful vibrations at a certain frequency. The main target of this chapter is to 

prove the adjustability of the Helmholtz resonator in hydraulics so that the 

pulsating pressure can be attenuated, albeit the frequency of pulsating pressure 

would vary. Therefore, a definition of resonant frequencies of the adjustable 

Helmholtz resonator in the test equipment and a definition of effective bulk 

modulus of hydraulics of the test equipment are presented in this chapter. 

Measured values, together with previously measured bulk modulus of fluid, can 

be used to estimate the amount of air in the test equipment. The adjustability of 

the Helmholtz resonator is done by varying the volume of the cavity by the piston 

inside the cavity. Also three different lengths of the neck are tested to note the 

effect of the length of the neck to the resonant frequency of the Helmholtz 

resonator. 
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The measurements were based on the fact that fluid oscillates strongly inside 

the resonator at the resonant frequency (Kweon et al. 2006: 1252). Thus, the 

pressure transducer was installed in the main pipe in front of the piston, and 

another in the resonator neck, see Figure 38. The pressure transducer in front of 

the piston acts as an input and the pressure transducer in the resonator neck acts 

as an output. In Figure 46 one example of the input is presented and one example 

of output is presented in Figure 47. Both Figures 46 and 47 show the amplitudes 

of pressure (Y-axis) in the waterfall diagram as a function of frequency (X-axis). 

Figure 47 shows that the amplitude of the pressure ripple in the resonator neck 

diminishes as the frequency rises, whereas the amplitude of pressure in the main 

pipe does not. To define the exact resonant frequency, the transfer function 

estimation (TFE) was done by a MATLAB® program. The result of the 

measurement from the main pipe was the input and the result from the resonator 

neck was the output. Naturally, both values were in the time domain. The example 

of the result of the transfer function estimation between the results depicted in 

Figures 46 and 47 is depicted in Figure 48 wherein frequency is presented in X-

axis and TFE in Y-axis. The measurement procedure was repeated for different 

cavity volumes by moving the piston inside the cavity and each volume was 

measured at three different pressures (1, 2 and 3 bar). All these steps were 

repeated with three different lengths of the neck. The result of the transfer 

function estimation with three different pressures and with three different cavity 

volumes is presented in Figure 49, which shows how the resonant frequency 

decreases if the volume of the cavity increases or the pressure decrease. This was 

expected because both factors decrease the spring constant of the hydraulic 

system. All measurement results are presented in Table 10, column 4. 
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Fig. 46. Waterfall diagram plotted in the same plane (2D). The result is measured from 

the main pipe in front of the piston. 

 

Fig. 47. Waterfall diagram plotted in the same plane (2D). The result is measured from 

the resonator neck. 
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Fig. 48. Transfer function estimation (TFE) between the main pipe and the resonator, 

whose length of the neck is 0.39 m, volume of the cavity is 0.69 l and pressure is 3 bar. 

 

Fig. 49. The effects of pressure (P) and piston position (pp) on the resonant frequency 

of a Helmholtz resonator. 

The measurements were made between 25.10. and 19.12.2007, and some extra 

measurements were also made on 14.1. and 15.1.2008. The temperature in the 

workshop varied between 17 °C and 19 °C in the autumn and between 15 °C and 

17 °C at the turn of the year. The measurement system consisted of a Kyowa PG-

10KU pressure sensor, a Kyowa PG-20KU pressure sensor, a Kyowa Strain 

Amplifier DPM-6H (for the Kyowa pressure sensors), a National Instruments 
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USB-6211 16-input (16-bit 250 kS/s) DAQ card, a HP Compaq nx9010 laptop 

computer with Microsoft Windows XP, DasyLab v.8.00.004 measurement 

software and Measurement&Automation Explorer v.4.1.0.3001. The measurement 

frequency was 250 Hz and the block size was 1024 bits. 

It should be noted that experiments were done in standing fluid (without 

flow). The main pipe was restricted by valves so that the pressure was almost 

constant all the time (a tiny leak was noticed in the adjustable nozzle). This way 

the disturbance of the pump was prevented and the only excitation was given by 

the piston. Because the pump was used occasionally, the temperature of 

hydraulics is expected to remain constant and same as the surrounding 

temperature. 

4.3.1 Results of calculations and experiments 

Several researchers have presented limits to the classical Helmholtz theory. 

Panton & Miller (1975: 1533) said that length dimensions of the resonator have to 

be less than 1/16 of the wavelength, Dickey & Selamet (1996: 512) stated that 

kdp<<1 and kdn<<1, de Bedout et al. (1997: 111) wanted to avoid standing waves 

by designing the largest dimension of the resonator to be less than one quarter of 

the shortest wavelength, Doria (1995: 673) presented limits Vc
1/3 << λ, An

1/2 << λ 

and ln<< λ. Last, k is the wavenumber (2π/λ), and dp and dn are diameter of the pipe 

and neck, respectively, and Vc and An are volume of the cavity and cross-sectional 

area of the neck, respectively, and ln is length of the neck and λ is wave length. 

In this study the frequency range was limited to between 3 and 75 Hz, thus 

the limits of the wavelengths were 1.7 and 461 m (note the sound velocities 

reported previously and effective bulk moduli presented later). In this study the 

longest neck length was 0.66 m, the inner diameter of the main pipe was 8 mm, 

the inner diameter of the neck was 6 mm, the cross-sectional area of the neck was 

2.8·10−5 m2, the longest cavity length was 0.55 m and the biggest cavity volume 

was 3.0·10−3 m3. Thus, all the dimensions are within the limits. 

In Table 10, column 1 presents the position of the piston (measured from the 

bottom of the cavity to the piston bottom) and column 2 presents the 

corresponding volume of the cavity. Column 3 presents the calculated values, 

which are calculated with equation (9). Column 4 presents the measured values. 

As noted, measured and calculated values deviate. Because equation (9) is noted 

to be reliable except for small deviations as presented in theory review, some 

parameter in calculation of this study has to be faulty. It is a known fact that 
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hydraulic cylinders are complicated to deaerate, even though bleeding screws 

would be used, as is done in this study. Figure 50 depicts a Helmholtz resonator 

which is not straight positioned which is an example of the trouble caused by air 

in hydraulics. Angle, δ, can be taken up because of manufacturing (accuracy of 

machining, thermoplastics), installation or maintaining. Entrained air rises in 

hydraulic oil and if the bleeding screw is underneath the highest position of the 

cylinder, an air pocket will be formed. The Helmholtz resonator used in this study 

was 1 m long. Thus, the possibility of the entrained air inside the cavity cannot be 

restricted out despite repetitive deaeration. Trouble caused by entrained air 

disturbs all low-pressure systems because in a low-pressure hydraulics air has 

relatively more space than in high pressure (>50 bar) as presented in the theory 

review. The possibility of entrained air could be minimized by raising pressure 

and flowing oil through the system. This action would demand over-dimensioned 

components in a low-pressure system, which is not desirable because of waste of 

material. In this study pressure sensors were used whose maximum pressure was 

7 bar which limited the highest pressure and as presented in theory review, the 

pressure should be raised above 50 bar to minimize the effect of air. Thus, air 

pockets have to be accepted and taken into account in a design. 

Fig. 50.  Possibility of entrained air in the hydraulic cylinder which is not in line. 

The results in Table 10 are divided into three categories according to pressure, 

which was varied during the measurements. The pressure affects the value of 

sound velocity and also the resonant frequency. The values of sound velocities at 

different pressures are presented in Table 7. The system becomes softer as the 

pressure decreases. This can be noticed in that the values of the results should 

decrease from left to right. The values are measured (and calculated) at each 

pressure with different cavity volumes and the measurements are repeated with 

three different neck lengths. And, as presented earlier, the volume of the cavity 

acts as a spring and the length of the neck acts as a mass in the spring-mass-
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system. This can be noticed in Table 10 in that as the volume of the cavity 

increases (column 2), the calculated and measured values decrease when Table 10 

is read from top to bottom. Respectively, all the values of the results should 

increase when the length of the neck is shortened, or as Table 10 is read from top 

to bottom. 

It should be noted that at low pressure the relative volume of air is larger than 

at higher pressure, and this makes the system softer. This can be noticed in the 

measured results in Table 10. Especially, if the pressure is 1 bar, the measured 

frequencies are so low that they can not be measured and/or read reliably. 

Table 10. Calculated and measured results of the adjustable Helmholtz resonator; 

1 piston position [m], 2 cavity volume [l], 3 classically calculated results [Hz], 

4 measured results [Hz], and 5 by the modified bulk modulus calculated results [Hz]. 

 Pressure 3 bar  Pressure 2 bar  Pressure 1 bar 

1 2 3 4 5 3 4 5 3 4 5 

Length of the neck 0.60m 

0.038 0.30 88 17 17  87 13 12  86 8 8 

0.088 0.69 58 11 11  57 8 8  – – – 

0.138 1.08 46 9 9  46 6 6  – – – 

0.188 1.48 39 8 8  39 5 5  – – – 

Length of the neck 0.49m 

0.038 0.30 97 21 24  96 17 20  95 12 15 

0.088 0.69 64 16 16  63 14 13  63 14 10 

0.138 1.08 51 11 13  – – –  – – – 

0.188 1.48 44 11 11  43 9 9  – – – 

0.238 1.87 39 9 10  – – –  38 4 6 

0.288 2.26 35 11 9  – – –  – – – 

0.338 2.66 32 10 8  – – –  – – – 

0.388 3.05 30 6 8  – – –  – – – 

Length of the neck 0.39 m 

0.038 0.30 109 32 31  108 27 28  107 20 21 

0.088 0.69 71 24 21  71 21 18  70 15 14 

0.138 1.08 57 17 16  57 14 15  56 13 11 

0.188 1.48 49 13 14  49 11 12  48 6 9 

0.238 1.87 – – –  38 11 11  43 8 8 

0.288 2.26 39 13 11  – – –  – – – 

0.338 2.66 36 10 11  – – –  – – – 

0.388 3.05 34 7 10  – – –  – – – 
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4.3.2 Effective bulk modulus 

Equation (9) was used to calculate the value of the resonant frequency of the 

Helmholtz resonator used in experiments, see column 3 in Table 10. The resonant 

frequency was also measured, see column 4 in Table 10. As noted, the values 

deviate, which means that a parameter or parameters of the calculation do not 

agree with an existing parameter or parameters. Earlier it was presented that 

hydraulic cylinders are difficult to deaerate and increased air content decreases 

the value of the effective bulk modulus. Because measured results are lower than 

calculated ones, the air content of the test equipment is supposed to be higher and 

system is softer than expected. The effect of density of fluid is omitted because 

the variation of density is insignificant if compared to the effect of air in 

hydraulics. Other parameters of calculations are dimensions which are measured 

by a measuring tape, which can be expected to be accurate values if compared 

with the defined value of bulk modulus. Thus, equation (9) is re-formulated to 

calculate the value of the effective bulk modulus of the system 

 Beff = 
n

cn
22

A

Vlf4π
ρ , (94) 

where ρ is density, f is frequency, ln is length of the neck of the resonator, Vc is 

volume of the cavity of the resonator and An is a cross-section area of the neck of 

the resonator. Since the effective bulk modulus is calculated by equation (94), the 

amount of air (Vair/Vtot) in the hydraulics of the test equipment can be estimated by 

the equation (Kauranne et al. 2004: 68). 
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where Bfluid is bulk modulus of fluid, Vc is volume of the cavity of the resonator, 

Vtot is total volume of the system, Vp is volume of the main pipe, Bp is bulk 

modulus of the main pipe, Vn is volume of the neck, Bn is bulk modulus of the 

neck, Vair is the volume of air and Bair is bulk modulus of air. If the system is 

expected to be adiabatic, the bulk modulus of air can be estimated by equation 

(Kauranne et al. 2004: 68) 

 Bair = 1.4 P, (96) 

where P is pressure. 
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Table 11 presents calculated bulk moduli and amount of air as a function of 

piston position (cavity volume) and pressure. Results are calculated by equations 

(94) and (95) wherein is used dimensions as follows: density ρ = 873.9 kg/m
3, 

measured frequency f is shown in the table (column 3), length of the neck ln is 

shown in the table, volume of the cavity Vc is shown in the table (column 2), 

cross section area of the neck An is (π*0.0032), effective bulk modulus B is 

calculated and shown in the table (column 4), bulk modulus of fluid, Bfluid, is 

shown in the table (this value was defined by sound velocity measurements), 

volume of the cavity, Vc, is the piston position (depicted in the table) multiplied 

by (π*0.0502), total volume Vtot is a sum of volumes of the cavity, neck and main 

pipe, all bulk moduli of metal components (Bcyl, Bp, Bneck) are presented in Table 

4, volume of the main pipe Vp is (3.5*π*0.0042), and volume of the neck Vneck is 

the length of the neck multiplied by (π*0.0032). 
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Table 11. Calculated and measured results of the adjustable Helmholtz resonator; 

1 piston position [m], 2 cavity volume [l], 3 measured resonant frequency [Hz], 4 

calculated effective bulk modulus (94) [MPa], and 5 calculated amount of air (95) 

[Vair/Vtot]. 

  Pressure 3 bar 

Bfluid = 1.67 GPa 

 Pressure 2 bar 

Bfluid = 1.66 GPa 

 Pressure 1 bar 

Bfluid = 1.62 GPa 

1 2 3 4 5 3 4 5 3 4 5 

Length of the neck 0.60m 

0.038 0.30 17 63.147 0.0064  13 36.927 0.0074  8 13.984 0.0099 

0.088 0.69 11 61.226 0.0066  8 32.384 0.0085  – – – 

0.138 1.08 9 64.274 0.0062  6 28.566 0.0096  – – – 

0.188 1.48 8 69.184 0.0058  5 27.025 0.0102  – – – 

 aver  64. 5 0.0062   31.2 0.0089   14.0 0.0099 

Length of the neck 0.49m 

0.038 0.30 21 78.693 0.0051  17 51.570 0.0052  12 25.696 0.0054 

0.088 0.69 16 105.788 0.0037  14 80.994 0.0033  14 80.994 0.0016 

0.138 1.08 11 78.411 0.0051  – – –  – – – 

0.188 1.48 11 106.821 0.0036  9 71.508 0.0037  – – – 

0.238 1.87 9 90.527 0.0043  – – –  4 17.882 0.0077 

0.288 2.26 11 163.641 0.0023  – – –  – – – 

0.338 2.66 10 158.720 0.0024  – – –  – – – 

0.388 3.05 6 65.592 0.0061  – – –  – – – 

 aver  106.0 0.0041   68.0 0.0041   41.5 0.0049 

Length of the neck 0.39 m 

0.038 0.30 32 145.434 0.0026  27 103.537 0.0025  20 56.810 0.0024 

0.088 0.69 24 189.447 0.0019  21 145.046 0.0017  15 74.003 0.0018 

0.138 1.08 17 149.060 0.0025  14 101.092 0.0026  13 87.166 0.0015 

0.188 1.48 13 118.749 0.0032  11 85.021 0.0031  6 25.296 0.0054 

0.238 1.87 – – –  11 107.633 0.0024  8 56.930 0.0024 

0.288 2.26 13 181.913 0.0020  – – –  – – – 

0.338 2.66 10 126.328 0.0030  – – –  – – – 

0.388 3.05 7 71.058 0.0056  – – –  – – – 

 aver  140.3 0.0030   108.5 0.0025   60.0 0.0027 

As noted, even 1% of the total volume of the hydraulics of the test equipment can 

be air. And it should be noted that results presented in Table 11 are estimated on 

the lower side because the fluid bulk modulus, which is assumed to be airless, 

might contain air. In the end of each section are presented average values of the 

effective bulk modulus and amount of air. The average values of the bulk 

modulus are substituted to equation (9) for recalculation whose results are 

presented in Table 10, column 5. Results of recalculations agree better with 
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measurement results than original calculations which are based on the value of 

bulk modulus of fluid (sound velocity measurements). The standard deviation of 

the definitions of amount of air varied from 0.03% to 0.13% in the sections of 

3 bar. Corresponding variations in 2 bar and 1 bar were from 0.05% to 0.12%, and 

from 0.16% to 0.31%, respectively. Thus, the amount of air was not varied 

arbitrarily. In addition, Table 11 shows the decreased amount of air when the 

length of the neck is shortened, which means that the air pocket in the cavity is 

not the only explanation for the lower bulk modulus, but air is distributed to the 

whole system, and as Larock et al. (2000) have noted, the reliable evaluation of 

the distribution and pervasiveness of the air in the hydraulic system is difficult. 

4.3.3 Conclusion of the resonant frequencies measurements 

Measured results of resonant frequencies of the Helmholtz resonator deviated 

from the calculated results if the value of sonic bulk modulus of fluid were used 

in calculations. Thus, it was assumed that the system contains air whose amount 

was estimated. The amount of air, even 1% of the total volume of the system, 

came as a surprise because of the bleeding screw of the cavity and pressure 

sensors. The amount of air was taken into consideration and the effective bulk 

modulus of the system was calculated. The resonant frequencies, which were 

calculated with the effective bulk modulus, agreed with the measured resonant 

frequencies. 

The amount of air seemed to vary during measurements as presented in Table 

11 wherein the amount of air varies with piston position and pressure. Because 

the amount of air in a low-pressure system can vary during operation, the 

adjustability of the damper is needed to assure damping at a certain frequency. 

This chapter also pointed out, that the Helmholtz resonator has to be calibrated for 

the low-pressure hydraulic system case-specifically because the amount of air in 

the system with the Helmholtz resonator cannot be assured beforehand, albeit an 

estimation can be calculated. 

The possibilities of mechanical vibrations were checked by acceleration 

sensors because a shaker was used. Otherwise, accuracy was assured by noting 

the basic rules of measurement, such as the Nyqvist-Shannon sampling theorem 

and reliable measurement equipment. In a low-pressure hydraulic system such as 

the test equipment used, the amount of air can not be stabilized, so it causes 

dispersion of the results. 
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4.4 Helmholtz resonator as an ADVA 

The adjustability of the Helmholtz resonator in the test equipment was presented 

in the previous chapter. In this chapter two control methods are presented: open 

loop and closed loop, to adjust the volume of the cavity automatically so that the 

pulsating pressure at the excitation frequency would be attenuated all the time, 

albeit the frequency would vary. The principles of the control methods are 

presented in block diagrams, see Figure 51. 
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Fig. 51. Block diagrams of the open loop and closed loop controls, respectively. 
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The open loop control identifies the disturbance frequency and then checks the 

corresponding piston position from the beforehand stored list which includes 

resonant frequencies of the Helmholtz resonator in different piston positions. The 

closed loop control moves the piston through the whole adjusting range and 

observes the peak-to-peak values in the left pressure transducer. After the flow-

through the piston returns to the position wherein the smallest peak-to-peak value 

was observed and stays therein until the peak-to-peak value exceeds the adjusted 

limit. Kostek & Franchek (2000) have used a similar method in acoustics. 

Peak-to-peak value (p-p value) of the pressure pulsations was chosen to 

describe the stability of the system because it is illustrative – the smaller p-p value 

the more stabile system. However, the greatest advantage of the p-p value in the 

control is its sensitivity for the variations of the system because the p-p value 

reacts if pressure, temperature or properties of oil vary. Thus, the control can lean 

to the p-p value. For example the closed loop control used in this research holds 

the piston position until the p-p value exceeds the appointed limit. Besides, 

positive changes can be encountered in the system so that the system stabilizes 

more, in which case the p-p value becomes smaller, albeit the piston holds the 

current position. In that case re-adjusting would waste time and energy. 

Demands of the hydraulics have to be remembered when control methods are 

planned for the hydraulics. For example, the speed of the piston of the resonator 

causes pressure variations in the system. Thus, the pace of the piston movements 

is limited to avoid destructive pressure variations. 

4.4.1 Analytical models of control methods 

Recently presented control methods are simulated before experiments, so that 

their functionality can be guaranteed. Both methods are adapted on the two 

degrees-of-freedom spring-mass model so that the spring constant of the second 

mass in controlled. Parameters of the used spring-mass model are adapted to be 

suitable for hydraulics. In Figure 13 a primary system (main pipe) is presented 

with an un-damped vibration absorber (Helmholtz resonator) which is a basis for 

analytical modeling of the study when the mass and stiffness of the vibration 

absorber are controlled. The equation of motion of the primary system is 

 X(t) = 
222

2

k)MkK)(mk(

)mk(F

−ω−+ω−
ω−

sin(ωt), (97) 
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and the corresponding equation of motion of the dynamic vibration absorber is 

 x(t) = 
222 k)MkK)(mk(

Fk

−ω−+ω−
sin(ωt), (98) 

where t is time, F is force, k and m are spring constant and mass of the DVA, 

respectively, and K and M are spring constant and mass of the primary system, 

correspondingly, and ω is angular velocity (Beards 1995: 105). Thus, in the used 

hydraulic test equipment K is the stiffness of the hydraulic oil in the main pipe 

and hoses, M is the mass of hydraulic oil in the main pipe and hoses, k is the 

stiffness of hydraulic oil in the cavity of the resonator and m is the mass of the 

hydraulic oil in the neck of the resonator. Equation of motions, equations (97) and 

(98), describe pressure variations in the main pipe, P(t), and in the Helmholtz 

resonator, p(t), as a function of time. 

In experiments a pressure of 3 bar is used, so that the bulk modulus of the 

fluid in the main pipe is 1.67 GPa and the natural frequency of the main pipe is 

23 Hz, which agrees with the measured result presented in Figure 60 (dashed 

line). 

The resonant frequency of the Helmholtz resonator varies between 15 and 

36 Hz if the length of the cavity varies between 0.043 and 0.243 m. The result is 

calculated by equation (9) where the effective bulk modulus of fluid in the 

resonator is estimated to be 140 MPa as presented earlier. 

The control list is developed for the open loop control so that to the list is 

attached 42 different resonant frequencies of the Helmholtz resonator and 

corresponding piston positions. The list is the base of the open loop control 

because the open loop control identifies the disturbing frequency and compares 

the identified value with the values of resonant frequencies mentioned in the list. 

After a corresponding value is found the piston is moved to the correct position 

wherein it is held until the disturbing frequency is changed. If the identified 

disturbing frequency is not mentioned in the list, the program interpolates the 

value from the values mentioned in the list before it controls the piston to the 

correct position. If the identified excitation frequency is out of the list (above or 

below) the piston is moved to the corresponding limit position. 

In this study analytical models are solved by DasyLab v 8.00.04 which is 

primarily developed for measurements. However, it was noted to be able to solve 

the analytical models of controls used in this study, albeit some limitations were 

noted. Naturally, when the official prototype of control will be done, some other 

programming language should be used to guarantee reliable and fast control. 
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Figures 52…54 present results of an analytically calculated test drive of the 

open loop control in a time-domain. Figure 52 depicts the disturbing frequency 

(Y-axis), Figure 53 depicts the corresponding piston position (Y-axis), which is 

checked from the before-completed list and Figure 54 depicts the corresponding 

p-p value of the primary system (Y-axis). The primary system means the pressure 

in the main pipe of the test equipment. 

 

Fig. 52. Analytically calculated test drive of the open loop control of the test 

equipment: disturbing frequencies. 
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Fig. 53. Analytically calculated test drive of the open loop control of the test 

equipment: piston positions. 

 

Fig. 54. Analytically calculated test drive of the open loop control of the test 

equipment: p-p -values of the primary system (main pipe). 

As presented in Figures 52…54, the open loop control maintains the p-p value 

near to zero in tuned conditions. Of course, because the model does not include 

any damping, the response of the primary system should be zero in tuned 

conditions, but in this case this will not be reached. The reason is that the 
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controlling list is created from the analytically calculated results wherein piston 

position is fitted to the equation and the corresponding frequency is calculated. 

However, in the used model the disturbing frequency is identified from the time-

domain by doing FFT at first and the identified value is compared with values of 

the list. Thus, the accuracy of FFT affects the results. The used measurement 

frequency of 500 Hz and block size of 1024 bits do not make sufficient accuracy 

possible. For example, if the exact disturbing frequency is 15 Hz, the control 

program sees after FFT the value of 15.14 Hz. This error may sound trivial, but in 

the list the corresponding piston positions are 243 mm and 239 mm and 

corresponding resonant frequencies are 15.02 Hz and 15.14 Hz. Thus, it is 

understandable that the zero level is not reached. This problem is emphasized at 

the low frequency range, as seen in Figure 54 wherein the p-p value differs from 

the zero most with low disturbing frequencies. The problem could be avoided by 

raising the block size, but then the controlling would be delayed even more. 

Another way could be to include the error caused by the FFT on the control list 

beforehand, but then the control list would correspond exactly only with a control 

unit with the same measurement frequency and block size. For example, on the 

control list the piston position for an excitation frequency of 18.5 Hz is 0.160 m, 

but on the “modified” list the piston position for the excitation frequency of 

18.5 Hz should be 0.159 m, because the program sees the frequency of 18.55 Hz 

after FFT. The piston position of 0.159 m corresponds to a frequency of 18.57 Hz 

on the original list. Naturally, the best mean would be organizing the frequency 

identifying without FFT from the time-domain. 

Figures 55…57 present a corresponding analytically calculated test drive as 

in Figures 52…54, but the closed loop control is used. As noted from the results 

of Figures 55…57, at first the piston is moved through the adjusting range and at 

the same time the p-p values of the primary system are observed. After the piston 

has reached the limit of the adjustment range, it is returned to the position 

wherein the minimal p-p value was measured. This position is maintained until 

the p-p value exceeds a certain limit. Now, the exceeding is caused by changing 

disturbing frequency which influences the p-p value. After exceeding the limit 

value, the piston is returned to the starting point and a new tuning loop is started 

automatically. As noted from the results of analytical models, the closed loop 

control reaches more stable conditions, because FFT is not used. In fact, the block 

size is only 32 bits to guarantee faster control. 
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Fig. 55. Analytically calculated test drive of the closed loop control of the test 

equipment: disturbing frequencies. 

 

Fig. 56. Analytically calculated test drive of the closed loop control of the test 

equipment: piston positions. 



 129

Fig. 57. Analytically calculated test drive of the closed loop control of the test 

equipment: p-p values of the primary system (main pipe). 

4.4.2 Experiments of control methods 

The main target of the study, results of the experiments of the adaptive Helmholtz 

resonator in a hydraulic system, is presented in this chapter. The Helmholtz 

resonator changes its properties automatically so that its resonant frequency 

corresponds with the excitation frequency all the time and the outlet pressure 

remains stable, albeit the excitation frequency of the inlet pressure varies. The 

controlled property is the cavity volume which is changed by moving the piston 

inside the cavity so that the volume of the cavity increases or decreases. The 

volume of the cavity corresponds with the spring constant in the mechanical 

ADVA. 

The final version of the adaptive Helmholtz resonator and the hydraulic 

cylinder used to adjust the piston position inside the resonator are presented in 

Figure 58. The white cylinder was connected to the other hydraulic circuit whose 

oil was pumped by a hydraulic machine unit whose maximum pressure was over 

150 bar. Note that, albeit the length of the Helmholtz resonator was 0.998 m, the 

maximal adjusting range was 0.2 m, from position 0.043 m to the position of 

0.243 m if measured from the bottom of the resonator. The safety margin of 

0.005 m was used in both ends of the white cylinder. 

The used maximum pressure in the main pipe and in the resonator during 

experiments was 3 bar. The temperature of the surroundings varied between 18 °C 
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and 20 °C during measurements and the temperature of the oil varied between 

20 °C and 29 °C. The measurement system consisted of a Kyowa PG-10KU 

pressure transducer, two Kyowa PG-20KU pressure transducers, a Kyowa Strain 

Amplifier DPM-6H (for the Kyowa pressure transducers), a National Instruments 

SCB-68 MIO-16E Series DAQ card, Intel Pentium 4 CPU 2.4 GHz computer 

with Microsoft Windows XP, DasyLab v.8.00.04 and DasyLab v.9.00.02 

measurement software and Measurement&Automation Explorer 

v.4.5.0F0-program, Thermocouple PT100 TD-TV/PT1A temperature sensor, 

Digitron thermometer (max 850 °C), Dana Exact generator, 8500+ Instron control 

unit for the hydraulic machine unit and Kemo filter between DAQ card output 

and the Instron control unit. The measurement frequency was 500 Hz and the 

block size was either 1024 bits or 32 bits depending on the control method – open 

loop control uses FFT which demands bigger block size for accuracy. 

 

Fig. 58. Helmholtz resonator and the hydraulic cylinder used to adjust the piston 

position inside the resonator. 

The fluid used in the test equipment was a commercial mineral oil-based 

hydraulic oil (Oil_2) whose bulk modulus was estimated to be 140 MPa. The 

estimation of the bulk modulus based on the results of measurements and 

calculations is presented in a previous chapter. The oil was changed after bulk 

modulus definitions, to pursue a narrower attenuated frequency range so that the 

efficiency of the Helmholtz resonator would be emphasized. The oil change and 

the used estimation do not disturb experiments, because the open loop control 

demands calibration measurements – the accurate open loop control cannot be 

based on calculations as presented earlier – and the closed loop control is used in 

the same frequency range as the open loop control is used. 
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Figure 59 presents an example of measured excitation frequencies (X-axis) 

and corresponding p-p values (Y-axis) in the left pressure transducer, see P2 in 

Figure 43, when the Helmholtz resonator is restricted from the main pipe. A 

similar measurement was repeated after control experiments to verify the 

efficiency of the Helmholtz resonator. 

 

Fig. 59. An example of measured p-p values as a function of excitation frequencies in 

the end of the main pipe, when the Helmholtz resonator is not in the system. 

The maximum attenuation of pulsating pressure in the pressure transducer P2 and 

corresponding frequencies and piston positions were defined for the control list of 

the open loop control. The maximum attenuation frequency was searched in 11 

different piston positions at intervals of 0.02 m and the controlling program 

iterates the intermediate points if necessary. The definitions of the list 

(calibration) were done so that the piston was moved to a certain position wherein 

two excitation frequency ramps were driven. The first from 5 Hz to 50 Hz and 

another from 50 Hz to 5 Hz and the frequency of maximum attenuation were 

checked from the results. Figures 60 and 61 depict examples of measured 

responses in one piston position. Figure 60 presents TFE (Y-axis) as a function of 

frequency (X-axis) and Figure 61 presents phase difference (Y-axis) as a function 

of frequency (X-axis). The resonant frequency of the presented piston position is 

35 Hz. 

The control list was constructed from the result, so that the minimum 

response of TFE between pressure sensors in the beginning and in the end of the 
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main pipe was reached, because the open loop control has to be calibrated before 

implementation. The calibration cannot be based on calculations because in real 

systems unknown variables exist, such as amount of air, and therefore the 

calibration, which works in one system, does not work in another system. 

Discrepancies between measurements and calculations are researched and 

explained previously in the chapters, so that only the performance of control 

methods of the adaptive Helmholtz resonator are presented in this chapter and the 

discrepancies between measurements and calculations are neglected. 

 

Fig. 60. An example (TFE) of the results measured to construct the open loop control 

list. 
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Fig. 61. An example (phase difference) of the results measured to construct the open 

loop control list. 

The open loop control uses the first pressure transducer in the main pipe, P1 in 

Figure 43, to identify the disturbing frequency after FFT is done at first. The 

identified disturbing frequency is compared with the frequencies presented in the 

control list so that optimal piston position is found. After the piston is in the 

correct position, the maximum attenuation of pressure variations in pressure 

transducer P2 is reached. Figures 62…64 present examples of the test drive of the 

open loop control. The control program has identified the disturbance frequency 

and adjusted the piston to the correct position, wherein the p-p value of pressure 

has attenuated, compared with the result depicted in Figure 59, wherein p-p 

values of pressure are presented if the resonator is omitted from the system. The 

piston movement causes pressure variations in the system and the measured p-p 

values of pressure fluctuate during piston movement and stability is not reached 

before the piston has stopped. Note that data recording is paused at the time of 

215 s (the sharp descent in the piston position picture) to save disk space because 

during piston movement any significant information is not reached. 
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Fig. 62. Measured excitation frequency of the open loop control test drive. Note that 

data recording is paused at the time of 215 s. 

 

Fig. 63. Measured piston position of the open loop control test drive, excitation 

frequency. Note that data recording is paused at the time of 215 s. 
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Fig. 64. Measured p-p value of the open loop control test drive. Note that data 

recording is paused at the time of 215 s. 

As noted from the results of Figures 62…64, the adjusting frequency range is less 

than expected (24 Hz). Measurements deviated from the theory more when the 

system warmed up away from the planned temperature, as seen in Table 12, 

where results of three different open loop control test drives are presented. The 

temperature rose between test drives and it is noted in results too, because as the 

temperature varies, the resonant frequency of the Helmholtz resonator will vary 

too. This means that the maximum attenuation is reached in the different piston 

position, if the excitation frequency remains as constant – in other words, the 

value presented in the control list will not work anymore and the maximum 

attenuation decreases as the temperature of fluid during measurement increases, 

as presented in Table 12. Temperature of the hydraulic oil varied between 20 and 

22 °C during the time, when the values of the control list were defined. 
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Table 12. Measured maximum attenuations of the open loop control. 

Temperature 

 

[°C] 

Disturbing 

frequency  

[Hz] 

Piston 

position  

[mm] 

p-p value 

with resonator 

[bar] 

p-p value 

without resonator 

[bar] 

Attenuation 

 

dB 

20…21 35.6 134 0.12 1.20 −20 

 38.0 44 0.16 1.52 −20 

 34.2 190 0.12 1.07 −19 

21.5…22.5 36.6 100 0.15 1.33 −19 

 35.2 154 0.14 1.17 −18 

 37.1 81 0.17 1.39 −18 

23…24 35.2 154 0.16 1.17 −17 

 31.7 239 0.16 0.91 −15 

 38.6 42 0.23 1.54 −17 

Figures 65…67 present measured results of the test drive of the closed loop 

control. The piston was moved 0.015 m (note, the safety margins (0.005 m) at 

both ends of the cavity) or 0.020 m and then the movement was paused for a 

while to check the corresponding p-p value from the pressure transducer P2. This 

procedure was repeated so that the whole adjusting range was checked and then 

the piston was returned to the position wherein the minimal p-p value was 

reached. This position was kept until the p-p value of pressure exceeded 

0.175 bar. In the test equipment the p-p value was controlled by the excitation 

frequency. 

Results depicted in Figures 65…67 include two frequencies, 31.7 Hz and 

33.2 Hz, which are outside of the adjustment range. The exteriority can be noted 

from the measured p-p values which decrease rapidly with piston movement, not 

as gently as they do when the disturbance frequency is inside of the adjusting 

range. If the disturbing frequency is outside of the adjusting range, the control 

program tries to find the minimum position again and again. In experiments the 

disturbing frequency was varied until the system returned inside the adjustment 

range. Temperature variation and its effect during measurements were also noted 

during closed loop experiments. Figure 67 presents that in the beginning of 

experiments the smallest p-p value for the frequency of 36 Hz was found in the 

piston position of 0.161 m and in the end of test drive the smallest p-p value for 

the frequency of 35.6 Hz was found in the piston position of 0.221 m. 
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Fig. 65. Measured example (excitation frequency) of the test drive when the closed 

loop control was used. Note that frequencies 31.5 Hz and 33 Hz were outside of the 

adjusting range. 

 

Fig. 66. Measured example (piston position) of the test drive when the closed loop 

control was used. Note that the 4th and 5th loop were outside of the adjusting range. 



 138

Fig. 67. Measured example (p-p value) of the test drive when the closed loop control 

was used. Note that the minimal p-p value was not found between 900 s and 1680 s. 

Table 13 presents maximum attenuations in the pressure transducer P2 if the 

closed loop control is used. As noted from the results, the adjusting range varied 

as oil temperature varied. However, the closed loop control maintained −20 dB 

attenuation of pulsating pressure if the excitation frequency was inside the 

adjusting range. The adjusting range varied between measurements. 

Table 13. Measured maximum attenuations of the closed loop control. 

Temperature 

 

[°C] 

Disturbing 

frequency  

[Hz] 

Piston 

position  

[mm] 

p-p value 

with resonator 

[bar] 

p-p value 

without resonator 

[bar] 

Attenuation 

 

dB 

26…29 38.0 125 0.17 1.64 −19 

 35.6 161 0.15 1.38 −19 

 39.0 116 0.17 1.72 −20 

 36.1 221 0.15 1.44 −20 

21…23 37.6 166 0.16 1.56 −20 

 36.6 182 0.16 1.51 −19 

 41.0 134 0.18 1.77 −20 

24…25 44.4 110 0.19 1.64 −19 

 46.4 90 0.19 1.53 −20 
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4.4.3 Conclusion of experiments of controls of the adaptive 
Helmholtz resonator 

The main target of the study was reached and the p-p value of the pulsating 

pressure was attained 20 dB by the adaptive Helmholtz resonator if compared 

with the measured p-p values of the main pipe without the Helmholtz resonator. 

The measured attenuation, 20 dB, is similar to the results of other studies of 

ADVAs or Helmholtz resonators. For example, de Bedout et al. (1997) have 

reduced pressure level 30 dB in an acoustic system by using a controlled tunable 

resonator, Singh et al. (2006) measured 18 dB attenuation in net acoustic power 

transmission in the duct downstream from the Helmholtz resonator, and Franchek 

et al. (1995:575, 581, 584) measured 24 dB(A) maximum reduction in vibration 

of four-degree-of-freedom test equipment with an adaptive absorber and during 

the entire test time a 17.2 dB(A) reduction was measured. Their damper consisted 

of the mass and the helical spring, whose number of active coils was changeable. 

The presented open loop control is fast and reliable as long as the system or 

environment remains constant so that properties, like pressure or temperature, do 

not vary from the state of calibration. Variations of the system or environment can 

be taken into account by doing different control lists for different conditions, but 

it should be remembered that the DVA can act as an amplifier if it is untuned. The 

chosen open loop control would be workable in the mill conditions wherein 

properties of system and surroundings are stable during manufacturing. 

The presented closed loop control is slow but reliable as long as the 

disturbing frequency is inside of the adjusting range of the Helmholtz resonator. 

The closed loop control independently finds, without any controlling list, the 

optimal piston position to attenuate the p-p value of pulsating pressure. The 

presented control also notes variations of the system or surrounding so that re-

adjusting can be done. Attempting to avoid slowness of the presented control 

could be tried by helping the control, for example by the phase difference-based 

direction control, so that the piston could be moved in an optimal direction 

without moving through the whole adjusting range. However, as noted in 

experiments, it would not be beneficial to the performance of the hydraulic 

system, if the properties of the resonator would change all the time because every 

time the volume of the cavity is varied, differences to the pressure level are 

caused. Thus, the changes of the system would be difficult to identify rapidly. The 

adjusting of the PID-control parameters was avoided by using the presented 

method. Albeit some theories to adjust the parameters of PID-controls are 
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presented, the adjusting always takes time. Controls were programmed by a 

measurement program and for a prototype some other programming language 

should be chosen. 

The peak-to-peak value was chosen in this study to represent the condition of 

system and surrounding, because it is affected by several factors of the system 

and surrounding. Thus, this kind of control is suitable for various applications, 

even in outdoor locations wherein conditions might vary. However, system 

properties have to be inside the adjusting range all the time. 

The usability of the Helmholtz resonator could be increased if the electrically 

controlled valve between the main pipe and Helmholtz resonator could be 

installed. This feature would widen the targets wherein Helmholtz resonators 

could be applied. The possibility of disconnecting or connecting a resonator to the 

hydraulic system would be a useful function because the addition of a resonator to 

a hydraulic system increases the volume of the hydraulic system. Increased 

volume means increased mass which is not always a desirable feature. Thus, the 

easy connectivity of the resonator would be a good feature, especially if the 

emptying of the Helmholtz resonator could be implemented. 

To guarantee accuracy, the response without the Helmholtz resonator should 

be measured in the vicinity of the response with the Helmholtz resonator because 

of hysteresis of the fluid. Thus, the efficiency of the Helmholtz resonator can be 

verified reliably. 



 141

5 Conclusions 

Attenuation of harmonic pressure pulsations in a low-pressure hydraulic system 

by an adaptive Helmholtz resonator was the main target of the study and the 

target was reached and 20 dB attenuation was maintained by the open loop and 

closed loop controls if compared with the system without a Helmholtz resonator. 

The pulsating pressure and its frequency were identified by the pressure sensor 

before applying a Helmholtz resonator and the effectiveness of the attenuation 

was assured by the pressure sensor after the Helmholtz resonator was applied. 

The resonant frequency of the Helmholtz resonator was varied by changing the 

volume of the cavity of the Helmholtz resonator by controlling the piston position 

inside the cavity. Thus, the resonant frequency of the Helmholtz resonator was 

maintained same as was the pulsating frequency. 

Sound velocity in a low-pressure hydraulic system was measured by impact 

method to define the bulk modulus of fluid. The average value of 1400 m/s was 

measured. The result agrees with results of similar studies albeit the used method 

reacted not as sensitively as the ultrasound methods due to the effect of pressure 

changes. The value of the bulk modulus of fluid and resonant frequency 

measurements were used to define the effective bulk modulus of the test 

equipment and the air content of the hydraulics. Thus, the study increased the 

knowledge of the dynamic behavior of a low-pressure hydraulic system including 

among other things the bulk modulus definition, effect of entrained air and effect 

of a damper such as a Helmholtz resonator. 

Different kinds of dynamic vibration absorbers were presented in the theory 

review, but a Helmholtz resonator in hydraulics was chosen as a damper because 

it acts like a dynamic vibration absorber (DVA) acts in mechanics. The Helmholtz 

resonator has been studied and successfully used in acoustics, wherein it is noted 

to be an efficient damper in its narrow frequency range. However, the Helmholtz 

resonator is not familiar in hydraulics, albeit a comprehensive theory book on the 

field exists. Studies of the Helmholtz resonators in hydraulic systems were found, 

but without adaptivity. Thus, a lack of corresponding studies was a difficulty and 

the comparison with other studies was difficult. A comparison of results of 

experiments would have been useful and may have given confirmation to the 

conclusions or different explanations for some discrepancies between 

measurements and theory review. 

Helmholtz resonators and adaptive Helmholtz resonators are familiar in 

acoustics wherein they are used to attenuate noise. Discordant notes have been 
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presented in previous studies of Helmholtz resonators in acoustics and most of the 

observations cover the discrepancies between measurements and modeling. 

However, the discrepancies of earlier studies have been small, which is believable 

because those studies are done in acoustics wherein air is the main fluid. Instead, 

this study was done in hydraulics wherein the fluid is oil, but it can contain some 

air in which case the properties of fluid do not agree with theory. Thus, the 

discrepancies between measurements and theory review were notable in this 

study. The most effective reason for the differences between measurements and 

theory review were noted to be the air content of the system. Air content makes 

hydraulic systems softer than expected because it decreases the value of effective 

bulk modulus of the system. In the literature the presented value of the bulk 

modulus of fluid, 1.5 GPa, is suitable for airless systems. In this study the value 

for the fluid bulk modulus was measured to be 1.67 GPa, but after the Helmholtz 

resonator was added to the system, the system was noted to be softer. It was 

measured and calculated that the system contained air from 0.3 to 1% of the total 

volume, which decreased the value of effective bulk modulus to 140 MPa. The 

amount of air has to be taken into consideration always, but especially if the 

pressure of system is less than 10 bar. Albeit air was removed from the hydraulics 

of the test equipment through the bleeder screws in the pressure transducers and 

the bleeder screw in the resonator the effect of air was noted. Thus, the system 

contained air bubbles or even air pockets, because hydraulic cylinders, such as 

Helmholtz resonators, are difficult to de-aerate, especially if the pressure cannot 

be raised high. The air content also caused hysteresis so that the stiffness of the 

system varied during experiments and the initial stage of the stiffness was reached 

again only by changing oil. As presented in the theory review, the effect of air can 

be removed by raising the pressure. Thus, the results of low-pressure hydraulics 

are also applicable in high pressure after the effect of air is removed or decreased, 

because the effect of the bulk modulus on the stiffness of hydraulics is stronger 

than the effect of other parameters, such as viscosity or density. High pressure 

requires adequately dimensioned components so that elongations can be 

prevented. 

The most important conclusions of the study are summarized as: 

– Adjustable and adaptive Helmholtz resonators are not familiar in hydraulics. 

– An adaptive Helmholtz resonator maintained 20 dB attenuation of the p-p 

value of pulsating pressure. 
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– An adaptive Helmholtz resonator can be controlled by an open loop control 

so that the correct cavity volume for each excitation frequency is defined 

beforehand, or by a closed loop control that measures the p-p value of the 

pulsating pressure. 

– Air decreases the stiffness of the hydraulics in low-pressure hydraulics, 

especially if the construction is curved. 

5.1 Future work 

In this study, the sound velocity was measured separately before controls were 

executed. Thus, the controls were only based on the p-p value of pulsating 

pressure which was the only contact of the controls to the properties of the 

system, such as temperature. In the next phase, the real-time sound velocity 

measurement should be developed so that it could be added to the control. After 

that, a real-time control can be developed and the control can directly react to 

system changes, such as change of temperature, change of fluid density and 

change of pressure. 

This study was done in a low-pressure system wherein air affects the stiffness 

of the hydraulics. Although in the theory review it was pointed out that in higher 

pressure (> 50 bar) the effect of air diminishes and the stiffness of the hydraulics 

is more stabile, the experiments should be done in high pressure. The 

performance of the construction and sealing should also be verified in high 

pressure. 

The effect of viscosity was minimized by selecting low-viscosity oil to 

narrow the frequency range wherein the Helmholtz resonator damps pulsating 

pressure. The low-viscosity oil was justified because of the target of the study, yet 

the effect of viscosity should be studied more, and in a drastic case lubricating 

greases could be used instead of hydraulic oil because lubricating systems might 

also contain vibration problems and lubricating systems operate in low pressure. 

However, increased inertial damping might change the DVA to operate as a 

damper so that it attenuates vibrations over a wide frequency range without 

maximum damping, such as at the resonant frequency of the DVA. A damper will 

also generate heat. 
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