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Abstract
The tuned mass damper (TMD) is a well-known and approved concept for resonance vibration
control. However, as a fully passive device, the traditional TMD has a limited operating band and
rather poor robustness against parameter variations. To overcome these weaknesses, a semi-active
control can be applied to TMD. As a result, a more effective and flexible device can be attained.
In theory, the application of the semi-active scheme is straightforward and the gain in performance
is considerable. In practice, however, the non-idealities associated with actuators and control
systems degrade the performance.

In this thesis, the dynamic behaviour of a semi-active TMD with groundhook control was
studied both numerically and experimentally. The semi-active scheme studied is based on
groundhook control and a dry-friction damper is used as an actuator in rapid damping modulation.
The performance of the semi-active TMD was evaluated in terms of two performance indices
which are calculated from the normalised displacement response in the frequency domain. Also,
parametric studies were conducted to find out how the different parameters influence the system
performance. It is shown that the non-idealities in the semi-active damper have a significant
influence on the performance of a groundhook controlled semi-active TMD.

On the basis of simulations, a new parameterised semi-active control method was developed.
The method is treated as a generalised groundhook control, and it involves a parameter through
which the dynamic behaviour of a semi-active TMD can be affected both online and offline. The
new method does not require an actuator model. The method developed opens the way for
effective use of a non-ideal semi-active actuator, thus ensuring the good performance of the semi-
active TMD. Also, the semi-active TMD’s sensitivity for certain parameter variation decreases
considerably.

Keywords: groundhook control, semi-active, tuned mass dampers
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Symbols and abbreviations 

1-DOF Single-degree-of-freedom 

2-DOF Two-degree-of-freedom 

CDFD Controllable dry-friction damper 

DaVBG Displacement and velocity based groundhook 

DBG Displacement based groundhook 

DFT Discrete Fourier transform 

DMA Direct memory access 

FIFO First in, first out 

FPGA Field programmable gate array 

FRM Frequency response magnitude 

I/O Input/Output 

MDOF Multiple-degree-of-freedom 

PAC Programmable automation controller 

PLC Programmable logic controller 

PWM Pulse width modulation 

SATMD Semi-active tuned mass damper 

SMA Shape memory alloy 

THD Total harmonic distortion 

TMD Tuned mass damper 

VBG Velocity based groundhook 

 

Symbols 

 

α Angle 

β Tuning ratio 

λ Control algorithm’s characteristic matrix 

μ Mass ratio 

σ0 Bristle stiffness 

σ1 Bristle damping 

ζ Damping ratio 

ζa Auxiliary system damping ratio 

ζaopt Auxiliary system optimal damping ratio 

φ Phase angle 

φr1 Phase angle at r = 1 

ω Angular frequency 
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ωa Auxiliary system natural frequency 

ωL Lower bound of frequency band 

ωn Undamped natural frequency 

ωp Primary system natural frequency 

ωU Upper bound of frequency band 

A System matrix 

B0 Real constant 

B1 Real constant 

c Damping coefficient 

ca Auxiliary system damping coefficient 

camin Minimum of auxiliary system damping coefficient 

camax Maximum of auxiliary system damping coefficient 

csa Semi-active damping coefficient 

e Napierian number  

F0 Force amplitude 

FC Coulomb friction force 

Ffr Friction force 

FS Static friction force 

FV Viscous friction coefficient 

fex Excitation force 

fs Static friction proportionality factor 

j Complex unit 

k Stiffness coefficient 

ka Auxiliary system stiffness coefficient 

L Damper characteristic matrix 

m Mass 

ma Auxiliary system mass 

Nadj Adjustable normal force 

P Positive semi-definite weighting matrix 

Ptf Positive semi-definite weighting matrix 

Q Symmetric and positive semi-definite matrix 

r Frequency ratio (normalised frequency) 

rf Control force weighting coefficient 

S Weighting matrix 

T Transformation vector 

tf  Final time of control interval 

uact Active control force 
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umax Maximum control force 

usa Semi-active control force 

usar Required semi-active control force 

uVBG Control force calculated according to VBG algorithm 

v Velocity 

V Lyapunov function 

vda Velocity of adjustable damper 

vs  Stribeck velocity 

w Weighting coefficient 

wD Displacement weighting coefficient 

wV Velocity weighting coefficient 

X Complex displacement 

Xa Complex auxiliary system displacement 

x Displacement 

xa Auxiliary system displacement 

x State vector 

x  Velocity 

x  Acceleration 

z Bristle deflection 

zss Bristle steady state deflection 

 

Subscripts 

a auxiliary 

act active 

adj adjustable 

alg algorithm 

amax auxiliary system maximum 

amin auxiliary system minimum 

bb bang-bang 

C Coulomb 

D Displacement 

da damper 

ex excitation 

f final 

max maximum 

opt optimal 

p primary 
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r required 

r1 value at r = 1 

s static 

sa semi-active 

ss steady-state 

t time 

tf final time of control interval 

V velocity 
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1 Introduction 

1.1 Overview 

Excessive vibration has been a common problem throughout engineering history. 

Vibration makes the fatigue life of structures shorter and induces uncomfortable 

noise. High speed industrial machinery, like paper machines, suffers from vibra-

tion-induced product quality reduction. Furthermore, a low frequency vibration 

may cause motion sickness and dizziness (Mansfield 2004) as well as discomfort 

(Setareh et al. 2006).  

Complex steel structures are typically rather lightly damped. Such structures 

are prone to resonant vibration problems. The more complex the structure is, the 

more expensive it is to improve after commissioning. The most effective way to 

reduce unwanted vibration is to suppress the source of vibration. However, this is 

seldom possible for practical reasons. The source of vibration is typically associ-

ated with the machine’s primary function, for example the rotating imbalances in 

a running engine. Moreover, the vibration may be induced by natural sources like 

winds or earthquakes.  

Often the most effective and economic way to reduce vibration is to apply an 

additional dynamic system at a discrete point of the existing structure to change 

the system dynamics in a desired way. Tuned mass dampers (TMDs) fall into this 

category of devices. They are basically simple mass-spring-damper systems at-

tached to a selected point of the vibrating structure. TMDs are often exploited on 

machines running at a constant speed, but they are also used in transient vibration 

control (Abe & Igusa 1996, Walsh & Lamancusa 1992), wind-induced vibration 

control (Gu et al. 2002, Nagarajaiah & Varadarajan 2004, Ricciardelli et al. 2003, 

Wang et al. 2005) as well as sound radiation control (de Bedout et al.1997, 

Carneal et al. 2004). An essential characteristic is that the TMD is effective only 

over a narrow frequency band. The effective band can be selected by design pa-

rameters, and it is typically designed to match with a problematic vibration mode. 

1.2 The research problem 

A passive TMD is highly effective only over a narrow frequency band. The dy-

namics of the TMD are such that a variation in system parameters may bring the 

TMD into an unsatisfactory operating range. It is possible that an improperly 
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designed, faulty or worn TMD can raise the vibration level of the primary struc-

ture. In practice, this problem limits the use of a TMD. A fully passive TMD also 

requires regular service and condition monitoring as the critical components are 

continuously under severe vibration conditions and thereby subject to parameter 

variations. 

Over the past decades, modern control techniques have been applied to vari-

ous TMD structures to improve the usable operating range and to make TMDs 

less sensitive to parameter variations. A typical approach has been to make TMD 

dynamics adaptive through adjustable natural frequency or damping. A wide vari-

ety of theoretical approaches for adaptivity has been proposed, but practical im-

plementations have often suffered a lack of suitable actuators. A common problem 

is that adaptive TMDs tend to become complicated and impractical constructions. 

Also, the requirements for adaptation range may be difficult to meet. 

When the variation of TMD dynamics is made so rapid that a TMD can alter 

some of its important parameters (natural frequency or damping) several times 

during its dominant vibration cycle, the TMD is called a semi-active tuned mass 

damper (SATMD). SATMDs are widely studied and their performance has been 

confirmed to be superior to that of passive TMDs (Pinkaew & Fujino 2001, Al-

demir 2003). Semi-active systems typically exploit damping variation control 

which requires a rapidly adjustable damping device like a magnetorheological 

(MR) or electrorheological (ER) fluid damper (McClamroch & Gavin 1995). MR 

fluid dampers have proved to be feasible, but they are not necessarily suitable, or 

at least they suffer performance degradation, for applications where the displace-

ment amplitude is small (tenths of millimetre). When dealing with frequencies of 

tens of Hertz’s, TMD relative displacement typically is less than one millimetre. 

In such a displacement, the MR damper tends to have spring-like characteristics 

(Yang 2001) although the general requirement is a purely damper-like behaviour. 

The spring-like behaviour is undesirable as it impairs the damper’s capability to 

produce damping force, especially under small-amplitude motion. Moreover, 

utilisation of the MR damper may require the use of a model-based control sys-

tem (Dyke & Spencer 1997). A damper model is typically rather complex and 

includes several parameters that may be difficult to identify. 

A dry-friction damper as an active part of the SATMD structure has attracted 

great attention due to its unique properties. Recently, the use of piezoelectric ac-

tuators has made dry-friction dampers easily adjustable and very quick respond-

ing. Thus their application in SATMD has become fascinating. However, dry-

friction dampers also suffer the same kind of problems as MR dampers under 
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small displacement motion. The resulting friction force is a combination of 

spring-like and damper-like components. This behaviour originates from the elas-

tic properties of the friction interface (Olsson 1996).  

In this thesis, performance of a SATMD with an ideal viscous fluid damper is 

compared to the performance of a SATMD with a practical dry-friction damper. 

The term ‘practical’ refers to a realistic actuator which has non-ideal characteris-

tics such as limited bandwidth and elastic friction interface. The performance of 

an ideal SATMD is found to be excellent compared to a conventional passive 

TMD. Nevertheless, when an ideal damper is replaced by a practical one, signifi-

cant performance degradation occurs.  

In this thesis, the fundamental research problems are: 

– to find a control method which makes the most of a practical SATMD 

equipped with dry-friction damper having finite bandwidth and stiffness 

– to find a simple yet effective control method which restores as much as pos-

sible of the lost performance due to non-ideal damper 

– to incorporate a feasible online tunability feature in the control algorithm 

1.3 Research methods 

In this thesis, a numerical simulation model for a semi-active tuned mass damper 

is developed. A simple and well-known semi-active control scheme, namely 

groundhook is fitted to this model. The model is used as a tool for the SATMD’s 

performance assessment. The simulation model features the possibility to simu-

late the dynamic behaviour of a SATMD with an idealised or practical semi-active 

damper. The performance of SATMD with both an idealised and a realistic 

damper is compared in terms of attenuating the vibration of the primary system 

excited by harmonic force. Two performance indices are introduced to facilitate 

and clarify the performance comparison. The performance indices are exploited in 

parametric studies conducted for various SATMD configurations. 

On the basis of the simulation studies, an improved control method for a 

SATMD with a practical semi-active damper is introduced. The improved method 

is compared with the groundhook method in terms of performance indices. Also, 

the parameter sensitivity is compared.  

After simulation studies are completed, an experimental setup and procedures 

are introduced. The proposed SATMD scheme with a digital control system is 

implemented. The SATMD is then applied to a test rig and its correct dynamic 
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operation under harmonic excitation is verified, first in a passive mode and then 

in a true semi-active mode. Both groundhook and improved control are tested and 

the results are compared qualitatively with simulated results. The semi-active 

damper is also tested separately in a tensile testing machine. 

1.4 The aim and scope of the research 

Previous studies have shown the high potential of SATMDs in vibration control. 

However, various studies have focused on SATMDs with an ideal semi-active 

actuator having unlimited bandwidth and other practically impossible features 

like infinite stiffness. These practical limitations must be considered when devel-

oping feasible devices. Also, the control method to be used must be compatible 

with practical actuators. Furthermore, the control algorithm should be computa-

tionally light and robust to uncertainties in the controlled system.  

The primary aim of this thesis is to address how the performance of SATMD 

degrades when using a non-ideal actuator and how the performance degradation 

can be reduced significantly by using appropriate control methods. The secondary 

aim of this thesis is to define a feasible control system that can run the control 

algorithm developed.  

This thesis goes about the research problem from a mechatronic point of view, 

thereby focusing on mechanics, electronics and control. The treatment concen-

trates on harmonic vibrations attenuated by a practical semi-active tuned mass 

damper. Fully active schemes are not discussed. Also, random and transient vibra-

tions are not discussed in detail, although they are discussed in the literature re-

view. Adaptive-passive TMDs are discussed in the literature review, but they are 

not included in the simulation and experimental sections.  

The mass damper is considered as an idealised single degree-of-freedom 

(1-DOF) system acting on a 1-DOF primary system, thus constituting a two de-

gree-of-freedom (2-DOF) structure. The semi-active operation relies on rapid 

damping force modulation. The stiffness, mass and internal damping of the mass 

damper are treated as constants during simulations. Within the simulation model, 

the delays and cyclic behaviour of the digital control system are ignored. All sen-

sor signals are treated as noiseless. 

The semi-active damper exploited in this study is not optimised for SATMD 

use. Also, in this thesis, the objective is not to develop the damping device, but a 

method which make the most of an available damper. Such an approach is con-

venient, as it does not require re-designing of mechanical structures, but software 
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and tuning modifications, which are usually easier and less time-consuming to 

carry out. 

1.5 Contribution 

An application of the semi-active damping scheme to a TMD system has been 

already investigated in several studies (Koo 2003, Pinkaew 2001, Setareh 2006). 

However, the semi-active actuator and its effect on the dynamic behaviour of the 

system have not been paid significant attention. Also, the proposed actuators have 

seldom been based on dry-friction damping, even though dry-friction damping 

has fascinating features such as virtually velocity independent force generation 

capability. 

The contributions made by this thesis for the SATMD research are the follow-

ing: 

– The most important non-idealities of a semi-active actuator are taken into 

consideration and their effect on the vibration attenuation performance of a 

SATMD is carefully investigated.  

– The target frequency of the SATMD is well over 20 Hz. Earlier a lower fre-

quency band has been considered. The control of higher frequency vibration 

is more challenging as the actuator dynamics is of greater importance. Also 

the relative motion of the semi-active actuator becomes smaller along with 

increasing frequency. A small motion makes higher demands on the semi-

active actuator. 

– In the context of practical dry-friction damped SATMD, the performance of 

two well-known groundhook-based control algorithms are evaluated in terms 

of two analytically defined performance indices. Furthermore, the perform-

ance deterioration due to the actuator’s non-idealities is addressed. 

– A new and more general approach to traditional groundhook-based semi-

active control is introduced and applied to SATMD. The traditional ground-

hook control features a frequency independent and programmatically fixed 

phase. The new method is extended so that the phase is dependent on the fre-

quency, while being tunable online. In consequence, the performance of the 

control method developed is superior to the conventional groundhook control 

in terms of suppressing harmonic vibration. It is also more robust against the 

primary structure’s parameter variations, especially when the online tuning 
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capability is exploited. However, the improved groundhook is still simple to 

implement and does not involve intensive online calculation. 

– A comprehensive test setup with a real-time control system is introduced. 

Due to the unique design, the internal damping of both the primary system 

and the mass damper are of a very low level. The real-time control system is 

designed to be suitable for industrial use with minor changes.  

1.6 Outline of the thesis 

This thesis consists of nine chapters. Chapter 2 focuses on the literature and in-

cludes an overview of the fundamental theory of mass damping. It also offers 

examples of practical applications exploiting mass damping principle. At the end 

of the chapter, various semi-active control methods are reviewed and their fea-

tures are discussed. 

Chapter 3 introduces a practical SATMD scheme that is studied in depth. The 

basic structure of the SATMD is presented along with the equations for a numeri-

cal simulation model. The separate parts of the SAMTMD are analysed and fitted 

in Matlab/Simulink® block diagram format. The actual simulations and their 

results are discussed in Chapter 4. The simulations are conducted with four sepa-

rate reference models. The performances of various schemes are compared in 

terms of performance indices defined at the beginning of the chapter. In Chapter 5, 

on the basis of the simulation results, an improved control algorithm for practical 

SATMD is derived and its performance and parameter sensitivity is evaluated. 

Chapter 6 focuses on the experimental setup. The introduced SATMD scheme 

is implemented in practice and the test setup is described in detail. The results of 

experimental tests are given in Chapter 7. The various SATMD sub-units are 

tested both separately and as a combined system.  

The results are discussed in Chapter 8 and conclusion and proposals for fur-

ther work are presented in Chapter 9. 
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2 Mass damping theory and applications 

This chapter deals with the fundamental theory of mass damping. Dynamic equa-

tions are introduced and a non-dimensionalised frequency response magnitude 

(FRM) function is derived. Various plots are drawn in the frequency domain on 

the basis of the FRM function. In addition to theory, this chapter also discusses 

mass damping applications and reviews earlier studies. The last part of the chap-

ter discusses various control methods applied to a semi-active tuned mass damper. 

Furthermore, a qualitative comparison between the performance of the optimal 

passive and ideal semi-active TMD is presented. 

Fundamentally, a tuned mass damper is a vibratory subsystem attached to a 

larger-scale host structure in order to reduce the dynamic response. Frahm pat-

ented a simple mass-spring-damper vibration damper in 1911. The main objective 

was to reduce rolling motion of ships as well as ship hull vibrations. The theoreti-

cal background for a TMD was presented later in the paper by Ormondroyd and 

Den Hartog in 1928. Den Hartog then provided a detailed discussion of optimal 

tuning and damping parameters in the book Mechanical Vibrations (1940). Since 

that time, the device has been developed for many different applications, which 

include reciprocating engines, jet engine mountings, ship stabilisers, power 

transmission lines, electric razors, compactors, helicopters, automobiles, earth-

quake- and wind-excited buildings and bridges. In addition to mechanical systems, 

a TMD can also be exploited in suppressing pressure pulsations in hydraulic sys-

tems (Mikota & Manhartsgruber 2001).  

A TMD can be seen as a simple local addition to a larger-scale dynamic sys-

tem. The purpose of the TMD is to reduce unwanted vibrations in a simple and 

reliable way, without considerably affecting the main system construction and 

space claim. The construction of the TMD can be as simple as a single spring-

mass-damper block attached at one point of a primary structure. The added sys-

tem is located at a particular point rather than being distributed over a portion of 

the structure. These features make this vibration suppression method especially 

suitable for retrofitting. The TMD can also be exploited in suppressing waves 

rather than global motion. Such an application has been discussed (El-Khatib et al. 

2005). In general, the mass element of a TMD is treated as a point mass, but it is 

also possible to design a construction in which the auxiliary mass is of the beam 

type, thus having a distributed mass and multiple modes. Such an idea is dis-

cussed in Dahlberg (1989).  
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2.1 Theory 

A 2-DOF lumped parameter model of a vibrating system with a TMD is shown in 

Fig. 1. The primary system mass, stiffness and damping are denoted by m, k and c, 

respectively. The corresponding TMD parameters are denoted by ma, ka and ca. 

The excitation acting on the primary structure is considered as periodic of fre-

quency ω and its quantity is force. It is also possible to use a base excitation 

scheme where the excitation arises from the motion of the base (earthquake exci-

tation). However, the base excitation is more common when dealing with seismic 

protection systems. This thesis deals with rotating machines which are typically 

subjected to direct force excitation.  

Ren (2001) has proposed a scheme in which the auxiliary damper (ca) is con-

nected between an auxiliary mass and fixed base. Ren proved such a scheme is 

also workable. However, in practice, the connection between the fixed base and 

auxiliary damper is not feasible, hence the conventional scheme shown in Fig. 1 

is far more common. 

Fig. 1. A 2-DOF lumped mass model of TMD system. 

The dynamic behaviour of a linear passive TMD system has been widely studied 

and is well-known. Different kinds of approaches for analysis have been pre-

sented by various authors (Connor 2000, Den Hartog 1956, Koo 2002, Inman 

1995, Mead 1998). The approach used in this study adopts features from several 

sources. The basis lies in Newtonian dynamics and equations of motion. The gov-

erning equations can be written in the following form: 

 ( ) ( ) 0 sin( )a a a amx cx kx c x x k x x F tω+ + + − + − =     (1) 
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 ( ) ( ) 0a a a a a am x c x x k x x+ − + − =    (2) 

and in matrix form: 

 00 sin( )

0 0
a a a a

a a a a a a a a

m x c c c x k k k x F t

m x c c x k k x

ω+ − + −             
+ + =             − −             

 
 

. (3) 

The existence of damping in equations 1 and 2 induces a phase shift between 

periodic excitation and response. These kinds of equations are convenient to util-

ise with complex quantities. The excitation can be extended to a more general 

form: 

 0( ) .j tF t F e ω=  (4) 

The excitation is now composed of real and imaginary components. The system is 

linear, so the use of complex input is justified. The steady state solution of equa-

tions 1 and 2 is assumed to be of the form: 

 .j t

a a

x X
e

x X
ω   

=   
   

 (5) 

The time derivate vectors are expressed as: 

 j t

a a

x X
j e

x X
ωω   

=   
   




 (6) 

and 

 2 j t

a a

x X
e

x X
ωω   

= −   
   




. (7) 

Substituting equations 5, 6 and 7 in equation 3 and cancelling the common tje ω  

term yields: 

 
( ) ( )

( )
2

0

2 0

a a a a

aa a a a a

m k k c c j k c j X F

Xk c j m k c j

ω ω ω

ω ω ω

 − + + + + − −      =    − − − + +    

. (8) 

Using Cramer’s rule, the amplitudes X and Xa can be solved: 

 
2 20
a a

a a a a a a

F k c j

m k c j m k c j
X F

D D

ω
ω ω ω ω
− −

− + + − + +
= =  (9) 
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and 

 

( )2

0
a a

a a a a
a

m c c j k k F

c j k k c j
X F

D D

ω ω
ω ω

− + + + +
− − +

= = , (10) 

where 

( )( )( ) ( )22 2
a a a a a a aD m c c j k k m c j k c j kω ω ω ω ω= − + + + + − + + − + . 

Equations 9 and 10 show that the displacements are linearly dependent on the 

excitation amplitude F. The steady state displacements of the system due to the 

harmonic excitation are: 

 
2

( )
( )

a a am k c j
X j F

D j

ω ωω
ω

− + +
=  (11) 

and 

 ( )
( )

a a
a

k c j
X j F

D j

ωω
ω

+
= . (12) 

In order to write equation 11 in a more convenient form, a set of new terms is 

defined. 

Natural frequencies: 

a
a

a

k
mω =  p

k
mω = . 

Mass ratio: 

am

m
μ = . 

Frequency ratios: 

p
r ω

ω=  a

p

ωβ ω= . 

Damping ratios: 

2 p

c

m
ζ

ω
=  

2
a

a
a a

c

m
ζ

ω
= . 
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Primary system static displacement:  

 st

F

k
δ = .  

Substitution of these parameters to equation 11 leads to a useful non-

dimensionalised form: 

 ( )
( ) ( )

( )( ) ( ) ( )

2 22 2

2 2
2 2 2 2 2 2 2 2 2 2

2
.

1 4 2 1 2

a

st
a a

r rX
r

r r r r r r r r r

β ζ β

δ β μ β ζζ ζ β μ ζ β

− +
=

   − − + + + + − + −   

(13) 

The representation involves only general parameters which are not dependent on 

the size of a TMD. Thus, the results obtained from equation 13 are very general 

and they provide a good qualitative overview of the characteristics of the TMD. 

When developing equation 13, both of the systems were expected to contain 

damping. However, it is beneficial to consider a TMD system with no damping at 

first. When the TMD damping is omitted, the numerator of the equation 13 has 

real roots. That is to say, the response of the primary system is exactly zero at a 

certain real frequency. It is not difficult to prove that damping in a TMD leads to 

complex roots, i.e. non-zero response at all real frequencies. 

The normalised displacement shown in the left side of equation 13 can be in-

terpreted as a dynamic amplification coefficient. The value of the coefficient re-

veals how many times larger the dynamic displacement amplitude is compared to 

the static one. 

2.1.1 Undamped TMD 

A totally undamped structure exists only in the mathematical world. However, it 

is worthwhile to consider the undamped TMD system as it clearly shows the basic 

idea of TMD operation. 

It is desired to design a TMD such that the displacement of the primary sys-

tem is as small as possible in steady state operation. The design of a TMD in-

volves selecting the stiffness ka and the mass ma. The question is: How should 

those parameters be selected to achieve the best possible vibration attenuation? 

Equation 13 shows how the primary system displacement response depends 

on the frequency ratio. The response can be minimised by setting the numerator 

of the equation to zero.  
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 ( ) ( )2 22 2 2 0,ar rβ ζ β− + =  (14) 

which yields (when ζa = 0): 

 r β= ± . (15) 

After some manipulation, the following form is obtained:  

  aω ω= ± . (16) 

The result obtained shows that the primary response is exactly zero whenever the 

excitation frequency meets the natural frequency of the TMD. Only the positive 

sign has physical significance, although the negative sign is mathematically cor-

rect. The frequency where the zero response is met can be selected freely by using 

the desired ka and ma values. It is common to set the tuning frequency equal to the 

primary system’s natural frequency, thus achieving a total attenuation of the pri-

mary system’s resonance. When considering equation 14 it can be observed that 

the zero response frequency is fully independent of the mass ratio μ as well as 

primary system damping. However, the denominator part of the equation also has 

its significance and a further examination shows that, in addition to the anti-

resonance feature, there will be two new resonances in the vicinity of the old one.  

The frequency response magnitude plot of the primary system steady state 

displacement amplitude with an undamped TMD is illustrated in Fig. 2. Also, a 

system without a TMD is depicted. The abscissa is normalised by the natural 

frequency of the primary system, while the ordinate is normalised by the static 

deflection of the primary system. For this illustration, the frequency ratio β = 1 

and the mass ratio μ = 5%. 
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Fig. 2. FRM curves for a system with TMD (solid line) and without TMD (dashed line). 

The vibration attenuation performance of an undamped TMD is evident in Fig. 2 

at r = 1. When the natural frequency of the TMD matches the excitation frequency, 

the steady state motion is completely attenuated. Unfortunately, this performance 

is realised at one frequency only and it is sensitive to proper tuning due to the 

narrow frequency band between the resonant peaks. Consequently, the perform-

ance of a TMD is sensitive to variations in the excitation frequency. The addition 

of a TMD transforms a 1-DOF system to a 2-DOF system. Primary system reso-

nance is transformed into anti-resonance and two new resonances appear in the 

vicinity of the old one. 

To reduce the sensitivity for correct tuning, the mass ratio μ can be increased, 

which correspondingly increases the bandwidth between the resonant peaks. This 

feature is illustrated in Fig. 3. The FRM plots for three different mass ratio values 

are shown. Although the effective bandwidth of the TMD can be improved by 

increasing the mass ratio the two resonant peaks, however, still exist.  
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Fig. 3. Effect of mass ratio. 

Adding mass to the TMD widens the attenuation band, but in practical applica-

tions the useful mass ratio is typically limited to less than 15%. High mass ratio 

typically leads to impractical and bulky structures. Also, the main idea of TMD 

fades away with growing mass ratio. The TMD should be a small local addition to 

the primary structure, not a significant portion of it. 

Figures 2 and 3 illustrate configurations where β = 1, i.e. the natural fre-

quency of the TMD is equal to the primary system natural frequency. Let us now 

consider the effect of varying the tuning ratio β. Equation 16 clearly shows that 

the response is zero whenever the excitation frequency meets the tuned frequency. 

A system with β ≠ 1 is frequently called a tuned vibration absorber or tuned vibra-

tion neutraliser to emphasise the difference in tuning frequency. It is also worth 

noting that the total attenuation happens regardless of the primary system parame-

ters. Fig. 4 illustrates the attenuation frequency shifting capability.  
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Fig. 4. Effect of tuning ratio. 

2.1.2 Damped TMD 

The preceding chapter discussed a system with no damping. Both the primary 

system and TMD system were treated as simple spring-mass systems. However, 

all the real systems contain some damping. Although typical steel structures are 

very lightly damped, the effect of damping is important.  

This chapter mainly deals with damping in a TMD system. The primary sys-

tem damping ratio is typically fixed to some small value, say 1–4%, whereas 

TMD system damping can be varied quite freely. When damping is added to the 

TMD, the numerator of equation 13 cannot be exactly zero with any real value. 

Hence the presence of damping ruins the ability of the TMD to exactly cancel the 

motion of the primary system. On the other hand, the level of the resonance peaks 

can be greatly reduced by adding damping to a TMD system. The FRM-surface 

shown in Fig. 5 clarifies the condition. 
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Fig. 5.  FRM as a function of normalised frequency and TMD system damping ratio. 

The bold line shows an optimal FRM curve in terms of lowest possible FRM peak 

value. 

Fig. 5 shows how the damping affects for a fixed value of mass ratio μ and tuning 

ratio β. Although the height of the resonant peaks is reduced, the vibration at-

tenuation performance at the TMD’s natural frequency is decreased. It is worth 

noting that a smaller damping ratio may produce a smaller amplification over a 

larger frequency band that does a higher ratio. When the damping is increased, the 

two resonant peaks merge into a single peak which then grows towards the reso-

nant peak of a system without a TMD. Obviously, there is an optimal value for 

TMD damping which yields the best overall performance (see the bold line in Fig. 

5). The value of the optimum damping can be found by analytical or iterative 

means. The optimisation process is not discussed here, but a detailed description 

of optimisation can be found from several sources (Den Hartog 1956, Inman 1995, 

Sims 2006, Nishihara & Asami 2002). In a classical approach, the primary struc-

ture is assumed to be undamped, and a closed-form expression for optimum pa-

rameters can be found. In the presence of damping, no closed-form expressions 

can be derived for optimal parameters, hence numerical methods must be used. In 
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this thesis, for the sake of clarity, the optimal values are given for the undamped 

case. Also, the parameter values obtained with undamped primary structure, serve 

as a good initial point for the numerical optimisation process (Rana & Soong 

1998). 

When dealing with white noise excitation, an optimal TMD has two resonant 

peaks at the same level, both as low as possible. The aim of the optimisation is to 

tune a TMD such that resonant peaks occur at the same magnitude value. This is 

achieved (Mead 1998) by selecting the TMD stiffness and damping such that: 

 
1

1optβ
μ

=
+

 (17) 

and 

 
( )
3

8 1aopt

μζ
μ

=
+

. (18) 

Equation 17 states the optimal tuning is always at a lower frequency than the 

primary system natural frequency. For practical mass ratios 1–15% the optimal 

tuning ratio range is 0.99–0.87 and optimal damping ratio range is 6–22%. 

The optimally tuned TMD’s FRM plot is illustrated in Fig. 6. A highly sym-

metric shape is evident. Also, the effect of the mass ratio can be seen in the figure. 

The attenuation performance improves with increasing mass ratio. As mentioned 

earlier, this is not a very convenient way to improve the performance, as the in-

creasing mass ratio leads to bulky and impractical structures. A smaller mass ratio 

typically leads to a smaller space claim, easier installation and smaller material 

costs.  
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Fig. 6. Effect of mass ratio. 

The preceding discussion deals with a simplified case and white noise excitation. 

However, the real world applications are often subjected to various kinds of exci-

tations. In consequence, research effort has also to be directed to, for instance, 

earthquake-excited systems and systems with a damped primary structure. Hoang 

et al. (2007) discuss a large mass ratio TMD’s optimal design under an earth-

quake excitation with analytically defined non-flat spectral content. Using spec-

tral contents characteristic to earthquakes leads to somewhat different optimal 

design formulas. A similar subject is discussed in Marano et al. (2007). Hadi & 

Arfiadi (1998), Lee et al.(2006), Kitis et al. 1983 and Vakakis & Paipetis (1986) 

have discussed design of TMDs applied in MDOF structures.  

2.2 Examples of TMD implementations 

Over past decades, TMDs have been exploited in many mechanical and civil en-

gineering structures. The majority of the applications have been associated with 

rotating machines, but probably the most well-known applications are for sky-

scrapers and bridges. Tall and slender buildings tend to suffer from wind- and 

0.5 0.6 0.7 0.8 0.9 1 1.1 1.2 1.3 1.4 1.5
0

2

4

6

8

10

12

Normalized frequency

N
or

m
al

iz
ed

 d
is

pl
ac

em
en

t

μ=0.03

μ=0.05

μ=0.10



 35 

earthquake-induced deflections (Gerges & Vickery 2003, Kareem et al. 1999). 

Wind typically excites low frequency modes causing inconvenience and motion 

sickness (Mansfield 2004). Thus, a properly designed TMD can provide a signifi-

cant improvement in comfort by reducing the low frequency motions. TMD sys-

tems have been successfully installed in many skyscrapers including the John 

Hancock Building in Boston, City Corp Center in New York and Sydney Tower 

(Holmes 1995). 

TMDs have also been used in aircrafts like the DC-9. The function of the 

TMDs is to reduce the internal noise of the aircraft to an acceptable comfort level. 

Two separate TMDs are used to attenuate noise peaks at 120 Hz and 180 Hz. 

TMDs were found to provide the lightest and cheapest means of dealing with the 

noise problem. (Mead 1998). Also, aircraft engines can benefit from TMDs. Pratt 

& Whitney’s R-1820 engine suffered from breaking propeller shafts. It turned out 

that the reason for breaking was excessive vibration. The solution was to fit a 

TMD in the form of massive dynamic counterweights loosely attached to the 

crankshaft so they were free to move slightly in the plane of rotation. (Aircraft 

Engine Historical Society 2008). 

Tuned mass dampers are also used in mass production cars to reduce wheel 

bounce (Car information blog 2008), powertrain vibration (Honda 2008) or even 

rear mirror vibration (Car and Driver 2008). Also, the Renault F1 racing team 

used passive TMDs in their racing cars in season 2006. The system proved bene-

ficial, but it was considered to be illegal and Renault had to remove the dampers 

from their cars. 

2.3 Advanced TMDs 

A tuned mass damper is basically a simple dynamic system with few parameters. 

As a passive device, its dynamic behaviour cannot be altered during operation. 

Typical development targets are related to minimising or managing the creep of 

parameters which causes off-tuning and decrease in vibration attenuation per-

formance. Furthermore, the characteristics of a passive TMD are not “optimal” as 

there is vibration magnification over a wide frequency range. Varying excitation 

frequency may also induce problems. Examination of Fig. 2 reveals that the re-

sponse of a system with a TMD may be substantially higher than that of system 

without a TMD. If the excitation frequency slides in either direction from the 

tuned state, the response grows. It would be beneficial to be able to adjust the 
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tuning of a TMD during its operation to prevent or decrease performance deterio-

ration. 

The valley in the FRM plot moves with TMD tuning, as shown in Fig. 4. If 

the tuning frequency was made adjustable, the valley could be located in respect 

of the excitation frequency. This kind of behaviour requires online access to TMD 

parameters, i.e. a kind of mechanism or an electrical system to vary system dy-

namics. The tuning frequency is affected by the stiffness and mass of the TMD. 

Most of the proposed tunable constructions exploit stiffness variation, as it gener-

ally is easier to implement than mass variation. Damping variation is a less effec-

tive approach as it does not really affect the tuning but the shape of frequency 

response. The subsequent chapters discuss various adaptive TMD structures 

found in the literature.  

2.3.1 Adaptive passive TMDs 

The adaptation capability can be realised in many ways. The term ‘adaptive’ is 

more general than ‘tunable’, as adaptive does not define what feature is varied or 

controlled. All TMD systems that involve adjustable parameters are considered as 

adaptive in this context. One important issue is the rapidity of the parameter 

change. The bandwidth of a typical adaptive control is significantly narrower than 

the vibration system bandwidth. This means that the change of parameter(s) is 

slow compared to the period of the dominant vibration cycle. 

If the parameter adjustment is significantly rapid, i.e. the change can be re-

peated several times during a dominant vibration cycle, the system is said to be 

semi-active. It is characteristic for semi-active systems, that they do not introduce 

additional energy to the vibrating system. Naturally, the parameter variation re-

quires some energy, but that energy is not applied directly to the vibrating system. 

In contrast to semi-active systems, fully active systems do apply a significant 

amount of energy to the vibrating system. Such systems are out of the scope of 

this research. 

Over the past decades, a wide variety of adaptive and semi-active TMDs has 

been proposed. Most of the research effort has been directed to adaptive struc-

tures, but also research around the semi-active systems has been active. A most 

popular way to realise TMD adaptivity is to introduce variable stiffness. In this 

context, the variable stiffness means stiffness that can be treated as constant dur-

ing one vibration cycle, but which can be varied slowly over time. There also 

exist systems which exploit passively nonlinear stiffness elements. The dynamics 
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of such systems are dependent on the magnitude of excitation. One example of 

such a system has been discussed (Gerges & Vickery 2003). They propose a pas-

sive pendulum-type TMD with a wire rope spring. However, the system is purely 

passive and it cannot be considered as adaptive.  

The conventional, and probably the most popular, means to provide a variable 

stiffness is through a variable length beam or similar. However, the progress in 

material technology has made more compact and embedded structures feasible. In 

particular, shape memory alloys (SMA) and magnetorheological fluids and elas-

tomers seem to provide simple and effective means to realise variable stiffness 

through material actuators (Keinänen et al. 2007, Heinonen et al. 2008). The 

following discussion deals with both traditional methods and material actuator-

based methods in variable stiffness realisation. 

Franchek et al. (1995) used a variable stiffness TMD utilising an adjustable 

helical spring. The mechanical construction is depicted schematically in Fig. 7. 

The TMD frame consists of a base plate and two end plates. A guide rod is at-

tached to the end plates and it serves as a guide for the cylindrical mass. The heli-

cal spring is attached between the moving mass and the frame so that the effective 

number of coils can be changed by rotating the helical spring. The rotation is 

achieved through a DC-motor and gear. This setup led to a tuning range between 

5.9 and 7.7 Hz, which can be considered too narrow. Also, the mechanical struc-

ture is rather awkward. 

Fig. 7. Variable stiffness TMD proposed by Franchek et al. (1995).  

Deng et al. (2006, 2008) proposed a construction where a TMD stiffness element 

is made of magnetorheological elastomer (MRE). MRE materials belong to a 

group of so-called smart materials, which respond to an external stimulus by 

changing their viscoelastic properties. MREs typically are composed of po-

larisable particles in a non-magnetic solid or gel-like medium (Kallio 2005). The 
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particles inside the elastomer can be homogeneously distributed or they can be 

grouped to form chain-like columnar structures. Both stiffness and damping of the 

MREs change when subjected to an external magnetic field. The stiffness change 

can be as high as five-fold (Keinänen et al. 2007). The response time for stiffness 

change is in the class of tens of milliseconds (Zhou 2004, APS 2008). Such prop-

erties are very usable when designing adaptive TMDs. The response time is satis-

factory even for some semi-active systems. 

The schematic picture of Deng’s TMD is shown in Fig. 8. The dynamic mass 

is composed of a mounting shell, cover, magnetic conductor and electromagnet. 

The magnetic field is created by two coils in the electromagnets and the field 

strength is adjusted by the coil current. As MRE’s shear modulus depends on the 

field strength, the equivalent stiffness of the TMD changes with the field strength. 

Consequently, the natural frequency of the TMD can be adjusted by the coil cur-

rent. Thus, the TMD natural frequency can be changed by tuning the coil current 

to trace the external excitation frequency. (Deng 2008). 

Fig. 8. Variable stiffness TMD proposed by Deng (2007). 1. cover; 2. guide rod; 3. linear 

bearing; 4. magnetic conductor; 5. shear plate; 6.MREs; 7. base; 8. electromagnet; 9. 

mounting shell. 

The relationship between applied current and resonant frequency is shown in 

figure 9. The frequency shift capability is evident. The tuning range is roughly 

from 28 Hz to 40 Hz, which corresponds approximately to a two-fold stiffness 

change.  

Deng’s work highlights the possibilities of MREs in TMD design. The me-

chanical structure of Deng’s TMD is fairly compact and clever as the coil is not 
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dead mass, but a part of the dynamic mass. For example Ginder et al. (2001) and 

Deng (2006) proposed a construction where the wire coil was connected to the 

primary system instead of the TMD. As with many other scientific papers, Deng’s 

paper does not present a control system for TMD.  

Fig. 9. FRM curves for Deng’s TMD at various magnetic fields. (Deng 2008). 

Miller (2003) has discussed TMD with nonlinear elastomers. The elastomer ele-

ment behaves nonlinearly under compression. The nonlinearity can be exploited 

in natural frequency variation. Miller proposed a structure where the dynamic 

mass is clamped between two elastomer bushings. The effective stiffness of the 

bushings can be altered by changing their pre-stress. The TMD proved to be tun-

able over a rather wide range. The achieved tuning range was roughly from 40 Hz 

to 210 Hz. This corresponds to an almost thirty-fold stiffness change. However, 

such a system is highly nonlinear, which is problematic especially at high excita-

tion magnitudes. Miller does not discuss self-tuning issues at all.  

Hill and Snyder (2002) have proposed a so-called dual mass TMD with mul-

tiple modes. The mechanical structure of the device illustrated in Fig. 10. The 

dual mass absorber is composed of two rods supporting two equal masses. The 

effective lengths of the beams are variable, thus giving the possibility to tune the 

natural frequencies of the device. The target of the research was to control multi-

ple resonances at the same time with a single device. The results showed that the 

device is actually working as a tunable vibration absorber (or TMD), but manag-

ing multiple modes at the time was not demonstrated clearly. Hill and Snyder 

presented also two different approaches to self-tuning. One was based on the 

global vibration minimum search and the other was based on a type of gradient 

search. Results regarding self-tuning performance were not reported. 
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Fig. 10.  Structure of the multi-mode TMD. (Hill & Snyder 2002). 

Nagaya et al. (1999) proposed a variable stiffness TMD in which the stiffness 

variation is realised by means of a variable length cantilevered beam (see Fig. 11). 

In the TMD, the spring coefficient at mass (1) varies by moving the middle sup-

port (2). The motion is controlled through an electric motor (4) and ball screw (5). 

The displacement feedback comes from the rotary encoder (3) connected directly 

to the ball screw. The tuning range of the presented device is 13–29 Hz and the 

total mass of the absorber is 4.23 kg, while the mass of the attached mass is only 

0.6 kg.  

Fig. 11. Geometry of variable stiffness TMD. (Nagaya et al. 1999). 
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Liu & Liu (2006) proposed a somewhat different approach to TMD stiffness 

variation, namely variable magnetic springs. The structure developed is rather 

complicated, but the operating principle is similar to the traditional TMD. The 

stiffness of such a magnetic spring is linear only in a limited displacement range. 

Outside the linear range the stiffness rises exponentially. This behaviour leads to a 

nonlinear response and mitigates the vibration attenuation capability at one fre-

quency.  

Liu’s paper shows the magnetic springs are applicable in a TMD, but the me-

chanical structure may become impractical. The tuning range achieved was also 

very limited being from 13.5 Hz to 18.5 Hz. One of the benefits is that a magnetic 

spring adjusts its stiffness instantaneously. A sudden change in stiffness causes 

transient vibrations, but they do not pose problems in most cases.  

Tentor (2001) also discussed electromagnetic TMD damping in his disserta-

tion. The mechanical structure of the TMD is simple and the electromagnet wire 

coil and its core form the dynamic mass (see Fig. 12). A moving electromagnet is 

placed between two stationary permanent magnets. The permanent magnets pro-

vide a passive restoring force to centre the absorber. The force level may be var-

ied by supplying the electromagnet current or by altering the stationary magnet’s 

position. The spring force is influenced by the design parameters, current input 

and the gap variation. The results of the work showed that the most significant 

parameter is the gap between the stationary and moving magnets. The natural 

frequency variation was 50% over the range examined. The effect of the electro-

magnet coil current was significantly smaller. 
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Fig. 12. Schematic of the electromagnetic TMD. (Tentor 2001). 

Tentor’s work does not discuss real-time control of the TMD at all. The adaptable 

device is covered in-depth, but the device is not ready for adaptive operation 

without a control system. 

Williams et al. (2005a) have exploited a shape memory alloy (SMA) in adap-

tive TMD construction. They used a mass-ended cantilevered beam as a prototype 

(see Fig. 13). The beam was composed of four SMA and two steel circular beams 

clamped in an end mass. The scale of the prototype was rather small and the 

TMD’s effective mass was less than 200 g. Heating the SMA spring element 

changes the SMA elastic modulus, which results in a varying natural frequency. 

Continuous tuning of the device was realised through modulating the temperature 

of the SMA spring elements by driving electrical current through the SMA ele-

ments. The SMA elements behave electrically like resistors and the current driven 

through them produces thermal energy. 
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Fig. 13. Schematic of an adaptive TMD with SMA element. (Williams et al. 2005a). 

Williams et al. discuss only the dynamic modelling of the adaptive TMD. They 

have published also another paper (2005b) which concentrates on control issues. 

The SMA inherently is very nonlinear, so the control task is rather demanding. 

The control strategy was based on phase angle tracing and the control target was 

to maintain a constant phase lag between the tuned and the primary masses. The 

results showed the control is possible to make it stable, but it requires a nonlinear 

controller. Rustighi et al. (2005a, 2005b) have also discussed the control of an 

SMA adaptive TMD. They compared various control algorithms including P-, 

PD- and fuzzy-control. They concluded that the performance of various control-

lers is rather similar and even an industrial application is feasible. 

2.3.2 Semi-active and active TMDs 

Adaptive systems are occasionally confused with semi-active systems. A truly 

semi-active system can alter its adjustable parameter several times during a domi-

nant vibration cycle. For instance, if a problematic vibration occurs at 10 Hz fre-

quency, a truly semi-active control system bandwidth should be dozens of Hertz. 

If this criteria is not met, but the response time of the parameter change is signifi-

cantly lower, the system is said to be adaptive-passive. 

The majority of the proposed semi-active TMD structures rely on damping 

control, as it is easier to implement than rapid stiffness or mass control (Jalili 

2002). Also, the damping control algorithms are widely studied and well-tried 

(Hrovat 1983, Jansen & Dyke 2000, Pinkaew 2001, Koo 2003, Liu et al. 2005). 

Ramaratnam and Jalili (2006) have studied a rapidly switched stiffness control 

based on a bi-stiffness spring element, however their application is not a TMD but 

a 1-DOF spring-mass system. Wickramasinghe et al. (2004) have also presented a 
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kind of switched stiffness device. it is based on a switchable spring, but it also 

features variable damping.  

The most common approach to semi-active tuned mass damping is illustrated 

schematically in Fig. 14. The dynamic system is essentially the same as that of 

passive TMD’s. The only difference is that the TMD damping ca is made adjust-

able. In fact, the schematic representation does not make a difference between 

adaptive and semi-active systems. The characteristics of the system depend on the 

applied control method and the bandwidth of the control. 

 

Fig. 14. Schematic of a damping controlled SATMD. 

If the system depicted in Fig. 14 were of the fully active type, it would have a 

power-generating actuator between the tuned and primary masses (see Fig. 15). 

The difference between semi-active and active systems comes across as rather 

small, but in practice, the difference is significant. Firstly, the actuator in a fully 

active system requires a source for the energy. The source can be, for instance, a 

hydraulic power unit or an electric supply line. In any case, the power require-

ment is significant. Secondly, the control of a fully active system is a somewhat 

demanding task as fully active systems can be prone to stability issues (Brecher & 

Schulz 2004). Also, the total cost of a fully active TMD system may be rather 

high due to the need for high quality actuators and sensors. The advantage of a 

fully active TMD is the possibility to attain excellent vibration attenuation per-

formance (Hosek & Olgac 2002, Wang & Lin 2007, Lin et al. 2005).  
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Fig. 15. Schematic of a fully active TMD. 

Abe and Igusa (1996) have developed an analytical theory for a semi-active TMD 

under transient excitation. The theory was developed for a 1-DOF structure and it 

was also generalised for continuous structures. The semi-active TMD was found 

to be substantially more effective than a conventional passive TMD. Abe and 

Igusa concentrated only on transient response control. Also, the research was 

purely theoretical and no practical experiments were conducted. 

Pinkaew and Fujino (2001) studied the control effectiveness of a semi-active 

TMD with variable damper under harmonic excitation analytically and numeri-

cally. They derived a control law for variation of the damping using optimal con-

trol theory. They also evaluated the control performance by comparing the struc-

ture’s transient and steady-state responses with those of the structure coupled with 

a TMD. The results addressed the fact that, under harmonic excitation, the vibra-

tion suppression by a semi-active TMD is significantly superior to that of conven-

tional passive TMD in both transient and steady-state responses. The improve-

ment was equivalent to a four-fold increase of the TMD effective mass.  

Koo (2003) discussed the semi-active TMD in his dissertation. Koo’s motiva-

tion for the work arose from the floor vibrations. Problematic floor systems can 

be resonated by dynamic forces induced by human activities, such as walking and 

jumping. Traditional methods for floor vibration suppression can be costly and 

disruptive if the structure is already occupied. Koo’s research intends to develop a 

new class of semi-active TMD that uses a magnetorheological (MR) damper. It 

also intends to assess the comprehensive dynamics of the new system. Koo com-
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pared the performance of four simple control algorithms. Both numerical and 

experimental studies were conducted. 

Koo’s work is carried through systematically and a lot of measurement data is 

reported. The work relies considerably on experimental procedures and the ana-

lytical discussion is quite light. However, the experimental results are very inter-

esting. The semi-active control proves to be effective also in practice. Koo used a 

commercial sponge-type MR damper which behaves rather like a dry-friction 

damper. The force-velocity curves for different control currents are shown in Fig. 

16. As can be seen, the force-velocity dependency is not of the viscous type but of 

“frictional type”. However, Koo models the damping as viscous throughout the 

work.  

Koo’s work confirmed the effectiveness of the semi-active TMD also in prac-

tice. The four different algorithms performed rather well, being so simple. The 

control system was described in detail, but it is not necessary suitable for practical 

applications. This feature relates to almost all of the research regarding semi-

active systems. The control systems are built exclusively for laboratory use which 

leads to a gap between practical implementation and research. Control systems 

designed only for the laboratory use are typically expensive and they cannot with-

stand industrial environments. 
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Fig. 16. Measurement results of MR-damper used in Koo’s work. (Koo 2003). 

2.3.3 Other advanced TMDs 

Wu & Shao (2007) have introduced an interesting idea to combine adaptive pas-

sive and active TMDs to build up a virtual vibration absorber. Their idea is to 

mimic a conventional undamped TMD with a voice-coil motor. The idea is shown 

schematically in Fig. 17. The forces produced by a virtual TMD and a virtual 

damper between base and primary mass are generated by an electronically con-

trolled voice-coil actuator. As the auxiliary mass, stiffness and damping are vir-

tual, their online tuning it is possible to realise it by software.  
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Fig. 17.  An actively controlled mechanical structure subject to harmonic disturbances; 

(b) a virtual dynamic vibration absorber emulated by the linear actuator. (Wu & Shao 

2007). 

Wu and Shao simulated their system and proved that the idea is workable and 

possible to realise in practice. They also have presented and verified an algorithm 

for virtual stiffness online tuning. The system is essentially a hybrid system with 

characteristics from both passive and active schemes. The practical realisation 

requires an actuator with high bandwidth and, above all, the possibility to locate 

the actuator between the primary mass and base. This is not always possible, so 

the proposed system is not very general-purpose. In consequence, Wu et al. (2007) 

have proposed a system in which the active actuator and auxiliary system are 

attached on the top of the primary structure without a connection to the inertial 

frame. 

2.4 Control of SATMDs 

A successful application of semi-active control strategies requires that the adjust-

able device has adequate properties and the control algorithm and hardware meet 
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the case. This chapter concentrates on control algorithms as they form the func-

tionality of a semi-active system.  

2.4.1 Groundhook based control 

One of the simplest, yet effective, control schemes for SATMD is so-called 

groundhook control. The groundhook method has been used especially in auto-

motive suspensions (Valasek 1997), but has proved to be applicable also in 

SATMD applications (Ji et al. 2005, Koo 2003, Setareh 2001). Fig. 18 illustrates 

the basic idea of the groundhook scheme. A virtual damper is added between the 

primary structure and the fixed base. The damper hooks the primary system to the 

fixed base (ground), hence the name “groundhook”. Another variant of the 

groundhook scheme is the skyhook scheme, in which the virtual damper is re-

garded as being connected between the primary structure and fixed sky. The sky-

hook scheme is widely-studied, especially in the field of automotive suspensions 

(Yi & Song 1999, Hyvärinen 2004). 

Fig. 18. Principle of ideal groundhook damping. 

In theory, by adding a virtual damper, the vibration of the primary system can be 

greatly reduced. In fact, if the damping ratio of the virtual damper was infinite, 

the primary mass vibration would be completely attenuated. However, such a 

damper is purely virtual and placing a damper between the primary system and 

fixed base is impractical. Fig. 19 shows how a practical groundhook scheme can 

be implemented. An adjustable damper connected between the primary and tuned 

mass replaces the original passive damper. In practice, there is always a passive 

damper in parallel with the adjustable damper. The practical adjustable dampers 
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have always a limited adjustment range. Outside that range, they behave like 

passive dampers for which reason it is correct to model the semi-active system to 

have two dampers in parallel. 

Fig. 19. Principle of practical groundhook damping. 

The objective of developing a controller for the groundhook damper is to repre-

sent the ideal groundhook damping force with the configuration shown in Fig. 18. 

The control algorithm commands the adjustable damper to emulate the ideal 

groundhook damper.  

Let us consider the forces acting on the primary system under several condi-

tions. The velocity of the adjustable damper, vda, is defined as (Koo 2003): 

 da av x x= −  . (19) 

When the two masses separate, the sign of vda is negative. Fig. 19 clarifies the 

sign convention.  

A virtual groundhook damper always acts such that the generated force has an 

opposite sign to the primary mass velocity. When emulating such behaviour with 

an adjustable damper located sub-optimally, four different conditions are found: 1) 

the primary mass moves towards the positive direction and the damper is in ex-

tension, 2) the primary mass moves towards the positive direction and the damper 

is in compression, 3) the primary mass moves towards the negative direction and 

the damper is in extension and 4) the primary mass moves towards the negative 

direction and the damper is in compression. The force generated by the adjustable 

damper emulates the virtual damper force only in two of the previous situations, 

namely 2 and 3. The sign of the adjustable damper force is opposite to the virtual 
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damper force in the other two situations. It is desirable to have as low damping as 

possible in these situations. Summarising the conditions the velocity-based 

groundhook (VBG) control rules are derived: 

 max0,   

0,   0.
da a a

da a

v x c c

v x c

≥ =
< =



 (20) 

It is also possible to replace the primary system velocity term by a primary system 

displacement term. The use of the displacement term leads to displacement-based 

(DBG) control rules: 

 max0,   

0,   0.
da a a

da a

v x c c

v x c

≥ =
< =

 (21) 

As can be seen from equations, 17 and 18, both groundhook control variants 

switch the adjustable damper back and forth between high and low damping states. 

As there is a switching action involved, it is obvious that the required bandwidth 

for the adjustable damper is infinite. A step-like change in damping force is not 

practically possible. However, the groundhook control scheme is still usable, 

although the practical dampers do not fully service the control policy needs. (Koo 

2003). 

The groundhook control leads to a very simple implementation from the 

software point of view. The whole control is actually one if-else statement within 

a program code. However, the program cycle time must be significantly smaller 

than the time of the dominant vibration cycle to prevent delay in damper state 

switching. As can be seen from equation 20, the switching time required by the 

VBG algorithm is theoretically infinitely small and a delay in control leads to 

imperfect operation. 

2.4.2 Clipped optimal control 

Pinkaew and Fujino (2001) derived an optimal control governing the variation of 

damping of the adjustable damper using optimal control theory. Employing the 

numerical technique, the responses of a 1-DOF structure coupled with a semi-

active TMD was investigated. They also discussed a situation in which the damp-

ing can be varied within certain range. The derivation of the optimal control algo-

rithm is repeated here in a compact form. For a more detailed derivation, refer to 

Pinkaew and Fujino (2001). 
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The equations of motion for a dynamical structure with active TMD can be 

written in state-space form as: 

 ( ) ( ) ( ),actt t u t= +x Ax B  (22) 

where 

 ( ) ( ) ( )T
actu t t c t= x T  (23) 

is an active control force which is product of a state vector, x(t), a transformation 

vector T, and a variable damping coefficient, c(t). The design objective is to find 

the optimal damping control c(t) that minimises the following quadratic perform-

ance index:  

 2

0

( ( ) ( ) ( )) ( ) ( ).
f

f

t

T T
act f act f t fJ t t r u t dt t t= + + x Qx x P x  (24) 

In equation 24, Q is a positive semi-definite matrix, rf is a positive constant, 
ftP is 

a positive semi-definite matrix and tf is the final time of control interval. The fully 

active control force uact(t) is known to be: 

 1( ) ( ) ( )T
act fu t r t t−= − B P x , (25) 

where the co-state matrix, P(t), is obtained from: 

 1( ) ( ) ( ) ( ) ( )T T
ft t t t r t−= − − − +P A P P A Q P B B P . (26) 

When the active control force is replaced by a semi-active control force which 

minimises the instantaneous error between active and semi-active forces, the 

semi-active damping coefficient takes the form: 

 
( )

( )
( ) ( )

act
sa

a

u t
c t SAT

x t x t

 
=  −  

, for ( ) ( ) 0ax t x t− ≠  , (27) 

where the SAT function saturates between minimum and maximum csa values. 

The solution is intuitively quite reasonable as the semi-active control force tries to 

track the active force trajectory and it saturates between its maximum and mini-

mum values. The calculation of uact involves solving the differential equation 

online. Furthermore, the full state feedback is needed (see Equation 25). Conse-

quently, the practical implementation is more difficult compared to groundhook- 

based schemes. 
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Ji et al. (2005) have compared the performance of different algorithms nu-

merically under earthquake excitation. They found that the displacement-based 

groundhook and clipped optimal control are practically equal in performance. The 

velocity-based groundhook performed less effectively, but it was still better than a 

passive TMD. Lin et al. (2005) have also reported similar results. They compared 

the semi-active TMD to active and passive TMDs under earthquake excitation. 

The control system was based on a MR damper and a static state-output-feedback 

LQR control algorithm. The control algorithm was used to calculate the optimal 

control force and the MR-damper model was used to estimate the suitable control 

voltage. In other words, the control systems consisted of two separate stages: 

1) optimal control force calculation and 2) control voltage estimation. Lin et al. 

concluded that the semi-active TMD system is as stable and reliable as the tradi-

tional TMD system. The active TMD system can get the best control effect, if the 

capacity of the actuator is not limited. The control algorithm used needs a consid-

erable amount of online computation in each time step. 

2.4.3 Lyapunov stability theory based Bang-Bang control 

Wu & Soong (1996) presented a modified Bang-Bang control principle for civil 

engineering structures. A Bang-Bang control is a class of well-known optimal 

control laws. The name “Bang-Bang” is due to the step-like characteristic of the 

applied control effort. Wu and Soong applied the modified Bang-Bang principle 

for a general linear building structure, but the same principle can be applied as 

such to a structure with semi-active or active TMD.  

Let us consider a linear SATMD system with 2-DOF and one control force. 

The state space representation for the system is as follows: 

 ( ) ( ) ( )t t u t= +x Ax B . (28) 

When using optimal control theory, the next step would be to define a perform-

ance index to minimise, but when using the Bang-Bang method proposed by Wu 

and Soong, the approach is somewhat different. Instead of minimising the per-

formance index, a quadratic Lyapunov function is defined as follows: 

 ( ) T=V x x Sx , (29) 

where S is the solution of the following Lyapunov matrix equation: 

 T + = −A S SA Q , (30) 
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where Q  is selected to be a symmetric and positive semi-definite matrix. It is 

also possible to select the matrix S directly instead of solving it from equation 30. 

However, the matrix Q must be symmetric and positive semi-definite. When 

dealing with basic 2-DOF system, the weighting matrix S may be defined so that 

the Lyapunov function represents the vibratory potential energy of the primary 

system. From the vibration control point of view, it is reasonable to try to make 

the rate of the change of that energy as negative as possible. The time derivative 

of the Lyapunov function is as follows: 

 ( ) 2T T= − +V x x Qx uB Sx . (31) 

When inspecting the equation, it is clear that if the control is of the form: 

 ( )max( ) sgn ( )Tu t u t= − B Sx  (32) 

the time derivative of the Lyapunov function will take the minimum. The control 

law given in equation 32 is called suboptimal Bang-Bang control. The control 

avoids an online evaluation of differential equations, which is an obvious advan-

tage over the clipped optimal control. The behaviour of the controlled system 

heavily depends on the selection of the matrix Q . For instance, it possible to 

selected the matrix Q so that the control law obtained is identical to VBG control. 

It is also worth noting that the control based on the Lyapunov stability theory 

states that the control result improves with increasing control force. The subopti-

mal Bang-Bang control is applicable both in semi-active and fully active control. 

An example of an active application can be found in Collins et al. 2005. 

Li et al. (2007) proposed an enhancement on the Bang-Bang control. They 

stated that by using the following control input: 

 ( )( ) ( )max( ) sgn tanhTu t u t v tβ= −   B Sx  (33) 

the high-speed switching of output, control chattering and instability can be 

avoided. As can be seen, the only modification is the addition of hyperbolic tan-

gent function. The purpose of the addition is to smooth the control force change 

in the vicinity of the zero sliding velocity. 
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2.5 Performance comparison between optimal passive TMD and 
ideal SATMD with DBG control 

An important question is to what extent TMD performance is improved, when a 

passive scheme is replaced by a semi-active one. Obviously, the results are de-

pendent on the selected semi-active scheme. However, an indicative example can 

be given by comparing the optimal passive TMD and DBG based semi-active 

TMD with similar mass ratios. One of the most informative means for compari-

son is a FRM plot. 

Fig. 20 shows the FRM plot obtained from simulation results for optimal pas-

sive TMD and DBG based semi-active TMD. Both of the TMDs have mass ratio 

μ = 3%. From Fig. 20, it is evident that by applying semi-active control on pas-

sive TMD, a significant improvement in performance can be attained. Both the 

FRM peak value and the value at valley are notably improved.  

Fig. 20. Comparison of the FRM curves of optimal passive TMD and ideal groundhook 

controlled SATMD. 
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2.6 Discussion on mass damping theory and applications 

The idea of mass damping is simple and it prepares the way for effective and 

feasible vibration attenuation applications. Fully passive TMDs have been ex-

ploited in a wide variety of applications and their pros and cons are well-known. 

The main drawbacks are related to wear, parameter creep and the trade-off be-

tween TMD internal damping and the level of arising resonances. The adaptive-

passive scheme provides improvement to the overall performance, but the adapta-

tion time may be length and the mechanical structure tends to become complex. 

The semi-active scheme has proved to be viable and the vibration attenuation 

performance has proved to be excellent. However, the presented practical realisa-

tions of SATMDs are mainly targeted to vibration frequencies under 10 Hz or so. 

One limiting aspect is the dynamics of a semi-active device. The bandwidth of the 

semi-active device is of great importance when seeking higher SATMD operating 

frequency. MR-fluid dampers are typically considered as suitable devices for 

semi-active control and they also are applied to SATMD devices (Koo 2003). 

However, the dynamics of the semi-active devices have not been studied in depth 

in the context of SATMD.  

A typical TMD system is rather similar to a conventional passenger car sus-

pension. The lumped mass model of a quarter-car suspension and TMD are simi-

lar, thus it is logical that the control methods applied to vehicle suspensions can 

also serve as starting point for development of SATMD control methods. The 

control principles like groundhook and clipped optimal control are applied in both 

vehicles and SAMTDs. The studies regarding SATMD have shown the attainable 

performance is excellent and, for example, the displacement-based groundhook 

control is feasible, even though the control algorithm is simple.  
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3 Practical SATMD with controllable dry-
friction damper 

In this chapter, a practical SATMD scheme with a controllable dry-friction 

damper (CDFD) is introduced. The basic structure of the system is defined and a 

comprehensive simulation model is derived. The most important equations are 

also presented.  

The structure of the SATMD is illustrated schematically in Fig. 21. A control-

lable dry-friction damper is added between primary and tuned masses and the 

viscous damper is treated as a passive device. The passive damping arises from 

structural sources like springs and bearings. However, to prepare the way for 

effectively acting semi-active system, the passive damping should be minimised. 

This matter is discussed in more detail in subsequent sections. 

The controllable damper is treated as a realisable device, thus having finite 

force generation capability, limited bandwidth and spring-like characteristics. All 

of these features are captured by a versatile friction model which is a slightly 

modified version of the model presented by Olsson (1996). 

Fig. 21. The proposed SATMD with dry-friction damping. 

There are two main reasons why a dry-friction damper is used instead of the more 

common fluid damper. First, the friction damper provides a possibility to produce 

an arbitrary damping force, i.e. the damping force is not tied to sliding velocity as 

is the case with the fluid damper. Secondly, it possible to design the dry-friction 

damper such that its bandwidth is significantly large. The wide bandwidth is 

achieved with an application of a high-speed piezoelectric actuator.  
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The structure of the control system is illustrated schematically in Fig. 22. The 

system is composed of 1) sensors, 2) signal conditioning, 3) central processing 

unit (CPU) with control algorithms and 4) actuator with amplifier unit. 

 

Fig. 22. A schematic representation of a semi-active control. 

In addition to the adjustable damper, the control algorithm is an essential part of 

the semi-active system. However, the control algorithm is not yet defined. The 

potential control algorithms are discussed in detail in the following chapters.  

3.1 Simulation model for SATMD 

The structure of a typical SATMD system is nonlinear to the extent that the analy-

ses are carried out by means of numerical models. The aggregate model is divided 

into sub-models including friction and algorithm models. 

The simulation platform used in this thesis is Matlab/Simulink®. Simulink is 

a graphical software package that enables one to model, simulate and analyse 

dynamic systems in a convenient way. The modelling process involves creating a 

block diagram to describe mathematical relationships. When relationships are 

defined, the system outputs are calculated during a time-stepped simulation run.  

The model to be used is divided into three main sections: 1) the passive TMD 

system model, 2) the semi-active portion model and 3) the system excitation 

model. The control system delays are not modelled as they are considered negli-

gible compared to other dynamics. 
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3.1.1 Passive section and excitation 

The passive section of the simulation model models a passive, force-excited, 

2-DOF TMD system. The dynamic equations are represented in state-space form. 

The basis for the state-space notation is the dynamic model of the system gov-

erned by matrix equation 3 that is for a purely passive system with no control 

elements. In this thesis, the semi-active operation is added to the passive model 

by state-space representation as it is very illustrative. The system matrix A is 

similar to both passive and semi-active systems. The semi-active force is embed-

ded in the B matrix, while the excitation has its own E matrix. This approach is 

somewhat dissimilar to the conventional approach where the effect of all external 

forces are embedded in the B matrix. The state-space notation for the SATMD 

system is as follows: 

 
,

sa exu f= + +
=

x Ax B E

y Cx


 (34) 

where 
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The Simulink block diagram for the state-space model is illustrated in Fig. 23. As 

can be seen, a set of dynamic equations is transformed into a compact and illus-

trative form. There is also a clean interface for the semi-active force contribution. 

If the system is to be simulated as a passive one, the B vector is set to zero vector, 

or the semi-active force scalar value is multiplied by zero. As a result, the same 

model structure serves as a frame for passive and semi-active systems. In fact, an 

active system could also be fitted into the same format. 

Fig. 23. State-space model as block diagram for the mechanical system. 

The system excitation is composed of a product of chirp and saturated ramp sig-

nals. The purpose of the ramp is to make the system start-up smoother. Fig. 24a 

shows the excitation block diagram and Fig. 24b shows a sample of the excitation 

signal waveform in the time domain. The chirp start and stop frequencies, as well 

as total time, are defined as parameters prior to the simulation run. The values of 

various parameters are defined later on. 

Fig. 24. a) Excitation generation and b) time domain example of the generated signal. 
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3.1.2 Semi-active section 

The semi-active section of the model accommodates the dynamic behaviour of 

the semi-active damper and its control algorithm. The TMD system state vector 

serves as an input for the sub-model and the output carries the scalar value of the 

calculated semi-active force, i.e. representing the usa term in equation 34.  

The value of the usa is a result of a formula containing the algorithm descrip-

tion and appropriate scaling and adjusting factors as well as a description of the 

controllable damping device. Let us next define the formula for the semi-active 

force usa contribution. Strictly speaking, the formula is defined for required force. 

This requirement is used as an input for the damper model and the damper is con-

trolled so that it tries to fulfil the force requirement. 

The algorithms covered in this thesis can take an advantage of state-space 

representation. When considering equations 20, 32 and 34 it can be deduced that 

the algorithms can be represented as follows: 

 ( ) ( ) ( )( )max
algsgn 1

2sa

u
u t t t = − + λ x Lx , (36) 

where λalg denotes an algorithm specific vector and L denotes a vector capturing 

the location and force generation characteristics of the damper. When the system 

states are defined as in equation 35, the vector λalg is as follows for various algo-

rithms: 

[ ]
[ ]

( )

1 0 0 0 ,

0 1 0 0 ,

,
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T
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=
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=
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λ
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The vector L is not dependent on the algorithm, but on the location and character-

istics of the controllable device. For a dry-friction a damper located between aux-

iliary and primary masses L is written as follows:  

[ ]0 1 0 1= −L . 

Substituting the appropriate values in equation 36, equations 20 and 32 are ob-

tained. Equation 36 is more general and it serves as a useful interface for block 

diagram modelling. When dealing with practical controllers, a more compact 

form of the selected algorithm is preferred.  
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As the required semi-active control force is calculated, it is fed to the damper 

model where it is scaled to damper control force and finally to the force acting 

between damper mounting points. The model of the damper’s dynamic behaviour 

is described in detail in the following chapter. The damper is controlled in open 

loop manner, so there is no need for a force feedback path.  

Fig. 25 shows the combination of algorithm and damper sub-models. The in-

put is a state vector and output is a scalar. In addition to semi-active control, the 

model structure also allows a passive system modelling. If a fully passive struc-

ture is required, the algorithm selection variable is set to an appropriate value and 

the damper control force is fixed to the desired constant value. Such a condition 

corresponds to a TMD scheme with a dry-friction damper and constant control 

force. The dynamic behaviour of such a system is highly nonlinear and clearly 

less practical than a TMD with passive viscous damping. 

Fig. 25.  Block diagram of algorithm selection and damper model.  
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Dry-friction damper model 

A typical dry-friction damper is a device consisting of a frame, sliding part, actua-

tor and friction pad(s) (see Fig. 26). The friction pads are squeezed between the 

frame and sliding part by means of an actuator and possibly a type of mechanism. 

The friction pads typically are made of specific friction material which is wear- 

resistant and has appropriate friction properties. A practical construction may vary, 

but the basic principle still holds. In industry, there exists a vast number of appli-

cations utilising the dry-friction damping or braking principle. The majority of 

those applications are passive or passively adjustable, but designs exploiting 

automatic adjustment also exist. Probably the most familiar example of electroni-

cally controlled dry-friction brakes is the anti-lock brake system (ABS) used in 

modern passenger cars, busses and trucks. Guglielmino et al.(2004, 2008) have 

applied the dry-friction damper concept for automotive suspension, but commer-

cial applications are not yet available. Friction dampers have also been utilised in 

the field of civil engineering. Applications are typically associated with seismic 

protection of large buildings (Nishitani 2000, Chen & Chen 2004, Ng & Xu 2007). 

Fig. 26. Schematic representation of a simple dry-friction device. 

The mechanical structure of a typical dry-friction damper may be moderately 

simple, but the dynamic behaviour of the damper is somewhat complicated and 

difficult to model analytically. This is due to the complex behaviour of the friction 

interface. A great deal of research effort has been directed to friction modelling. 

The accuracy of different models depends greatly on the system under considera-

tion. The simplest models may work sufficiently well in certain systems but, for 

example, SATMD applications are fairly demanding for the friction model, as the 
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motion amplitude is small and requirements for the force generation are strict. 

Also, the effect of the friction behaviour on the SATMD’s performance is consid-

erable.  

The classical model of Coulomb friction describes the friction as a static 

function of sliding velocity (see Fig. 27a). The problem is that there is a point of 

discontinuity at the zero sliding velocity. Furthermore, the Coulomb friction 

model lacks some commonly known features like dynamic velocity dependency, 

friction interface flexibility and the Stribeck effect. A more advanced friction 

model takes account the aforementioned effects excluding the flexibility. The 

dynamic friction is seen as a more complex function of sliding velocity (see Fig. 

27b). However, there is still the discontinuity at the zero velocity, i.e., the friction 

value is not defined when the sliding velocity is zero. This may cause serious 

problems when modelling systems with reciprocating motion. 

Fig. 27. Simple friction models. 

It has been observed that systems with a considerable amount of frictional forces 

typically have flexibility between the friction source and the reaction part (Inaudi 

1997, Armstrong-Hélouvry 1994). Such a flexible element may be a brace or 

other mechanical coupling element. In fact, the flexibility also arises from the 

properties of the friction interface itself. 

Olsson (1996) has discussed a friction model which captures most of the fric-

tion behaviour that has been observed experimentally. These include the Stribeck 

effect, hysteresis, spring-like characteristics for stiction, and varying break-away 

force. In this model, the friction interface between two surfaces is thought of a 
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Sliding velocity

Friction 
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contact between bristles. Fig. 28 illustrates the bristle scheme. The bristles are 

used to describe the surface irregularities at the microscopic level. When a tan-

gential force is applied, the bristles deflect like springs and give rise to the result-

ing friction force. If the force is sufficiently large, some of the bristles deflect so 

much that they slip off each other. New contacts are then formed and the sliding 

process between surfaces goes on. The contact phenomenon is highly random due 

to the irregular forms of the surfaces. The macro-scale behaviour can be seen as a 

sum of the average behaviour of all the bristles. (Olsson 1996) 

Fig. 28. Friction interface bristle model. (Olsson 1996). 

The Olsson’s model considers a single bristle representing the average deflection 

of all the bristles. The single deflection is denoted by z and modelled by: 

 
( )

v
z v z

g v
= − . (37) 

In the steady state the deflection z approaches the value: 

 ( )sgn( )ssz g v v= , (38) 

where g(v) is the steady-state friction and it is defined as follows: 

 ( ) ( )( )2
/

0

1
( ) sv v

C S Cg v F F F e
σ

−= + − , (39) 

where FC and FS represent Coulomb and static friction force, respectively. sv is 

called Stribeck velocity.  

As the friction force is generated by the deflection of the springs, the friction 

force is of the form: 

 0frF zσ= , (40) 
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where σ0 is stiffness of the bristle. The bristle is also assumed to contain some 

damping. The addition of damping yields: 

 0 1frF z zσ σ= +  . (41) 

The effect of the viscosity of the lubricant between friction surfaces can be taken 

into account by adding a third term, which depends on the sliding velocity: 

 0 1 ( )frF z z f vσ σ= + + . (42) 

A common case is that f is linear in velocity, in which case: 

 ( ) vf v F v= . (43) 

In conclusion, the entire friction model can be represented by the following set of 

equations: 
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0 1
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1
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−


= −


 = + −

 = + +







. (44) 

As a result, the simple dry-friction damper model represented in Fig. 26 extends 

to the model shown in Fig. 29. The infinitely stiff link between the frame and 

friction pad is replaced by a link composed of a spring and a damper. This kind of 

model has been found superior to more simple models, especially when dealing 

with small-amplitude motion (Dupont et al. 1997). 

Fig. 29. Schematic representation of a dry-friction damper with advanced friction 

model. 
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To fit the advanced friction model to the adjustable dry-friction damper model, 

the normal force has to be made adjustable. The static and dynamic friction forces 

are represented as constants in equation 44. However, when dealing with an ad-

justable damper, the static and dynamic friction forces are dependent on the nor-

mal force acting on the friction pad. To take this behaviour into account, g(v) is 

modified as follows: 

 ( ) ( )( )2
/

0

1
( , ) ( ) ( ) ( ) sv v

adj C adj S adj C adjg v N F N F N F N e
σ

−= + − , (45) 

where 

 
( )

( ) ( ) .

S adj adj

C adj S S adj S adj

F N N

F N f F N f N

μ
μ

=

= =
 (46) 

The dynamic friction FC is defined to be linearly dependent on the static friction, 

which is, for its part, linearly dependent on the adjustable normal force.  

Equations 44 and 45 serve as the basis for the friction section of the SATMD 

simulation model. In order to model the dynamics of the piezo-actuator, the ad-

justable force is fed to the friction model through a second order filter shown in 

Fig. 30 as a transfer function block. The purpose of the filter is to reflect the dy-

namic behaviour of the actuator producing the normal force. The transfer function 

of the filter is similar to a common under-damped mass-spring-damper system. 

Strictly speaking, the transfer function for the actual CDFD is more complex as 

the aggregate system consists of a piezo-amplifier and nonlinear mechanics. Nev-

ertheless, the second order model is adequate for the simulations as it provides 

qualitatively suitable step response behaviour and its parameters are easy to man-

age. 

Fig. 30. Second order filter with fixed damping ratio and selectable cut-off frequency. 

The friction model involves parameters which are not straightforward to measure. 

Probably the most difficult one is the friction interface damping term σ1. However, 

its effect is not dominant, but its function is to neutralise the deflection oscilla-
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tions, hence the value of σ1 can be approximated by inspecting the deflection 

behaviour during simulations. The terms associated with viscous friction are not 

significant when dealing with SATMDs as the sliding velocity typically is rather 

low for the detailed block diagram representation of the friction damper model. 

3.1.3 Topmost level 

Now that all sub-models are introduced, the interaction between various sub-

models is defined. The topmost level of the simulation model combines all the 

sub-models for well-defined and easy-to-use unit. The interaction between vari-

ous sub-models is illustrated in Fig. 31.  

Fig. 31. The topmost level of the simulation model. 
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4 Simulation model studies 

This chapter focuses on the dynamic behaviour of the introduced practical 

SATMD. An objective is to find out how the performance of the practical SATMD 

varies from that of ideal SATMD and how the different parameters affect the 

FRM plot. The simulation model introduced in Chapter 3 will be used as a tool 

for performance evaluation. Four reference models are defined to serve as the 

baseline for performance comparison. The reference models include optimal pas-

sive TMD and ideal SATMD with DBG control. Two practical SATMD reference 

models are also defined. However, the first step in this section is to define per-

formance indices for reasonable performance evaluation. 

4.1 Indices for performance evaluation 

In order to make the performance evaluation reasonable, some indices are needed. 

In this thesis, a basis for the performance evaluation lies in the FRM function 

defined by equation 13. By definition, frequency response function is a complex 

function describing the primary system displacement response to periodic force 

excitation. FRM can be defined analytically for linear TMDs, but when dealing 

with nonlinear SATMDs, it typically is far easier to determine FRM numerically.  

The primary system’s vibration response is dependent on the excitation and 

frequency response characteristics. If the excitation is assumed to be of the white 

noise type, important measures are the peak value of the FRM and the area be-

tween the FRM curve and frequency axis in a certain frequency band. However, 

white noise is not a good approximation of practical excitations, at least when 

dealing with rotating machines. In rotating machines, there typically are multiple 

harmonic excitations, and usually only one of those is to be tackled with SATMD. 

There also exists a condition where the excitations travel on the frequency plane 

for example during machine start-up or shutdown. On both occasions, the area 

and peak value of the FRM plot are usable measures when evaluating the vibra-

tion attenuation performance. Let us next define the performance indices to be 

used in this thesis.  

The first index to be used is the extreme value of the FRM function: 

 1 sup  ( )I H jω= . (47) 

The system under consideration is of the two-degrees-of-freedom type, thus there 

are one or two peaks in the FRM function, depending on the amount of damping. 
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The number of peaks is dependent on the damping ratio of the auxiliary system. 

When dealing with properly designed TMD systems, two peaks always exist. The 

value of the peaks may vary, but it is possible to tune the TMD so that the peaks 

are equal in value. This condition is optimal in the sense of peak value, but it is 

not necessary optimal for the area under the FRM curve. 

The second index to be used is the area between the FRM curve and fre-

quency axis: 

 2 ( )
U

L

I H j d
ω

ω

ω ω=  . (48) 

The definite integral is bounded to cover the frequency band of interest. In this 

thesis, the lower bound is selected to be 0.5r and the upper bound is 1.5r. Differ-

ences between the frequency response magnitude plots are negligible outside the 

selected region. Fig. 32 visualises the definition of the performance indices. Their 

values are calculated from simulation results through Matlab.  

Fig. 32. Definition of performance indices. 
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4.2 Reference models 

Four reference models are defined to form a basis for performance evaluation and 

comparison. The reason for the use of reference models is to clarify the perform-

ance differences between different TMD systems. The reference models include 

both ideal and realistic systems. 

The first reference model is for an optimally tuned and viscously damped 

passive TMD which can be defined purely analytically. The second reference 

model is for an ideal SATMD with DBG control. As the structure is ideal, the 

actuator has no delays and its stiffness is infinite. However, the damping force 

generation capability is not infinite, but it is limited so that the maximum possible 

damping ratio is 2. Thus, reasonable simulation behaviour is guaranteed and the 

damping force stays within reasonable limits. The last two reference models are 

for realistic dry-friction damped SATMD. Both of the models have similar actua-

tors but the control algorithms are different. The third reference model is DBG- 

controlled, while the fourth is VBG-controlled. For the sake of clarity, all the 

reference models have their own abbreviations which are defined in Table 1. All 

the reference TMDs are connected to a similar primary system defined later in 

this chapter. 

Table 1. Abbreviation list of reference models. 

Abbreviation Description 

REF-OP Optimal passive TMD 

REF-ISA SATMD with DBG control and ideal viscous damper 

REF-DBG SATMD with realistic CDFD and DBG control 

REF-VBG SATMD with realistic CDFD and VBG control 

The definition of the first reference model, REF-OP, is straightforward. Three 

parameters are needed to specify an optimal passive TMD, namely mass ratio, 

damping ratio and tuning ratio. The selection order is similar to the aforemen-

tioned list. As the mass ratio is selected, the other parameters can be calculated 

analytically. As the intent is to deal with physically realisable systems, all the 

parameters are selected to agree with a reasonable physical system. The scale of 

the system is selected to correspond with a general industrial rotating machine 

whose properties are listed in Table 2.  
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Table 2. Primary system and excitation properties. 

Parameter Value 

Effective Mass 950 kg 

Natural Frequency 23 Hz 

Damping Ratio 1% 

Excitation frequency 11–35 Hz 

Excitation magnitude 320 N (peak-to-peak)  

Parameters for REF-OP are listed in Table 3. The only selectable parameter is 

mass ratio. It is chosen to be 3%, which is rather small and leads to a compact 

mechanical structure. Natural (tuning) frequency and damping ratio are calculated 

according to equations 17 and 18, respectively.  

Table 3. REF-OP parameters. 

Parameter Value 

Mass Ratio 3%  

Natural Frequency 22.3 Hz  

Damping Ratio 10% 

Parameters for REF-ISA are listed in Table 4. The only common parameter for 

REF-OP and REF-ISA is the mass ratio. All the other parameters are defined dif-

ferently as the semi-active system is more complex. A controllable damper is 

treated as an ideal adjustable viscous fluid damper. The term ‘ideal’ emphasises 

that the damping force is only dependent on the velocity of the damping element 

and the control command. There is no memory or stiffness-like behaviour in-

volved. As a result, the force rise time is infinitely small and the maximum force 

is available regardless of the damper’s displacement amplitude. These are very 

important characteristics as can be seen later on. 

Table 4. REF-ISA parameters. 

Parameter Value 

Mass ratio 3%  

Natural frequency 21.7 Hz  

Off-state damping ratio 0 

On-state damping ratio 2 

Damper bandwidth infinite 

Damper type ideal controllable viscous fluid damper 

Control algorithm DBG 
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The last two reference models involve a more realistic semi-active damper. In-

stead of an ideal fluid damper, a CDFD is used. The utilisation of the CDFD re-

quires friction interface related parameters which are listed in Table 5. In addition 

to the CDFD, a passive viscous damper is acting between primary and auxiliary 

masses. Its damping ratio is selected to be 1%, which encapsulates the uncontrol-

lable damping effects like bearing friction. Also, there is a constant residual dry-

friction term, which reflects the behaviour of the realistic friction damper. A re-

sidual friction force tends to exist although the control command is zero. The 

magnitude of the residual force is correlated to the value of maximum force, so 

the minimum friction force is defined as a relative value. Also, an important pa-

rameter for semi-active systems is the actuator’s bandwidth. In this thesis, the 

reference bandwidth is defined to be five times greater than the controlled vibra-

tion frequency. Hence, reasonable control is possible as the actuator is fast enough. 

It should be noted that the actuator’s bandwidth does not have a unique threshold 

value. Obviously, the actuator’s bandwidth has to be wider than that of the con-

trolled system. The effect of the actuator bandwidth on the vibration attenuation 

performance is examined later on this thesis. 

Table 5. REF-DBG and REF-VBG parameters. 

Parameter Value 

Mass ratio 3% 

Passive damping ratio 1% 

Maximum friction force 130 N 

Minimum friction force 5% of maximum friction force (6.5 N) 

Friction interface stiffness σ0 same as the stiffness of the auxiliary system springs (0.6 MN/m) 

Friction interface damping σ1 155 Ns/m (yields 10% damping ratio) 

Transition velocity 0.01 m/s 

Actuator bandwidth 5 times the natural frequency of the primary system (115 Hz) 

Control algorithm DBG, VBG 

Tuning ratio β 0.95 (DBG), 0.92 (VBG) 

4.3 Performance comparisons 

As the parameters for the various SATMD models are selected, simulations can 

be conducted. The earlier defined performance indices and FRM plot are used as 

tools for comparison. It should be noted that the performance of any TMD system 

is dependent on the tuning frequency. In Fig. 33, the TMDs are tuned to yield the 

lowest possible I1 value. The results are shown numerically in Table 6. 
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Fig. 33. Reference model performance comparison. FRMs are tuned for I1 value. 

Table 6. Performance index values for reference models. 

Model I1 I2 

REF-OP 7.15 3.20 

REF-ISA 3.36 1.92 

REF-DBG 6.23 2.72 

REF-VBG 8.24 2.35 

Fig. 33 shows that the configurations produce rather dissimilar FRM curves. It 

can be concluded that none of the configurations dominates all over the frequency 

band of interest, although REF-ISA is clearly best in terms of performance indices. 

The REF-ISA performs well almost everywhere in the frequency band of interest, 

but REF-VBG beats it when the normalised frequency is greater than about 1.1.  

An important observation is that by replacing an ideal viscous fluid damper 

by a practical CDFD, the performance of SATMD deteriorates notably. Especially 

the peaks in FRM plot rise substantially. Nevertheless, REF-VBG seems to pro-

vide good performance at higher frequencies. The right-hand peak in the FRM 
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plot virtually disappears. This indicates that there are possibilities to attain a good 

performance even if the actuator is not ideal. It is vital to gain an insight into what 

properties in a practical actuator make the performance deteriorate. The forthcom-

ing chapters focus on the effect of the most important parameters. An objective is 

to get means to minimise the performance deterioration due to practical limita-

tions. 

4.4 Parametric studies 

The primary purpose of the parametric studies is to gain knowledge of the behav-

iour of the practical SATMD. The possible problems and development targets are 

sought to get the most out of a practical SATMD system.  

A practical SATMD with a CDFD involves a considerably larger set of pa-

rameters than an idealised conventional TMD. The parameters are mainly associ-

ated with the controllable damper. In particular, the friction interface behaviour is 

of great importance. When idealising practical systems, the typically omitted 

aspect is the complicated features of the friction interface. However, in this thesis 

the friction behaviour is discussed in greater detail. Also, the effect of the band-

width of the controllable damper is discussed. The oncoming discussion concerns 

the effect of the most important SATMD parameters. The parameters studied are: 

– maximum friction force 

– minimum relative friction force 

– stiffness of the friction interface 

– bandwidth of the controllable damper 

One parameter is varied at a time while the others are kept at their reference val-

ues. The effect of the mass ratio is not studied as the effect of changing the mass 

ratio is rather similar regardless of the system type. Higher mass ratio will always 

widen the usable bandwidth (see Fig. 6), but as mentioned earlier, the increasing 

mass is an undesirable feature.  

4.4.1 Effect of maximum friction force 

One of the most important parameters regarding the controllable damper is the 

level of the maximum frictional force the damper can generate. An optimal con-

trollable damper would produce any force between zero and infinity when re-

quired with no delay, thus having an infinite bandwidth. When considering, for 
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example, the DBG algorithm, it is obvious that the aforementioned requirements 

apply. However, all the practical dampers have limited maximum force and also 

the minimum force is greater than zero. The force rise time is also finite, so the 

force requirement cannot be conformed or it is conformed with a time delay. 

Table 5 defines the reference value for the maximum friction force. This defi-

nition is used as a basis for the first parametric study. The value of the maximum 

friction force is varied below and above the reference value. Fig. 34 and Table 7 

show results for cases where the relative maximum friction force request is varied 

from 0.25 times the nominal value to 4 times the nominal value. It can be seen 

that the performance improves with increasing friction force request. However, 

the improvement rate decreases rapidly as a certain level is reached. This is due to 

the fact that a damper with finite stiffness cannot necessary produce the required 

frictional force. It is not beneficial to increase the request as the actual response 

does not change significantly.  

Fig. 34. Effect of maximum friction force. 
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Table 7. Values of performance indices with various maximum friction values. 

Maximum friction 

Relative to reference value Absolute value [N] 

I1  I2 

−75% 33.8 10.62 3.01 

−50% 67.5 7.71 2.83 

−0% 135 6.35 2.71 

+100% 270 6.26 2.66 

+300% 540 6.18 2.64 

4.4.2 Effect of minimum relative friction force 

From equation 21, it can be deduced that an ideal value for the minimum friction 

force is zero. Strictly speaking, even better performance is attainable if the damp-

ing force could have negative values, i.e., it could introduce energy into the struc-

ture instead of consuming it. That kind of system would be of the fully active type. 

Nevertheless, when dealing with semi-active systems, the lower limit for damping 

force is zero. A practical limit has a value greater that zero. This is due to uncon-

trollable residual friction arising from bearings. The residual friction causes the 

actual damping force to differ from the damping force required by the control 

algorithm.  

The study of effect of the minimum relative friction force reflects a condition 

where the residual friction value varies, while the maximum friction remains 

unaltered. It is rather obvious that the performance should degrade with increas-

ing minimum relative friction force as the effective control band narrows. 

Fig. 35 shows a case where the minimum friction force varies from 1% to 

20% of the maximum friction force. A small value of minimum friction gives a 

very deep valley between resonant peaks. This behaviour is quite obvious as an 

ideal passive TMD without damping gives the best possible attenuation at a tuned 

frequency. As the damping ratio grows, the maximum attenuation capability de-

grades. A similar trend also applies to the SATMD. 

As the minimum relative friction force grows, the performance of the 

SATMD degrades drastically. The benefits of the SATMD are lost almost totally 

when the value grows enough. The auxiliary mass couples strongly with the pri-

mary structure and the 2-DOF system behaves much like the primary system 

without a TMD, i.e., 1-DOF system. Therefore, it is extremely important to strive 

for a controllable damper with low residual friction. The performance of REF-

DBG continuously improves when the minimum friction force tends to zero. 
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Fig. 35. Effect of minimum relative friction force.  

Table 8. Values of performance indices with various minimum relative friction values. 

Minimum friction 

Relative to maximum friction Absolute value [N] 

I1  I2 

1% 1.4  6.61 2.59 

2.5% 3.4 6.43 2.65 

5% 6.8 6.42 2.73 

10% 13.5 7.16 2.85 

20% 27.0 9.55 2.86 

4.4.3 Effect of friction interface stiffness 

The stiffness of the friction interface has a significant effect on the friction devel-

opment. The stiffer the interface, the more rapidly the friction force is developed 

during the relative motion between parts. When stiffness is small compared to the 

stiffness of the primary spring elements of a SATMD, the developed friction force 

is insignificant and the spring force dominates. This feature effectively ruins the 

performance of a friction-damped SATMD as it makes the control unable to react. 

Similar behaviour is common to fluid dampers (Yang 2001). 
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This parameter study is very important and it gives an impression of how the 

performance of a SATMD is affected by the stiffness behaviour of the controlla-

ble damping element.  

Fig. 36 shows clearly how the stiffness affects the SATMD’s performance. A 

very low stiffness makes the SATMD more or less inoperative. A CDFD with low 

friction interface stiffness has a very limited capability to produce the required 

control force. However, when the stiffness rises, the actuator’s capability to pro-

duce control force improves significantly, thus leading to better vibration attenua-

tion performance. Both of the peaks in the FRM plot decrease while the level of 

the valley stays virtually constant. 

Fig. 36. Effect of friction interface stiffness. The values are relative to the reference 

stiffness defined in Table 5.  
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Table 9. Values of performance indices with various friction interface stiffness values. 

Friction interface stiffness 

Relative to reference value Absolute value [N/m] 

I1  I2 

−75% 150 000 9.53 3.05 

−50% 300 000 7.71 2.88 

−0% 600 000 6.33 2.71 

+100% 1 200 000 5.57 2.57 

+300% 2 400 000 5.03 2.48 

4.4.4 Effect of damper bandwidth 

The characteristics of the groundhook control signal for a semi-active actuator 

can be studied on the basis of equation 20. The equation can be modified to repre-

sent the control signal for a semi-active actuator. The modified form is as follows: 

 ( ){ } max0.5 sgn 1VBG au x x x u= ⋅ − + ⋅     . (49) 

The control signal is a discontinuous function. The possible values for control are 

0, umax/2 and umax. The switching between them is governed by the sign function. 

Let us consider the components of equation 49 more closely. In examination, the 

following identities are used: 

Sum of sines: 

 ( ) ( ) ( )sin sin sina x b x c xα β+ + = + , (50) 

where 

( )2 2 2 cosc a b ab α= + +  

and 

 
( )

( )
1 sin

tan
cos

b

a b

α
β

α
−  

=   + 
. (51) 

Product of sines: 

 ( ) ( ) ( ) ( )sin sin cos cos 2
2 2

ab ab
a x b x xα α α⋅ + = − + . (52) 

The first component under examination is the velocity of the damper. Which, in 

turn, is the difference between primary and auxiliary mass velocities. Generally, 
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when dealing with harmonic motion, the velocities are sinusoids with equal fre-

quency, but different phase and amplitude. When they are subtracted from each 

other, the resulting sinusoid has unaltered frequency, but different phase and am-

plitude (see Fig. 37a and equation 50). The next step is to multiply this sinusoid 

by the velocity signal that also is sinusoid. A multiplication of two sinusoids with 

equal frequency leads to a sinusoid with twice the original frequency and an off-

set (see Fig. 37b and equation 52). The last step is to apply the sign function to 

the multiplied signal. The sign function ignores the signal magnitude and the 

resulting pulse train is shown in Fig. 37c. It should be noted that the signals 

shown in Fig. 37 are a “snapshot” from an arbitrary operating condition. The duty 

cycle of the resulting pulse train depends on the sinusoid that forms the combined 

signal. However, the important conclusion is that the control signal for the actua-

tor is a pulse train with varying duty cycle.  

Fig. 37. Qualitative representation of the signals constituting the actuator control 

signal. (a) Two sinusoids with equal frequency and their difference, (b) Two sinusoids 

with equal frequency and their product, (c) Sinusoid and the output of sign function 

which argument is the sinusoid. 

The duty cycle of the control pulses can vary from 0 to 100% depending on the 

phase difference of the signals that form the combined signal (see Equation 52).  

Now that the characteristics of the ideal control signal are known, the actual 

damper response can be studied. Due to the limited bandwidth, the actual force 

response is somewhat different to the request. The limited bandwidth of a control-
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lable damper affects the damper’s force-tracking characteristics as shown sche-

matically in Fig. 38. The force request set by the control algorithm is represented 

as an ideal square wave function, while the actual response is treated as an output 

of a highly damped (ζ = 0.85) second order system (filter). An actual CDFD 

model is more complex, but the second order model is preferred as it’s easy to 

handle and its parameters have a clear significance. Also, its behaviour is qualita-

tively close enough to the observed behaviour of the CDFD. 

From Fig. 38 it can be seen that the response of an actuator is a delayed and 

distorted version of the request. A delay appears at both rising and falling edges of 

the request. If the duration of the request pulse is long enough, the peak value of 

response is the one required. With a very short request pulse, the response does 

not reach the requested value at all, thus leading to very poor force-tracking capa-

bility.  

It can be seen that the area common to the request and response decreases 

with decreasing bandwidth. Consequently, the produced control force acts in an 

incorrect phase. If the force request set by the control algorithm is optimal, the 

incorrect phase incurs performance deterioration. However, if the force request is 

not optimal, it is possible that the incorrect phase will not deteriorate the perform-

ance of the SATMD. In fact, the opposite behaviour is possible. Thus, it is inter-

esting to compare the performance between systems with different controllable 

actuator bandwidths. 

Fig. 38. A qualitative representation of two second order system responses to a step 

input.  

The effect of varying bandwidth to the SATMD’s FRM plot is shown in Fig. 39. 

The bandwidth is normalised with the bandwidth of the primary system. It can be 

perceived that a too narrow bandwidth makes the SATMD practically useless. The 
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damper cannot track the required force trajectory and the overall performance 

collapses. As the damper bandwidth increases, the SATMD’s performance im-

proves notably. However, the performance improvement rate decreases rapidly. 

When the normalised bandwidth is above five or so, the differences between per-

formance indices are insignificant. It should be noted that the wide actuator 

bandwidth makes actually the SATMD performance worse at higher frequencies. 

This characteristic indicates that the force requirement set by the DBG algorithm 

is not optimal.  

Fig. 39. Effect of actuator bandwidth.  
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Table 10. Values of performance indices with various actuator bandwidth values. 

Actuator bandwidth 

Relative to  

reference value 

Relative to primary 

structure’s natural frequency

Absolute 

value [Hz] 

I1  I2 

−75% 1.25 28.8 9.67 2.90 

−50% 2.5 57.5 7.71 2.90 

−0% 5 115 6.33 2.71 

+100% 10 230 6.95 2.67 

+300% 20 460 7.35 2.68 

4.4.5 Effect of SATMD’s passive viscous damping 

In Fig. 21 there is a passive viscous damper in parallel with the CDFD. This mod-

elling method emphasises the fact that the viscous component always exists. The 

passive viscous damping component cannot be controlled, so its significance must 

be studied.  

Fig. 40 shows simulation results. The results show that the passive damping 

is generally an unwanted feature, but it can also limit the peaks in the FRM plot. 

The greatest effect can be seen at the valley where the FRM value tends to rise 

with increasing passive damping. The I2 value rises monotonically, but I1 value 

has a minimum at about 1–2% damping. Nevertheless, the differences are rather 

small. 
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Fig. 40. Effect of passive viscous damping between SATMD and primary structure. 

Table 11. Values of performance indices with various passive damping values. 

Damping ratio ζa I1 I2 

0.25% 6.55 2.67 

0.5% 6.37 2.68 

1% 6.33 2.71 

2% 6.29 2.77 

4% 6.40 2.87 

4.4.6 Effect of off-tuning and primary system damping  

When considering a damping controlled SATMD, the only quantity to be actively 

varied is the damping between primary and auxiliary masses. The stiffness and 

mass values remain nominally constant. Also, the primary system parameters are 

uncontrollable. The selection of the SATMD stiffness and mass is based on the 

values of those uncontrollable parameters. Thus, a change in uncontrolled pa-

rameters has an influence on the performance of the SATMD. Varying mass or 

stiffness is problematic as it causes off-tuning. Varying damping has also its effect, 
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but on a smaller scale. The sections following study the effect of changes in un-

controllable parameters. Some of the parameters can be combined to form a sin-

gle variable. For example the primary system’s stiffness and mass determine the 

natural frequency of the primary system. Thus, it is convenient to consider the 

change in natural frequency rather than the change of a single parameter. The 

same principle applies to the SATMD system also. To get even more compact 

treatment, both systems’ natural frequencies can be combined into a single pa-

rameter, namely tuning ratio β. The effect of the primary system’s damping is 

treated separately. 

Fig. 41 shows variations in performance indices as the tuning ratio is varied 

around the reference value. The REF-DBG configuration is tuned to give the 

lowest possible I1 value, so it is obvious that the optimum lies at a point where 

tuning ratio variation is zero. It can be perceived that off-tuning incurs asymmetry 

in the FRM plot. Performance index I1 value is more sensitive to off-tuning than 

I2 value. It is also interesting to notice that the best I2 value is achieved when 

REF-DBG is off-tuned by -5%. A negative off-tuning happens when the 

SATMD’s natural frequency decreases for some reason. Also, if the primary sys-

tem’s natural frequency increases, the negative off-tuning appears. 
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Fig. 41. Effect of off-tuning (tuning ratio variation). 

Table 12. Values of performance indices with various off-tuning values. 

SATMD off-tuning 

Relative to reference value Absolute value [Hz] 

I1  I2 

−5% 21.0 8.08 2.78 

−2.5% 21.6 7.00 2.73 

0 22.2 6.33 2.71 

+2.5% 22.7 7.34 2.73 

+5% 23.3 8.54 2.78 

The reference value for the primary system’s damping ratio was selected to be 

1.5%. It is a fairly small value and it provides a structure with very few bolt con-

nections or other discontinuities which produce damping. However, a low pri-

mary system damping sets higher demands for a SATMD as the low primary sys-

tem damping attenuates vibration poorly. Such a characteristic can be observed 

from Fig. 42 which presents results from simulations where the primary system 

damping ratio is varied from 0.25% to 4%. The increasing damping ratio reduces 

0.5 0.6 0.7 0.8 0.9 1 1.1 1.2 1.3 1.4 1.5
0

2

4

6

8

10

12

Normalized frequency

N
or

m
al

iz
ed

 d
is

pl
ac

em
en

t

-10%
ref.value
+10%



 88 

the values of both performance indices. This trend is reasonable as the increasing 

primary system damping gradually contributes more and more to vibration at-

tenuation. Especially the right peak seems to benefit from high primary damping. 

Fig. 42. Effect of primary system damping. 

Table 13. Values of performance indices with various passive damping values. 

Damping ratio ζ I1 I2 
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the control has no means to produce sufficient damping force under small-

amplitude motion. Obviously, the DBG algorithm cannot tolerate a low stiffness 

damper and the performance deterioration is significant. There are at least two 

possible approaches to tackle the issue. Firstly, the stiffness of the friction inter-

face can be increased by using a different material or friction pad shape. However, 

these alternatives are not always feasible, and they may induce other problems 

such as poor durability. The second approach is more indirect. Instead of modify-

ing the friction interface, the motion amplitude of the CDFD can be increased by 

tuning the SATMD differently and controlling the damper according to a different 

algorithm. Such an approach is very fascinating as there is no need to modify the 

damper structure.  

In addition to the friction interface stiffness, the damper’s force generation 

capability has a significant effect on the SATMD’s performance. It is rather obvi-

ous that a limited force upper limit diminishes a semi-active system’s capability to 

act against vibration excitation. Also, if the difference between force upper and 

lower limit is small, the performance degrades. When narrowing the effective 

force modulation band enough, the control eventually becomes useless and the 

aggregate system behaves much like a 1-DOF system with moderate damping, 

hence exhibiting only a single peak in the FRM plot. 

The next parameter under discussion is the bandwidth of the semi-active ac-

tuator. The parametric studies showed that the effect of bandwidth is important, 

but only when it is close to the primary system’s natural frequency. When the 

bandwidth is about five times wider than that of primary system, the increase in 

actuator bandwidth does not have an appreciable significance. Thus, it can be 

concluded that the actuator’s bandwidth must be high enough, but the benefits 

gained from extremely high bandwidth are not significant. 

The effects of the rest of the parameters are fairly similar to that of the con-

ventional passive TMD. Off-tuning has a well-known effect on the FRM plot. The 

shape of the FRM plot tends to become somewhat asymmetric as the off-tuning 

occurs. Added damping between primary and auxiliary systems ruins the vibra-

tion attenuation performance between the peaks in the FRM plot. Primary system 

damping has greatest effect on the peaks. Especially the right peak is reduced 

when primary damping increases. Nevertheless, the need for TMD is greatly re-

duced when the primary damping increases.  

In conclusion, parametric studies showed that a practical SATMD with DBG 

control and the CDFD are sensitive to parameter variations. Some parameters like 

the friction interface stiffness are very significant to the total dynamic behaviour 
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and vibration attenuation performance. However, it is not always possible to vary 

these parameters freely. Thus, the next chapter discusses the possibilities to im-

prove the SATMD’s overall performance by modifying the control algorithm 

instead of modifying the actuator. 

4.5 Discussion on the simulation model studies 

The performance indices defined at the beginning of the chapter served as a basis 

for the performance comparison between various TMD schemes. The results 

showed that a SATMD with non-ideal dry-friction damper suffers from significant 

performance loss compared to one with ideal damper. Even so, the SATMD with 

non-ideal damper still outperforms an optimal passive TMD in terms of both 

performance indices. The parametric studies showed that the properties of the 

semi-active damper have a considerable effect on the dynamic behaviour and 

performance of the SATMD. In practice, the properties of the actuator cannot be 

varied freely, so other possibilities for performance improvement should be 

sought. As the damper is controlled solely by software, the control algorithm must 

be further considered. 
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5 Improved control algorithm for practical 
SATMD 

In this chapter an improved control algorithm for a practical SATMD is derived 

and its performance is evaluated. The conducted simulations showed that the 

displacement based groundhook control algorithm is feasible and with it, the 

SATMD provides better performance than an optimal passive TMD. Nevertheless, 

the algorithm seems to be sensitive to parameters variations and the performance 

is considerably worse compared to the ideal SATMD. In particular the right peak 

on the FRM plot tends to rise. 

When considering the FRM plots of DBG and VBG algorithms (Fig. 33), it is 

observed that both of the control methods have their strong regions. The DBG 

control performs clearly better at low frequencies, while the VBG control pro-

vides better performance at higher frequencies. Such behaviour suggests that 

DBG’s performance could be improved by combining it with the VBG algorithm 

in a suitable manner. 

5.1 Derivation of the improved algorithm 

The idea of the groundhook algorithm is to induce a force that acts against some 

quantity. For simplicity, this quantity is henceforth called a control’s characteristic 

signal. The DBG algorithm uses a displacement as that quantity while VBG uses 

velocity that is the first derivative of displacement. When dealing with harmonic 

motion, the waveforms of displacement and velocity are of a similar type. Both 

are sinusoids, but 90 degrees out of phase. Also, their magnitudes are generally 

different and the difference is dependent on the frequency. Nevertheless, the dif-

ference in magnitudes does not affect control as the sign function included in 

equation 36 is insensitive to the magnitude of its argument. As a result, DBG and 

VBG algorithms are of a similar type, but they differ 90 degrees in the phase of 

the characteristic signal. Fig. 43 clarifies the scheme. A normalised harmonic 

motion is represented as a more general vector rotating anti-clockwise in a com-

plex plane. The corresponding velocity and algorithm specific signals are repre-

sented also in a similar manner. 
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Fig. 43.  Complex displacement and velocity signals. The dashed lines indicate the 

control signals of different algorithms. 

An algorithm which combines DBG and VBG algorithms must have a character-

istic signal whose phase is somewhere between the displacement and velocity 

phases. Thus, instead of making the control to act against primary displacement or 

velocity, it should act towards both of them with a certain weighting. By using the 

same notation as in equation 36, we can write a displacement- and velocity-based 

groundhook (DaVBG) algorithm as follows: 

 ( ) ( ) ( )( )max sgn 1
2sa DaVBG

u
u t t t = − + λ x Lx , (53) 

where 

 [ ]0 0DaVBG D Vw w=λ . (54) 

The constant weighting coefficients wD and wV define how the displacement and 

velocity signals contribute to the combined signal. As the magnitude of the signal 

is eliminated by the sign function, the value of wv can be fixed to unity and the 

subscript can be omitted from the wD. Thus, hereafter, when using symbol w, we 

refer to displacement signal weighting coefficient. It should be noted that the 

velocity signal is inherently ω times larger in magnitude compared to the dis-

placement signal. So when w = ω, the signals are equal in magnitude and also 

their contribution to the combined signal is equal. By using the notation with one 

weighting coefficient, equation 54 takes the following form: 

x

x
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 [ ]1 0 0DaVBG w=λ . (55) 

Let us next determine the phase shift between the combined signal and the origi-

nal displacement signal. The sum of weighted displacement and raw velocity is 

essentially a sum of two sinusoids with equal frequency and a constant phase shift. 

The resulting signal is also a sinusoid, but with different magnitude and phase. 

The magnitude is of no interest, but the phase is important. The sum can be repre-

sented by using more general complex phasors: 

 ( ) ( )ϕωπωω ω ++ =+ tititi eBAewAe 0
2/ . (56) 

After some manipulation the following form is obtained: 

 11 iw
i B e φ

ω
+ = , (57) 

from which the phase angle φ can be solved: 

 ( ) 1tan
w

ωφ ω −  =  
 

. (58) 

If the desired phase angle at a certain frequency is known, the corresponding 

weighting coefficient value is calculated as follows: 

 ( )
tan

w
ωφ

φ
=   (59) 

If the angular frequency is replaced by frequency ratio r, equations 58 and 59 take 

the following form: 

 ( ) 1tan pr
r

w

ω
φ −  

=  
 

 (60) 

and 

 ( )
tan

pr
w r

ω
φ

= . (61) 

If a single representative phase angle value is desired, a convenient selection is 

the one obtained at r = 1. The value of the phase angle at r =1 is denoted by φr1. It 

is emphasised that the phase angle value is variable and it has the shape of an 

inverse tangent function in the frequency plane (see Equation 58). In this study, 
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unless otherwise mentioned, a single phase angle value refers to that obtained at 

r = 1. 

From equation 58 it can be perceived that the relative phase angle is depend-

ent on the angular frequency and it travels towards 90 degrees as the frequency 

increases. This is a highly desirable feature as the VBG algorithm, which corre-

sponds to a constant 90 degree phase shift, performs better at higher frequencies. 

On the other hand, DBG algorithm which corresponds to a constant 0 degree 

phase shift, is better at lower frequencies. The phase shift value at a certain fre-

quency can be modulated by varying the weighting coefficient w value. The next 

chapter discusses the optimal value of the phase angle at various frequencies. 

5.2 Phase angle effect on the FRM of SATMD 

In this chapter, the effect of varying phase angle is studied by means of simula-

tions. The objective is to get a surface describing the FRM as a function of fre-

quency and the phase of the control’s characteristic signal. When using the 

DaVBG algorithm defined earlier, the phase angle varies with frequency. Thus, a 

simulation batch is built up so that the value of the weighting coefficient w is 

dependent on the excitation frequency. The dependency is set so that the phase 

angle holds the desired constant value through the frequency band of interest. 

This kind of setup ensures that the desired plot is obtained. 

The system to be simulated is based on a REF-DBG configuration, but the al-

gorithm section is modified to match with the introduced DaVBG algorithm. All 

the parameter values agree with values listed in Table 5.  

Simulation results are shown in Fig. 44 as a filled contour plot. It is obvious 

that the best possible performance is attained with a variable phase angle instead 

of a constant one. When the normalised frequency is less than 0.9, the optimal 

phase angle is about zero, which corresponds to the DBG algorithm. When fre-

quency increases the value of the optimal phase angle increases rapidly. In Fig. 44, 

there is a dashed line showing an optimal phase angle shifting. That path yields 

the lowest possible FRM value when moving over the frequency band of interest. 

However, that kind of phase angle path cannot be produced by combining the 

displacement and velocity signals linearly. The phase shift is dependent on the 

frequency in the manner given by equation 58. Thus, the attainable phase shift 

curve has the form of an inverse tangent function. The characteristic shape of the 

function cannot be changed, but its location can be varied by means of the 

weighting coefficient w. 
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Fig. 44. Effect of control signal’s phase angle. 

5.3 Determination of weighting coefficient value 

Now that the optimal phase angle variation is known, a suitable value for the 

weighting coefficient has to be determined. The value should be selected so that 

the overall performance is maximised, i.e. the phase curve lies at a certain posi-

tion so that the peaks are avoided and the selected design criteria are optimised. It 

is rather clear that the optimal phase path cannot be tracked, but when considering 

Fig. 44, it can be perceived that even large variations from the optimal value do 

not have a drastic effect on the FRM value. This holds especially in the high fre-

quency range. 

The optimal weighting coefficient value is coupled with the SATMD’s tuning 

frequency, so the determination of optimal values requires optimisation. The op-

timal values can be found, for instance, by using Matlab’s fminsearch function. 

As a result of optimisation, the following values are obtained: β = 0.85 and w = 

115 (φr1 = 51.5°). Fig. 45 shows a contour plot for β = 0.85. Phase trajectories for 
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various weighting coefficient values are also shown. It can be seen that the high-

est peaks on the surface are avoided and the FRM value is continuously 4 or less 

when the value of φr1 is about 51.5° (w = 115). The figure clearly shows that the 

algorithm behaves more like DBG at lower frequencies and it tends to VBG when 

the frequency increases, thus combining the strengths from both algorithms. 

Fig. 45. Phase angle curves with various weighting values. 

Fig. 46 shows FRM plots for different weighting coefficient values. The effect of 

weighting is readily observable. A higher weighting value gives better perform-

ance at lower frequency band, while lower weighting value yields better perform-

ance at higher frequencies. An optimum value for the case under examination is 

115. It gives the best value both in I1 and I2. It should be emphasised that the 

weighting coefficient value is purely a programmatic feature thus being simple to 

change even when a SATMD is in use. In consequence, the optimal weighting 

coefficient value can be determined online if desired. 
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Fig. 46. Effect of weighting coefficient variation. 

5.4 Example of weighting coefficient online variation 

To clarify the effect of changing the weighting coefficient, a time domain simula-

tion example is given. A primary system equipped with a DaVBG controlled 

SATMD is excited by a harmonic force with a frequency of 25.1 Hz (normalised 

frequency 1.07). The frequency is selected so that the right peak in the FRM plot 

is excited. During the system operation, the weighting coefficient value is varied 

linearly from 400 to 0 during a one second period. Such a variation corresponds 

to the extreme weighting values in Fig. 46. Also, the weighting change corre-

sponds to a phase angle shift from 21.5° to 90°, i.e. from almost DBG to pure 

VBG. 

The results are shown in Fig. 47. During the first second the system starts up 

and the excitation level reaches its final level. During the next second the system 

runs in steady state and the normalised displacement is about 6. Thereafter, the 

weighting coefficient decreases from 400 to 0 in one second and the vibration 

0.5 0.6 0.7 0.8 0.9 1 1.1 1.2 1.3 1.4 1.5
0

2

4

6

8

10

12

Normalized frequency

N
or

m
al

iz
ed

 d
is

pl
ac

em
en

t

90° (VBG)
55°
25°



 98 

response level decreases smoothly from about 6 to about 3.5. As the weighting 

change is done, the response settles down and the system continues its operation 

in a steady state. 

Fig. 47. Example of weighting coefficient online variation. Excitation frequency is 25.1 

Hz. 

5.5 Evaluation of the performance of the DaVBG control 

To compare the performances of different control algorithms, the earlier defined 

performance indices are used. The objective of the simulations is to find the opti-

mal values for tunable parameters. The optimal values are dependent on the opti-

misation goal. The parameter set yielding the lowest I1 value is generally different 

from the set yielding the lowest I2 value. Thus, optimisations are conducted for 

both performance indices. 
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5.5.1 I1 value 

The first simulation set focuses on the FRM curve peak value, that is, the per-

formance index I1. When dealing with a DBG controlled SATMD, only one tun-

able parameter is involved, namely the tuning ratio β. A DaVBG -controlled 

SATMD involves two tunable parameters, namely tuning ratio β and weighting 

coefficient w. The optimal values for different parameters can be sought by means 

of Matlab and the fminsearch function. The objective is to find the parameter 

values that yield the lowest possible I1 value. 

Optimisation results are shown in Fig. 48 and the values of the various pa-

rameters after optimisation are found in Table 14. It can be observed that the 

DaVBG algorithm clearly outperforms the DBG algorithm. Both I1 and I2 values 

are improved when using DaVBG control. It is interesting to observe that the 

DaVBG algorithm requires a notably smaller tuning ratio than the DBG. 

Obviously, the performance of REF-ISA cannot be reached with DaVBG as 

the specifications of the damper used with DaVBG are considerably worse than 

with REF-ISA.  

Table 14. Parameter values after I1 optimisation. 

Parameter Value 

DaVBG weighting coefficient w 115 

DaVBG tuning ratio β 0.852 (19.6 Hz) 

REF-DBG tuning ratio β 0.965 (22.2 Hz) 

REF-ISA tuning ratio β 0.943 (21.7 Hz) 
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Fig. 48.  FRM curves when optimised with respect to I1 value.  

Table 15. Performance index values when FRM is optimised with respect to I1 value. 

Model I1 I2 

REF-OP 7.15 3.20 

REF-ISA 3.36 1.92 

REF-DBG 6.23 2.72 

DaVBG 4.05 2.32 

5.5.2 I2 value 

In order to find the minimum value for performance index I2, new simulations 

with a different optimisation objective function were conducted. The results are 

depicted in Fig. 49. It can be perceived that optimising for minimum I2 leads to an 

asymmetric FRM curve. With the DBG algorithm the asymmetry is notably 

smaller than with the DaVBG algorithm. The left peak values are virtually equal, 

but DaVBG has significantly lower right peak value. That difference leads to a 

smaller I2 value. 
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Table 16. Parameter values after I2 optimisation. 

Parameter Value 

DaVBG weighting coefficient w 68 

DaVBG tuning ratio β 0.894 (20.6 Hz) 

REF-DBG tuning ratio β 0.965 (22.2 Hz) 

REF-ISA tuning ratio β 1.001 (23.0 Hz) 

REF-OP tuning ratio β 0.983 (22.6 Hz) 

 

Fig. 49. FRM curves when optimised with respect to I2 value. 

Table 17. Performance index values when FRM is optimised with respect to I2 value. 

Model I1 I2 

REF-OP 7.98 3.20 

REF-ISA 3.81 1.85 

REF-DBG 6.41 2.72 

DaVBG 5.95 2.23 
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5.5.3 Parametric studies 

A series of simulations was conducted to compare the influence of the various 

parameters on the DBG- and DaVBG-controlled systems. In this study, the con-

figurations yielding the FRM curves shown in Fig. 48 serve as a baseline for sen-

sitivity studies. The selected parameters are varied from their baseline values and 

resulting performance index values are shown graphically. The sensitivity studies 

are applied on three configurations: 

1. REF-DBG 

2. DaVBG-controlled SATMD with optimal tuning ratio and optimal constant 

weighting coefficient for the baseline parameters 

3. DaVBG-controlled SATMD with optimal tuning ratio for baseline parameters 

and optimal weighting coefficient for the particular parameter set 

The first model, REF-DBG, serves as a point of comparison for the two DaVBG 

models. The first DaVBG model reflects a situation in which a SATMD is opti-

mised for reference parameters and the weighting coefficient is kept constant 

during the parameter variation. The second DaVBG model reflects the situation in 

which optimisation is made for reference parameters, but contrary to the first 

DaVBG model, the weighting coefficient is variable. By using a variable weight-

ing, the robustness for parameter variation can be improved. In this study, the 

natural frequency of SATMD in not considered to be online tunable.  

Consequently the tuning ratio is fixed to its reference value, although it would be 

beneficial to set the tuning ratio separately for each case. However, the weighting 

coefficient is a programmatic feature, thus its online tuning is considered to be 

possible. 

The parameter sensitivity is studied both absolutely and relatively. When de-

fining relative values, the earlier defined reference values for various parameters 

are used as a basis. For exact values of the reference parameters, refer to Table 5. 

The sensitivity study is divided into six sections. The first four sections focus 

on the CDFD parameters, while the last two focus on the primary system parame-

ters. All the figures include three separate curves: DBG (square marker), DaVBG 

without weighting tuning (cross marker) and DaVBG with weighting tuning (cir-

cle marker). The weighting tuning means that the value of the weighting coeffi-

cient is selected optimally for the particular case. The tuning ratio is kept at its 

reference value. 
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Maximum friction force 

The effect of maximum friction force is shown in Fig. 50. It can be observed that 

the DaVBG control yields clearly superior results. When weighting tuning is used, 

the results are superior without exception. When the value of the weighting coef-

ficient is fixed to its reference value, the DBG control performs better at very low 

values of maximum friction. 

When considering relative values, it is perceived that DaVBG control is 

slightly more sensitive to maximum friction variation. However, it worth noting 

that even if a DaVBG-controlled system loses 50% of its maximum friction value, 

it performs better that a DBG-controlled system with maximum friction. 

Fig. 50. Effect of maximum friction force.  

Minimum relative friction force 

The effect of minimum relative friction force is shown in Fig. 51. The results 

show that the DaVBG control outperforms the DBG control clearly and without 
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I2, it is observed that high values of minimum friction ruin the DaVBG’s perform-

ance more easily than DBG’s performance. However, it should be noted that the 

optimisation is made for the I1 value. 

The relative values in Fig. 51 show that the DaVBG control is relatively more 

sensitive to minimum friction variation than the DBG control. However, the dif-

ference in absolute values is clear and DaVBG yields superior results. 

Fig. 51. Effect of minimum relative friction force. 

Friction interface stiffness 

The stiffness of the friction interface was found to be a very significant parameter 

earlier in this thesis. The parametric studies show that the performance of a DBG- 

controlled system benefits from increasing stiffness more than a DaVB-controlled 
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In the relative sensitivity, there are no significant differences between DBG 

and tuned DaVBG. However, if the weighting is fixed to its reference value, the 

DaVBG-controlled system becomes more sensitive to stiffness variation. 

Fig. 52. Effect of friction interface stiffness. 

Damper’s bandwidth 

The sensitivity for semi-active damper bandwidth can be seen from Fig. 53. Again, 

the absolute performance of the DaVBG is clearly superior to the DBG. In relative 
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Fig. 53. Effect of damper bandwidth. 

SATMD’s passive viscous damping  

The passive damping acting between primary and auxiliary masses has qualita-

tively a similar effect on all of the systems. The increasing passive damping ham-

pers the effective operation of the semi-active system. This is rather obvious as 

the passive damping force is generally different to the force required by semi-

active control law. 

It can be perceived from relative values, that the DaVBG control is clearly 
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Fig. 54. Effect of passive viscous damping within auxiliary system. 

Primary system’s damping 

Primary system damping has a rather similar effect on all of the systems. Every 

system benefits from increased damping, but the effect is the most considerable in 

the DBG-controlled system. This feature can be seen in both absolute and relative 

values. When considering the situation in another way, it can be concluded that 

the decreasing primary system damping does deteriorate the performance of a 

DBG-controlled system more than that of the DaVBG-controlled. 
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Fig. 55. Effect of primary system damping. 

Off-tuning 

The off-tuning of frequency happens whenever the mass or stiffness of the 

SATMD or primary system change for some reason. Therefore, it is very impor-

tant to try to minimise the performance deterioration due to the off-tuning. 

The effect of off-tuning can be seen from Fig. 56. It can be observed that the 

off-tuning sensitivity can be significantly reduced by using DaVBG control in-

stead of DBG control. The same trend applies both to absolute and relative values. 

Especially, when using weighting coefficient tuning, the negative influence of off-

tuning can be greatly reduced. 
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Fig. 56. Effect of tuning ratio off-tuning. 

5.6 Discussion on improved control algorithm for a practical 
SATMD 

The DBG and VBG control algorithms provide a damping control which tries to 

act against the primary system displacement or velocity, respectively. The simula-

tions showed that both of those algorithms are effective in a narrow frequency 

band, but they also have frequency band in which the performance is unsatisfac-

tory. The simulations also showed that if the signal that is acted against is a 

weighted sum of the displacement and velocity, the overall performance can be 

significantly improved. On the basis of this finding, a new DaVBG control algo-

rithm was derived. The performance evaluation clearly showed the DaVBG algo-

rithm provides better performance and robustness against parameter variations. 
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6 Experimental setup 

In order to evaluate the feasibility and performance of the DaVBG-controlled 

SATMD, an extensive test system was built up. The main function of the experi-

mental system was to serve as a platform for proof-of-concept type tests. This 

chapter discusses the design and structure of the test system in detail. 

The test system was composed of a test rig, an electrodynamic shaker and a 

combined control and data acquisition system. A schematic representation of the 

test system is shown in Fig. 57.  

Fig. 57. Schematic of test setup. 

6.1 Primary structure 

The primary structure was designed to act as a 1-DOF, weakly damped base for 

the SATMD. An important design target was to minimise the nonlinear friction 

effects on the structure. The nonlinearities are problematic as they tend to make 

the system less general. To fulfil the above-mentioned requirement, the table 

structure shown in Fig. 58 and Fig. 59 was designed. The table is supported by 

four identical steel legs acting as stiffness elements. The legs are connected both 

to bases and to the deck with bolt connections (see Fig. 59). The mass of the sys-

tem (~950 kg) is mainly composed of the deck plate which is a massive steel 

block.  
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Table mass can be varied by adding steel plates on the top of the table. Also 

the effective stiffness of the spring elements (legs) can be varied by changing 

their free length. These tuning possibilities were included to ensure that suitable 

dynamics are achievable. The design target was to locate the table’s natural fre-

quency in the range 20–25 Hz. If the table connection to the floor was infinitely 

rigid, the calculation of the exact value would be easy. However, in practice, the 

connection to the floor has a finite stiffness and it decreases the natural frequency 

while increasing damping.  

Fig. 58. Vibration table in deformed position. 

Fig. 59. Physical realisation of the vibration table and SATMD. 
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6.2 Vibration excitation 

In this study, the excitation is considered to be a harmonic force acting on the 

primary system. Such an excitation is convenient to generate by an electrody-

namic shaker. The operation of an electrodynamic shaker is quite similar to a 

conventional loudspeaker, but the electrodynamic shaker is used to produce dy-

namic force rather than sound waves. The operating idea is to shake an element 

with inertia mass by varying a magnetic field. The acceleration of the mass ele-

ment requires force which, in turn, produces a reaction force in the shaker chassis 

that is then directed to the primary structure to be excited. 

The shaker used is this study is manufactured by Ling Dynamic Systems (see 

Fig. 60a). it is capable of producing approximately 500 N of dynamic force. The 

shaker was driven by a LDS PA 1000 power amplifier (see Fig. 60b). The total 

inertia mass connected to the shaker was 2943 g.  

The control signal of the power amplifier was generated by a Wavetek 178 

waveform generator (see Fig. 61). The type of the signal was a linear frequency 

sweep from 14 Hz to 36 Hz. The duration of the sweep was set to 220 seconds 

and the signal level was scaled so that the force amplitude was approximately 160 

N at the frequency range 20–36 Hz.  

Fig. 60. (a) Electrodynamic shaker and (b) power amplifier. 
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Fig. 61. Excitation signal generator and three separate signal conditioners for accel-

eration sensors. 

6.3 SATMD 

In order to realise the semi-active tuned mass damper depicted schematically in 

Fig. 21, the construction shown in Fig. 62 was designed. The base frame is con-

structed of 12 mm steel plates which support the linear guideways for the hori-

zontally moving inertia mass. The inertia mass is a hollow steel cylinder (26.18 

kg) with four ball bushings with very low friction. The required stiffness between 

the frame and inertia mass is realised by four parallel acting linear helical springs. 

The pre-compression of the springs is adjustable to ensure that the contact be-

tween the inertia mass and the frame is sustained even under large displacements. 

The CDFD device is embedded inside the inertia mass and it is connected rigidly 

both to the inertia mass and the frame (see Fig. 63). Picture of the actual SATMD 

can found in Fig. 69. 
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Fig. 62. Conceptual design of the SATMD. 

Fig. 63. Location of the CDFD. 

6.3.1 Controllable dry-friction damper 

The mechanical construction and operating principle of the controllable dry-

friction damper are results from a research project called “Smart Materials and 

Structures“ carried out between 2003 and 2007. The project group consisted of 

the University of Oulu, Helsinki University of Technology and the Technical 
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Research Centre of Finland. It is emphasised that the CDFD is a prototype device 

and not commercially available. It was originally designed for demonstration 

purposes, but it turned out to be suitable for the SATMD experiments, also. How-

ever, the construction is very sensitive for proper assembly and tuning, so the 

CDFD is only suitable for laboratory use. 

The operation of the CDFD is based on a piezoelectric actuator and a motion- 

amplifying mechanism pushing friction pads against a sliding rod. A section view 

of the damper is shown in Fig. 64. In Fig. 65 there is a schematic representation 

of the operating principle of the CDFD. The purpose of the motion amplifier is 

twofold. Firstly, a small motion generated by a piezo-actuator is amplified to a 

suitable level. Secondly, the direction of the motion is diverted to match the other 

mechanics. 

Fig. 64. Section view of the CDFD. 

Fig. 65. Operating principle of the CDFD. 
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The piezo-actuator is manufactured by Piezomechanik Gmbh. The actuator is of 

the ring type and it is capable to produce 13 kN of blocking force and 80 μm of 

free displacement. The resonant frequency of the actuator is 20 kHz. Due to the 

properties of piezoelectrics, the actual force and displacement are dependent on 

the system that is driven by the actuator. Generally speaking, the actual force and 

displacement are always somewhere between the boundary values. The stiffer the 

connected mechanics are, the higher is the produced force and vice versa. In the 

dynamic condition, it is the system impedance that counts. 

The capability to produce frictional force is dependent on the pre-

compression of the piezo-actuator. The construction of the CDFD allows the pre-

compression to be tuned by means of a fine threaded sleeve (see Fig. 64). Maxi-

mum (and minimum) friction force generated by the CDFD can be varied by ad-

justing the sleeve. Thus, an appropriate trade-off has to be done between mini-

mum and maximum friction levels. Empirical tests have showed that the best 

performance is achieved with a slight pre-compression. If the adjustment sleeve is 

too loose, the maximum generated friction force collapses. There is also a certain 

residual friction which cannot be cancelled. The residual friction arises from the 

rod guides and the friction pad contact which tends to produce motion-induced 

friction. The performance numbers of the damper are discussed more closely in 

chapter 7.2.2. 

The piezo-actuator was driven by an amplifier manufactured by Piezome-

chanik Gmbh. it is of the high voltage type, providing a maximum output voltage 

of 1000 V. The available peak current is 500 mA. When connected with the actua-

tor mentioned before, the frequency response curve’s −3 dB point is about 300 Hz. 

Thus, the actuator dynamics are fast enough for the semi-active control studied in 

this work. The connected mechanics have, of course, influence on the total dy-

namics, but experiments showed that the CDFD’s response is rapid enough for the 

SATMD system under consideration. 

6.4 Data acquisition and control 

In this thesis, one of the objectives of the control development was to find a feasi-

ble method to realise a SATMD control. Therefore, it is natural that the control 

system running the semi-active control should be comprised of commercially 

available components that also are suitable for industrial use. Fig. 66 shows a 

block diagram of the SATMD control system used in this thesis.  
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Fig. 66. Schematic of data acquisition and control. 

The major tasks of the control system involve the sensing of the most important 

states of the system as well as applying the control governed by the control algo-

rithm. Nowadays, such a control system is, almost without exception, based on 

digital electronics. Naturally, the analog domain also exists, but the essential 

processing is implemented through programmatic means. Consequently, good 

flexibility is attained. For instance, various control algorithms can be programmed 

into the processing unit and the active one can be selected even online. In this 

thesis, the basis for the control system lies in a commercial digital control system 

concept which can be adapted for diverse applications.  



 119 

6.4.1 National Instruments CompactRIO concept 

National Instruments has developed a product family called CompactRIO. The 

CompactRIO concept is classified as a so-called Programmable Automation Con-

troller (PAC). PACs are devices designed for demanding automation and control 

tasks which involve intensive data processing and accurate timing, rather than a 

large number of I/O-signals. These features make PAC devices especially suitable 

for semi-active vibration control. Conventional programmable logic controllers 

(PLC) are less suitable for SATMD as they typically have rather limited signal 

processing and timing capabilities.  

According to National Instrument, the CompactRIO concept is designed for 

applications that require high performance and reliability. A typical CompactRIO 

configuration can be divided into four segments, namely: 

1. Microprocessor-based processing unit 

2. FPGA based-reconfigurable chassis 

3. I/O-modules (see Fig. 67) 

4. software 

Also, a possible host computer can be thought of as a fifth segment of the system. 

I/O-modules serve as transformers between the digital and analog domains, that is 

to say they implement A/D and D/A conversions as well as signal conditioning. 

The FPGA unit is used as a reconfigurable interface between I/O-modules and 

processing unit. The FPGA unit can be used as programmable hardware to per-

form accurately timed and robust operations like digital filtering, control and 

image manipulation. In National Instruments’ terminology, the processing unit is 

called a ‘Real Time Controller’. This designation is due to the good real-time 

control capabilities of the system. The unit’s operating system falls into the class 

of hard real-time operating systems. So accurately timed control loops can be 

created by utilising the operating system services. According to National Instru-

ments, the execution rate of a typical PID loop may be thousands of Hertz. 

A CompactRIO system includes three programmable units: FPGA, real-time 

controller and host PC. The host PC in not imperative, as the real-time controller 

can function without higher level control. If a graphical user interface is desired, 

then a convenient way is to use a host PC and Ethernet connection. The real-time 

controller supports Ethernet connection, which is actually required in program-

ming the CompactRIO. 
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Fig. 67 clarifies the structure of a CompactRIO system. The system involves 

several interacting entities which, in turn, involves program loops and communi-

cation between loops. The structure appears to be rather complex, but the inter-

faces are well-defined and the combination is fairly easy to manage. All the pro-

grammable entities can be programmed by a graphical programming language 

called LabVIEW. In fact, FPGA and real-time units do not accept any other pro-

gramming language, while the host PC can be programmed in the desired lan-

guage. 

Fig. 67. Structure of a typical CompactRIO system. (© National Instruments). 

Let us next consider how the CompactRIO concept is applied to SATMD control 

and data acquisition. In practical SATMD applications, the data acquisition capa-

bility is not necessarily mandatory, but in the development phase it is. Fortunately, 

the acquisition features can be added to CompactRIO setup without disturbing the 

control functions. The setup used in this thesis, is constructed according to the 

concept illustrated in Fig. 68. 
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Fig. 68. Conceptual illustration of a CompactRIO based SATMD control and data log-

ging system. 

6.4.2 Input signals 

The SATMD system features the following input signals: 

1. excitation acceleration 

2. table acceleration 

3. auxiliary mass acceleration 

4. table displacement relative to ground 

5. auxiliary mass displacement relative to table 

All accelerations were measured with B&K 4391 accelerometers. Their signals 

were amplified and filtered with separate B&K 2635 charge amplifiers. The low-

pass filter cut-off frequency was set to 100 Hz (−3 dB). Displacements were 

measured by Solartron LVDT sensors. Type DGf/5.0 was used between table and 
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ground and type AG 2.5 between table and auxiliary mass. The displacement 

signals were not filtered as their signal was good enough for direct utilisation. 

The A/D-conversion of the input signals was made by two NI-9215 analog 

input modules. They are of 16-bit type and all channels can be sampled simulta-

neously. 

 

Fig. 69. Examples of sensor placing. 

Fig. 70. Shaker acceleration sensing and inertia mass. 
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6.4.3 Output signals 

The control of the SATMD involves only one output signal, namely the control 

for the CDFD. In practice, a 0–10 VDC voltage signal was directed from the 

NI-9263 12-bit analog output module to the piezo-amplifier, which multiplied the 

signal by 100 and fed it to the piezo-actuator. The piezo-amplifier also features a 

voltage feedback connection, but it was not used is this study. Consequently, the 

control was of the open-loop type. 

6.4.4 Sampling, signal processing and analysis 

All the input signals were connected to CompactRIO I/O-modules and sampled at 

a 500 Hz rate. The analog output update rate was also set to 500 Hz. Samples 

were buffered by the CompactRIO FPGA circuit and thereafter stored in the real-

time controller’s flash memory in engineering units. The scaling from voltage 

values to engineering units was the only processing method used within the real-

time unit. The completed files were transferred from the CompactRIO flash 

memory to the host PC’s disk memory through a FTP program. 

The collected data files were read and analysed by Matlab. The analysis proc-

ess involved the following steps: 

1. read data from ASCII file to Matlab matrix by using dlmread function 

2. remove offsets by using detrend function 

3. estimate the appropriate transfer function by using tfe function (see parame-

ters in Table 18) 

4. calculate required indices and key figures 

5. plot results 

Table 18. Tfe function parameters. 

Parameter Value 

Length of FFT 8192 points 

Window Hann 

Overlap 75% (6144 points) 

6.4.5 Overview of software 

The primary programming language of CompactRIO system is LabVIEW. Lab-

VIEW is a graphical development environment with a vast amount of built-in 
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functions. Although the CompactRIO system involves various types of program-

mable units like the real-time processor and FPGA-circuit, all of them can be 

programmed in a similar manner. Obviously, programming of the FPGA is much 

more constricted compared to real-time processor programming. The FPGA does 

not support floating point operations and it is not functioning as a conventional 

processor based system, but as programmable hardware. Consequently, it is pos-

sible to implement truly parallel-acting loops as well as hard real-time control 

loops. 

The main control loop of the proposed groundhook control involves the fol-

lowing operations: 

– scanning of two analog inputs (table displacement, SATMD relative dis-

placement) 

– calculation of two velocity signals (table velocity, SATMD relative velocity) 

– calculation of the control output according to the selected control algorithm 

– updating the control voltage of the output channel 

In addition to the control algorithm, the controller also performs logging and user 

interface-related operations like: 

– scanning and logging three additional analog inputs (shaker acceleration, 

table acceleration, SATMD acceleration)  

– saving all the samples to non-volatile storage 

– managing the parameters involved like sampling rate, algorithm type, weight-

ing coefficients etc. 

The requirement for the execution rate of the control algorithm is governed by the 

dynamics of the controlled system. Obviously, the execution rate must be far 

higher than the frequency of the dominant vibration mode. Moreover, as the con-

trol method involves stepwise changes in output signal, all the delays should be 

small. It was found that the execution rate of 500 Hz provides acceptable per-

formance. Also, the same sampling rate for all the input channels proved to be 

satisfactory. Consequently, both the control and acquisition operations could be 

implemented within the same program loop. 

The execution rate of 500 Hz is possible to attain either by real-time proces-

sor or FPGA means. However, the user interface slowed down significantly if the 

control loop was programmed to the real-time processor. Thus, the division of 

tasks shown in Fig. 68 was found to be feasible. The FPGA unit executes the 

sampling and control algorithm operations. In every program loop iteration, the 
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acquired samples are transferred to the real-time processor memory by means of 

DMA (Direct Memory Access) and a FIFO buffer. The real-time processor then 

reads and saves the samples as blocks containing 250 samples from each channel. 

Moreover, the real-time processor calculates some key figures, updates graphs 

and sends the control parameters to the FPGA.  

6.5 Discussion on the experimental setup 

The test setup used in this study is designed to be internally very lightly damped 

to provide a demanding base for SATMD. The vibrating table has no rails or 

guideways which could introduce dry-friction into the system. The less damping 

exists within the primary system, the sharper and higher the resonance peak is. 

The passive damping of the SATMD is also of great importance, because the 

semi-active control gets easily disturbed by the passive damping. In consequence, 

all the selections in mechanical design target low friction and damping. 

The data acquisition and control are implemented using the CompactRIO sys-

tem. A common problem in research is that the control systems and methods de-

veloped are difficult to implement in practice. Laboratory-level measuring and 

controlling equipment provide plenty of processing power, but they tend to be 

very expensive and sensitive. The approach adopted in this study, aims to fill the 

gap between research devices and practical devices. The CompactRIO system is 

capable of real-time control and fast signal sampling while being robust, reasona-

bly priced and providing effective interfaces for higher level systems. 
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7 Experimental results 

This chapter deals with the results of experimental tests. The sub-units of the 

experimental setup are first discussed. Thereafter the aggregate system is treated 

both in passive and semi-active mode. The results are shown as charts and tables 

and the performance of various setups is evaluated. 

The test series was started by studying the behaviour of the individual seg-

ments of the test rig. Also, the behaviour of a passive TMD system was studied. 

The purpose of these studies was to ensure that the system fulfils all the precondi-

tions required for successful semi-active system implementation. The primary 

structure should have dynamics suitable for the SATMD, i.e. the desired natural 

frequency and damping ratio. Also, the SATMD and its active element must be-

have as required by theory. As the passive system was tested and its dynamics 

were verified, the primary semi-active tests were conducted. These tests included 

determination of appropriate transfer functions and calculation of performance 

indices. 

7.1 Vibration excitation 

In simulations, the vibration excitation was considered as a signal with zero offset 

and a single frequency component. In practice, such an ideal signal cannot be 

produced because the excitation system behaves nonlinearly. The nonlinearities 

induce higher harmonics into the actual excitation signal. A simple yet feasible 

way to evaluate the degree of nonlinearity is to calculate the total harmonic dis-

tortion (THD) of the excitation signal at various frequencies (Rane 2008). The 

THD value describes how the total power of the signal spreads to harmonic fre-

quencies. The higher the THD value is, the greater part of the power is spread to 

higher harmonics. In optimal conditions, the THD value is 0%, i.e. all the signal 

power is carried by the fundamental frequency. 

Fig. 71 shows the results from the excitation characterisation measurements. 

It can be observed that the operation of the shaker is fairly linear at frequencies 

above 24 Hz. Below that frequency, the shape of the excitation waveform is sig-

nificantly distorted. However, the distortion does not hamper the SATMD tests, 

but it is shown that the actual excitation has richer frequency content than that 

used in simulations.  

The lower part of the Fig. 71 shows how the excitation amplitude depends on 

the frequency. The shaker amplifier was excited by a constant amplitude voltage 
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waveform. It can be seen that the actual force amplitude increases when the fre-

quency rises from 14 Hz to 24 Hz. Thereafter the level stays fairly constant. The 

harmonic distortion, or the amplitude variation, do not have a significant influ-

ence on the SATMD test results, as the analysis methods used (DFT) take into 

account the excitation frequency content and magnitude. 

Fig. 71. Excitation signal characteristics in frequency domain. 

7.2 Preliminary tests with passive system 

The passive tests were divided into three separate sections: primary structure tests, 

CDFD bench tests and passive TMD tests. The purpose of these separate tests was 

to ensure that all the individual sub-systems are working properly.  

7.2.1 Test rig without SATMD 

The bare vibration table was the first sub-system under examination. The shaker 

was mounted on the top of the table and the SATMD was not installed. The total 

amount of effective mass of the system was 955 kg. Acceleration and displace-

ment sensors were attached to the shaker armature and the table end, thus giving a 

possibility to determine the transfer function between table displacement and 

exciting force. The transfer function carries enough information for evaluation of 
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the validity of the system. Both the natural frequency and damping ratio can be 

determined on the basis of the FRM curve.  

The results are shown in Fig. 72. It can be seen that the primary structure has 

a very clear resonance and the amount of damping is low. The values for natural 

frequency and damping are 22.8 Hz and 0.8% when no additional mass is con-

nected to the table. The system also reacts to mass variation in the expected man-

ner. When 30.3 kg of additional mass is connected to table, the natural frequency 

drops to 22.4 Hz. The result is consistent with theory. 

Fig. 72. FRM plots with various amounts of additional mass.  

7.2.2 Dry-friction damping device 

The most important parameters regarding the CDFD are the effective stiffness, 

response time and friction force limits. A direct static determination of the effec-

tive stiffness proved to be difficult, as the mechanical construction used in the 

SATMD could not be reproduced in a tensile testing machine. The static stiffness 

measured in tensile testing machine proved to be very high compared to the 

maximum friction force. In consequence, the elastic displacement of the CDFD is 
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very small even when the control voltage is at its maximum. However, a dynamic 

measurement method was found to feasible to get an idea of the scale of the ac-

tual effective stiffness on SATMD use. The dynamic is method is based on the 

determination of the natural frequency of the SATMD when the CDFD and the 

SATMD are coupled as shown in Fig. 73. When the input excitation is weak 

enough, the static friction force is not overcome and the two systems behave as if 

they were coupled with a spring and damper in parallel. In practice, the testing 

method provides that only two of the springs of the SATMD are connected and 

the dry-friction damper is driven by the maximum control voltage (1000 V). It is 

pointed out that the method is not very accurate as the friction interface does not 

necessarily behave linearly. Also, in addition to friction interface stiffness, all the 

other elements in series with friction pads are contributing to results. This is actu-

ally a desired feature as the actual stiffness is basically what governs the dynamic 

behaviour of the SATMD. 

Fig. 73. A schematic representation of the test setup for determination of friction inter-

face stiffness. 

The other damper properties were easier to determine in a tensile machine. The 

damper’s frame was mounted rigidly on the testing machine frame and the sliding 

part was clenched between the jaws of the testing machine. Such an arrangement 

provided a very stiff and clearance-free connection for the CDFD. It should be 

noted that the actual CDFD connection in the SATMD is less stiff due to the me-

chanical construction. 

In order to determine the response time of the damper, the testing machine 

was set to constant velocity motion and the piezo-amplifier’s command signal 

was raised from zero to maximum value stepwise. Such a step in control voltage 

caused a rise in friction force. The damper response can be determined by inspect-

ing the control input and the appearing friction force in the time domain. 
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Probably the easiest parameters to determine were the minimum and maxi-

mum friction levels. These values can be measured by driving the tensile machine 

cyclically with a triangular velocity profile while varying the piezo-control volt-

age. The motion amplitude was selected to be 1 mm and the velocity was 1–6 

mm/s depending on configuration. 

Results of the dry-friction damper experiments are shown in Fig. 75 – Fig. 77. 

The Fig. 74 shows the transmissibility plot for the effective stiffness test. The 

peak value lies at 35.8 Hz, which corresponds to approximately a 1.5 MN/m stiff-

ness. 

Fig. 74. Transmissibility plot for locked SATMD. 

Normalised results from response time test are shown in Fig. 75. The response is 

quite asymmetric, i.e. the force rise time is significantly longer than the fall time. 

This indicates that the piezo-amplifier is capable to drop current more rapidly 

than the source.  
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Fig. 75. Response time test results. 

The results of the force generation capability test are shown in Fig. 76 and Fig. 77. 

The various loops in the Fig. 76 are for different control voltages. It can be per-

ceived that the behaviour is slightly asymmetric and highly nonlinear. The lowest 

friction force amplitude is about 30 N whereas the maximum force amplitude is 

about 180–200 N depending on the direction of the motion. The values shown in 

Fig. 77 are mean values.  
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Fig. 76. Friction force generation capability at various voltage levels in quasi-static 

test on tensile test machine. 

Fig. 77. Friction force mean amplitude as a function of piezo control voltage. 
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7.2.3 Test rig with passive TMD 

The introduced SATMD can also operate as a passive one. Actually, there are two 

possibilities to realise passive operation. The first configuration is similar to that 

depicted in Fig. 78a. The CDFD is disconnected from the masses and the total 

damping arises from bearing friction. The second passive configuration is 

achieved by connecting the CDFD between the masses and disabling control (see 

Fig. 78b). The static control voltage can be set to any value between 0 and 1000 V. 

However, operation with a high control voltage couples the SATMD mass effec-

tively with the primary mass, hence making the system much like a 1-DOF sys-

tem. A moderate control voltage lets the SATMD operate more like a conven-

tional TMD. Nevertheless, it should be noted that dry-friction damping makes a 

TMD system nonlinear and the shape of the FRM plot is dependent on the excita-

tion characteristics. 

Fig. 78. Passive TMD configurations. a) CDFD disconnected, b) CDFD connected. 

Fig. 79 shows FRM curves for a passive TMD with both the CDFD connected 

and disconnected. When the CDFD is disconnected, the TMD damping is very 

low. As recalled from theory, a low damping incurs a deep valley near the natural 

frequency and high peaks at the side. The effect of connecting the CDFD can be 

easily observed. The depth of the valley decreases in conjunction with the height 

of the resonant peaks. Also, when the control voltage is increased, the two reso-

nant peaks gradually merge into a single peak. When the control signal of the 

CDFD is at its maximum (1000 V), the combined system behaves like a 1-DOF-
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system with an additional mass, thus having a lower natural frequency than the 

bare primary structure. 

Fig. 79. Passive TMD with various static control voltages. The dashed line is for TMD 

with disconnected CDFD. 

The FRM curves shown in Fig. 79 clearly prove the designed construction is op-

erating as expected and the basis for a SATMD implementation is feasible. The 

residual friction level is rather high, but it is, however, at an acceptable level.  

7.3 Primary tests with semi-active system 

The main objective of the experiments was to verify that the SATMD is operating 

as designed and the performance level predicted by simulations can be achieved 

in practice. Also, the differences between various algorithms should be consistent 

with theory and simulations. It should be noted that the simulated and experimen-

tal results cannot be compared directly, as the values of certain parameters were 

not determined accurately enough for a reliable comparison. For instance, the 

values for friction interface stiffness and damping were determined rather roughly. 
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Probably the most difficult parameter to handle was the friction level of the 

CDFD. The force generation characteristics of the CDFD are highly dependent on 

the pre-stress acting against the actuator. Also, the wearing of the friction pads has 

an influence on the force generation characteristics. Under the circumstances, it 

cannot be determined exactly what the maximum force was in a particular test. 

For instance, the results shown in Fig. 76 cannot be directly mapped to any other 

test. This is due to the characteristics of the CDFD. 

The tests with the SATMD were divided into two stages. First, a system with 

DBG control was tested. In the second stage, the DBG control was replaced by 

DaVBG control and the differences were analysed. 

7.3.1 DBG 

Fig. 80 shows results from tests with DBG control. Every curve corresponds to a 

different maximum force level, i.e. control voltage. The tuning ratio used in the 

measurements shown in Fig. 80, was 0.94. The simulation results shown in Fig. 

34 predicted that the maximum damping force has a clear influence on the FRM 

plot. The experimental results agree with the simulated results. The right resonant 

peak tends to rise with decreasing on-state friction force. The valley between 

peaks is less sensitive to the on-state friction force and only slight differences 

appear. That is something to be expected, as the DBG-controlled SATMD acts 

almost completely as passive in the vicinity of the valley bottom. Such behaviour 

arises from the fact that the on-state condition shown in equation 21 is never trig-

gered. 
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Fig. 80. FRM plots for DBG controlled SATMD with various maximum control voltages. 

Table 19. Performance indices values for DBG controlled SATMD with various maxi-

mum control voltages. 

Control voltage [V] I1 I2 over range 0.6–1.4 

3 11.0 2.31 

5 8.3 2.16 

8 6.0 2.03 

7.3.2 DaVBG 

Tuning a DaVBG-controlled SATMD system is a somewhat more complex task 

than tuning a DBG-controlled system. In addition to tuning ratio selection, an 

appropriate weighting coefficient value has to be determined. The simulations 

conducted predicted that the tuning frequency for a DaVBG-controlled system is 

considerably lower than that of a DBG-controlled one. Thus, the tuning ratio was 

set to 0.86 and a suitable weighting coefficient value was determined iteratively 
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on the basis of the FRM plots. Results for various tests are shown in Fig. 81. It 

can be observed how the weighting term influences the FRM curve.  

Fig. 81. FRM plots for SATMD with DaVBG control. 

Table 20. Performance indices values for DaVBG-controlled SATMD with various 

weighting factor values. 

Weighting coefficient value I1 I2 over range 0.6–1.4 

0 4.13 1.81 

50 4.08 1.81 

100 4.10 1.72 

200 4.15 1.74 

7.3.3 DaVBG online tuning capability 

Fig. 82 shows results from a test whose aim was to prove the online tuning capa-

bility of the DaVBG control. The vibrating system was excited by 24.8 Hz har-

monic force. At the first phase, the control was turned off and the static control 

voltage was set to 0 V. After 14 seconds, the DaVBG control was turned on with a 
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weighting coefficient value of 5000, which corresponds to almost pure DBG con-

trol. The velocity level soon decreases to about 8 mm/s (RMS). However, the 

selected weighting is not optimal for the case. The weighting is changed to opti-

mal value at 30 s. The influence can be seen on the vibration response value, 

which decreases to 3.7 mm/s (RMS). 

Fig. 82. Weighting coefficient online tuning at constant frequency excitation. 

7.3.4 Comparison between DaVBG and DBG algorithms 

The best FRM curves achieved are drawn on the same axes in Fig. 83 and the 

numerical results are listed in Table 21. Also, the FRM of the original structure 

without a SATMD is shown in figure. It can be observed that the DaVBG control 

clearly outperforms the DBG control. The difference is significant in terms of 

both performance indices. 

0 5 10 15 20 25 30 35 40 45
0

2

4

6

8

10

12

Time [s]

V
el

oc
ity

 (
R

M
S

) 
[m

m
/s

]

Passive 

w = 5000

w = 100

Excitation frequency 24.8 Hz 



 140 

Fig. 83. Comparison between DaVBG and DBG methods. The dashed line is for the 

original primary structure without TMD. 

Table 21. Performance index values for DBG and DaVBG.  

Control method I1 I2 over range 0.6–1.4 

DBG 5.7 2.00 

DaVBG 4.1 1.73 

7.3.5 Time domain example 

Fig. 84 shows two acceleration signals measured from the primary structure ex-

cited by a force sweeping from 14 to 36 Hz. The curve with high peaks is for a 

fully passive TMD with CDFD disconnected and the smoother curve is for a 

DaVBG-controlled SATMD. The difference between vibration levels is obvious. 

The SATMD can suppress the maximum vibration amplitude to under 1 m/s2 

while the passive TMD induces peaks reaching a vibration level of 6 m/s2. The 

smallest acceleration amplitude between the peaks cannot be detected visually 
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from the figure, but the actual value for the passive TMD is 0.1 m/s2. It appears at 

the tuned frequency and its level is very low due the small TMD damping. 

Fig. 84. Comparison of primary structure acceleration signals in time domain. 

7.4 Discussion on experimental results 

The first phase of the experimental test aimed to prove the correct operation of the 

separate parts of the system. The tests showed that the basis for SATMD opera-

tion is suitable, that is to say both the passive and active elements were working 

properly. The passive TMD system showed the passive damping within the pri-

mary system and mass damper are of very low level and the shape of the fre-

quency response curve agrees with theory and the results obtained in earlier stud-

ies. 

In the context of semi-active operation, the experimental tests proved the re-

sults the simulation studies predicted. The DaVBG control outperforms the DBG 

and VBG controls while providing simple and effective online tuning capability. 

Furthermore, the control system performed as expected and the control and data 

acquisition, as well as user interface, ran seamlessly in parallel. 
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8 Discussion 

In the following, the performance and feasibility of the studied SATMD system is 

discussed on the basis of experimental and simulation results. The significance of 

the results is also evaluated. 

8.1 Simulation results 

The first phase of the simulations dealt with practical DBG-controlled SATMD 

with CDFD. A simple DBG control is a well-known and widely studied method to 

realise an on-off semi-active control. The DBG control provides very good vibra-

tion attenuation performance when a SATMD is equipped with an ideal actuator. 

Its performance is far superior to a conventional optimally tuned passive TMD. 

These results agree very well with results obtained in earlier studies like Setareh 

(2006) and Pinkaew (2001). 

An idealised viscous damper has no memory-like effects, its bandwidth is in-

finite and the force generation capability is optimised. However, the simulations 

clearly show that the vibration attenuation performance of a DBG-controlled 

SATMD decreases drastically when an idealised actuator model is replaced by a 

more realistic one. The following chapter discusses the reasons for the perform-

ance deterioration. 

8.1.1 Performance deterioration due to damper’s imperfect 
properties 

The parametric studies conducted show that with respect to the dry-friction 

damper, the most important features are the stiffness of the friction interface and 

the force generation capability. A low stiffness effectively ruins the performance 

of a SATMD, even though the force generation capability is satisfactory. On the 

other hand, a high stiffness of the friction interface cannot be exploited if the 

force generation capability is too limited. Also, the residual friction force arising 

from damper construction is of great importance. An optimal damper would be 

free of any residual friction component. In practice, there tends to exist at least a 

slight amount of residual force. The influence of the residual friction is best ob-

served when considering the valley in the SATMD’s FRM plot (see Fig. 35). The 

phase of the residual friction force cannot be controlled, and it is unavoidable that 
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the friction force occasionally acts in phase with the excitation force, hence am-

plifying vibration.  

The bandwidth of the actuator is also a significant parameter. Too low a 

bandwidth compared to the controlled system, will cause performance deteriora-

tion. A very low bandwidth tends to make the control force an average of the 

required force, thus making the SATMD more like a passive or adaptive-passive 

device. Such a principle is exploited in pulse width modulation (PWM) based-

control. However, this is not a desired function in a true semi-active control. 

When the bandwidth of the actuator is considerably higher than that of the 

controlled system, the PWM-like behaviour is avoided, but the appearing friction 

force is out of the phase with the force request. Such a phase shift is generally 

undesirable, but its adverse effect can be alleviated by advancing the control sig-

nals phase. The results of this study show that a very high bandwidth is not al-

ways a purely advantageous feature. As shown in Fig. 39, the increasing band-

width may also cause performance deterioration. This is due the fact that the 

damping force required by a control algorithm is not necessarily optimal. An ac-

tuator with high bandwidth can track a suboptimal force request too closely. 

However, in general, a high bandwidth is a desirable feature and it does not inevi-

table lead to performance degradation. The behaviour observed in this study is a 

special case as the algorithms used are generally suboptimal. The approach used 

in this study tries to make the most out of an available actuator instead of trying to 

maximise the performance with idealised actuator. 

8.1.2 DaVBG control 

One of the most important objectives of this thesis was to find methods which can 

make the most effective use of a semi-active actuator in SATMD applications. 

The aim was to pursue the performance of a DBG-controlled SATMD with an 

ideal damper. The simulation results show that a notable part of the lost perform-

ance can be restored by taking the advantage of the DaVBG control developed.  

The DaVBG control is derived from DBG and VBG controls. It can be seen 

as a kind of generalisation of those fixed-phase methods. Thus, the DBG and 

VBG controls can be obtained from the DaVBG control by suitable parameter 

selection. The DaVBG control involves a single parameter which can be used to 

adjust the phase of the semi-active control. This phase adjustment has a twofold 

significance; It provides the possibility to compensate the delays arising from the 

limited bandwidth of the actuator as well as the delays from the control system. 



 145 

Moreover, it provides a sliding phase angle which improves the overall perform-

ance of SATMD by fitting the phase of the reaction force acting on the primary 

structure more accurately against the excitation force. 

One important aspect regarding both passive TMDs and SATMDs is the 

proper tuning of the natural frequency (tuning ratio). According to simulation 

results, an optimal tuning ratio of a DaVBG-controlled SATMD is notably 

smaller in value than that of a DBG-controlled SATMD’s. Moreover, the DaVBG 

control offers significantly better robustness to tuning ratio variation, especially 

when the weighting coefficient is made online-tunable. This feature is of great 

importance, as it provides a programmatic means to mitigate the performance loss 

due to the tuning ratio off-tuning. In this thesis, an algorithm for automatic 

weighting coefficient tuning is not discussed. 

8.2 Experimental results 

The test conducted proved that it is possible to realise the proposed SATMD 

scheme and the dynamic behaviour can be predicted well. The introduced 

DaVBG control method is feasible and it provides the performance the simula-

tions predicted. The basic mechanics of the SATMD performed as required and 

the fully passive setup showed that the basis for a successful SATMD operation 

was good enough. The bare vibrating table had a damping ratio of 0.8%, which is 

low compared to earlier studies like Tentor (2001) and Koo (2003). It should be 

noted that a low internal damping of the primary system sets high demands on the 

SATMD. 

The bench tests of the CDFD proved that it is suitable for SATMD use, al-

though the residual friction was rather high. Also, the CDFD proved to be some-

what difficult to tune and its parameters tended to creep during tests. However, 

the response time of the CDFD appeared to be very short, which is a clear advan-

tage over fluid dampers. The damper introduced in Sung et al. (2008) has a re-

sponse time of tens of milliseconds, while the CDFD used in this work has a re-

sponse time of few milliseconds. 

Many earlier studies (Ji et al. 2005, Koo 2003, Pinkaew 2000, Setareh 2001) 

have ignored the semi-active actuator dynamics, or at least the dynamics has not 

been taken in account in algorithm development. The results obtained in this 

study prove that the actuator dynamics has a significant effect on the performance 

of the SATMD, especially when the operating frequency is in a class of tens of 
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hertz. However, the performance loss can be decreased by the introduced DaVBG 

algorithm. 

The control hardware proved to be suitable for the control and logging opera-

tions needed by SATMD. The introduced control system has sufficient computing 

capacity to control the high response damper while performing logging and user 

interface operations. The structure of the control system deviates from the struc-

tures presented in earlier studies like Koo (2003) and Liu & Liu (2006). The con-

trol system used in this thesis is suitable for both laboratory and industrial envi-

ronment. It also features good connectivity and scalability to various systems. 

8.3 Feasibility of the studied SATMD system 

The studied SATMD system has both feasible and non-feasible features. The 

mechanical structure of the SATMD system is not very complex and the addition 

of controllable damping device is straightforward. However, when dealing with 

small displacements, the demands for manufacturing accuracy grow. All the con-

nections should be free of backlash and the lining of the various parts must be 

accurate. In particular the controllable damper is sensitive to backlash and lining 

errors. A misalignment of the damper tends to raise the passive friction, while 

backlash induces nonlinearity and high frequency acceleration peaks. 

When considering semi-active systems, the most important feasibility issues 

typically relate to the actuators and control system. In this study, a piezo-

controlled dry-friction damper was utilised. It proved to have quite adequate per-

formance in terms of response time and force generation capability. Nevertheless, 

some major issues exist. The piezo-actuator requires a high-quality power ampli-

fier which is, in general, expensive and incompatible with an industrial environ-

ment. Moreover, piezo material’s inherent limitations in the motion generation 

capability pose challenges to mechanical design. Piezo-actuators have proved to 

be suitable for mass-production products also in the field of mechanical engineer-

ing. For instance, Siemens VDO has created piezo-actuated fuel injectors for 

automotive engines (VDO 2008). 

The control system used in this study is essentially feasible. The controller it-

self is designed for industrial use and its performance and connectivity to other 

systems is excellent. The sensor combination used in experiments requires some 

modification if industrial use is considered. The signal conditioning units have to 

be replaced by more compact ones. Also, the primary structure displacement sens-
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ing has to be implemented differently. One possibility is to use acceleration meas-

urement from the primary structure.  

In summary, it can be deduced that the SATMD system developed can be 

made more feasible with some modifications. The semi-active actuator may be 

replaced by a MR- or ER-damper. It is also possible to developed the dry-friction 

damper, for example, by changing the piezo-actuator and amplifier combination 

to a more advanced one. The DaVBG control algorithm is ready for various ap-

plications and the fine tuning can be made by varying the weighting factor value. 
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9 Conclusions 

This thesis described the development of a new semi-active control scheme for 

the semi-active tuned mass damper. The new scheme is based on a conventional 

groundhook control scheme, but it is more general and it involves a tunable pa-

rameter, which makes it possible to tune the dynamic behaviour of a SATMD 

online or offline. With such a tuning capability, non-ideal semi-active actuators 

can be matched with the other system dynamics more efficiently.  

A comprehensive simulation model was developed to serve as an essential 

tool in evaluating the dynamic behaviour of the SATMD and the effects of vari-

ous parameters. The simulation model was composed of various sub-models 

which take all the essential features of the dry-friction damped SATMD system 

into account, including the complicated dynamics of a semi-active actuator. The 

aggregate model was designed so that the various sections are independent units 

and the interfaces between them are strictly defined. Such a model structure 

makes it possible to simulate passive, semi-active and active TMD systems with 

very little additional effort. The semi-active actuator was modelled as a piezo-

controlled dry-friction damper. However, the results can be applied to other simi-

lar actuators such as MR- or ER-fluid dampers as well. 

In the simulation environment, the primary structure equipped with a 

SATMD was excited by a harmonic force sweeping linearly over the primary 

structure’s resonance frequency. The primary system’s normalised displacement 

response was considered as the most important output from the simulation model. 

In the first phase of the simulation studies, the performance of various semi-active 

systems was compared in terms of two performance indices. The first perform-

ance index was defined as the peak magnitude of the primary structure’s normal-

ised displacement response. The second index was defined as the area between 

the normalised frequency response magnitude curve and normalised frequency 

axis. The frequency band considered was bounded to cover the most important 

area in vicinity of the primary structure’s resonance. The systems compared in-

cluded optimal passive TMD, two groundhook-based semi-active systems with a 

non-ideal actuator and a semi-active groundhook system with an ideal actuator. 

 According to the simulation results, the semi-active system with a non-ideal 

actuator, suffered from significant loss of performance compared to that of an 

idealised system. However, all tested semi-active systems outperformed the opti-

mal passive TMD. The reasons for a performance loss were ascertained by para-

metric studies. As a result of the parametric studies, the performance loss was 
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mainly attributed to the flexibility and the limited force generation capability of 

the semi-active actuator. As the aim of the work was to make the most out of a 

non-ideal actuator, the control scheme was given closer consideration and the 

properties of the semi-active actuator were considered as fixed. It was found that 

both of the conventional groundhook schemes, velocity-based groundhook (VBG) 

and displacement-based groundhook (DBG), performed well over some regions in 

the frequency domain. These regions were clearly separate, hence a certain com-

bination of these methods was expected to perform well over a wide frequency 

band. 

A new control method was developed from the basis of the velocity and dis-

placement based groundhook methods. The new method uses a weighted sum of 

displacement and velocity signals as a reference signal. The weighting coefficient 

is a purely programmatic factor, and thereby online or offline tunable. In conse-

quence, the best possible trade-off between displacement- and velocity-based 

methods can be sought iteratively through variation of the weighting coefficient.  

The novel control method, referred to as displacement- and velocity-based 

groundhook (DaVBG), was compared to displacement-based groundhook control 

in terms of performance indices and parameter sensitivity. It was found that the 

DaVBG control clearly outperforms the DBG control without exception in terms 

of performance for both performance indices. The DBG control is relatively less 

sensitive for some parameter variations, but the DaVBG is considerably less sen-

sitive for tuned frequency off-tuning, especially when using online weighting 

coefficient tuning. 

The actual performance of the conventional groundhook schemes as well as 

DaVBG scheme was evaluated with experimental tests in laboratory conditions. A 

comprehensive test system was built and its correct operation was verified. The 

experimental results proved the results that the simulations had predicted. The 

semi-active control of a TMD yields significant performance improvement with a 

small amount of additional energy. Also, the piezo-controlled dry-friction damper 

proved to be suitable for the SATMD. However, its long-term stability and pa-

rameter sensitivity must be improved if industrial applications are pursued. 

On the whole, the semi-active system developed provides fascinating possi-

bilities in the field of vibration control. The novel control scheme is applicable for 

various semi-active schemes and it can exploit actuators effectively, yet being still 

light to implement. The control system used in this study can be transformed for 

industrial use with a little additional effort. The controller itself is ready for indus-
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trial use, but the sensor configuration and signal conditioning has to be modified 

to be suitable for commercial applications. 

The DaVBG control method developed is not tied to SATMD applications or 

any particular damping device, but it can be applied to other applications, too. In 

this thesis, the method is demonstrated by way of a dry-friction-damped SATMD. 

It would be interesting to apply the DaVBG control to a semi-active system with 

MR-, ER- or other similar damper. The dry-friction damping device used in this 

thesis is in the prototype stage, so if industrial applications are pursued, further 

development is needed.  

This thesis concentrates solely on harmonic vibrations. As the SATMD sys-

tem discussed involves several nonlinearities, the actual response is dependent on 

excitation characteristics. Further studies are needed to assess the performance of 

the proposed control under random excitation. Moreover, the control system setup 

used in experiments needs further development if it is to be applied to industrial 

applications. The development mainly needs to concentrate on the placing and 

type of the sensors. The DaVBG control needs information about the displace-

ment and velocity of the primary structure, as well as the velocity of the semi-

active damper. A displacement sensor located between the primary structure and 

fixed base is not feasible. However, the displacement of the primary structure 

could possibly be integrated from primary systems acceleration. The integration 

process typically involves high-pass filtering or other signal processing which 

may induce errors in the signal. Consequently, further examination and develop-

ment is needed. 
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