
1

Active Magnetic Bearing Positioning in the
Conceptual Design Phase of a High-Speed Electric

Machine
Emil Kurvinen, Juuso Narsakka, Tuhin Choudhury, Rafal P. Jastrzebski Member, IEEE, Jussi Sopanen Member,

IEEE

Abstract—The optimization of high-speed active magnetic
bearing rotor layout concerning the effect of external dis-
turbance is studied. The centrifugal loads and related strain
forces in the HS rotors limit the maximum rotational speed
and AMB capacity, bandwidth, and location limit control of
dynamics. Additionally, external synchronous disturbances, i.e.,
unbalance forces, rotor runout, application forces from the
impeller, and static forces cause adverse effects on active
control and pose limitations. Therefore, to achieve a sub-critical
rotor, the dimensions of electric machine components, such as
bearings, seals, and impellers affect each other and have to
be constrained. The proposed method examines the effect of
disturbances and locations and resulting dynamic limitations
at the conceptual design phase. This enables the design of the
AMBs and component layout to the application demands. The
method uses maximum singular values to examine the effects of
disturbances on bearing forces and rotor displacements at key
locations.

Index Terms—High-Speed, Rotordynamics, Electric Ma-
chine, Active Magnetic Bearing

NOMENCLATURE

z̄ Normalized output quantities
damb AMB diameter (mm)
dem Active part diameter (mm)
dend Rotor end diameter (mm)
ds1 Section 1 diameter (mm)
ds2 Section 2 diameter (mm)
Famb AMB load capacity (N)
Gyu y and u components of transfer-function matrix
Gyw y and w components of transfer-function matrix
Gzu z and u components of transfer-function matrix
Gzw z and w components of transfer-function matrix
lend Rotor end length (mm)
ls1 Section 1 length (mm)
ls2 Section 2 length (mm)
u System input
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w Disturbance force (N)
w1 Disturbance force to impeller
y System output
z Performance output constraints (mm and N)
zDDE Drive end sensor displacement (mm)
zDNDE Non-drive end sensor displacement (mm)
zFDE Drive end bearing force capacity (N)
zFNDE Non-drive end bearing force capacity (N)
zIMP Impeller displacement (mm)

I. INTRODUCTION

H IGH-SPEED electric machines enables to achieve high
efficiency and high power density, i.e., compact struc-

ture. This is especially desirable in the industry when the
sustainability and carbon footprint over the lifecycle of
the product are focused, e.g., by using fossil-free steel or
green steel [1], [2]. Often advanced bearing technologies
are also involved, as they give the capacity to influence the
performance during operation, such as with active magnetic
bearings (AMBs). Also rolling element bearings (REBs) and
journal bearings are utilized, but they have limited capacity
for active control. AMBs are commonly used in the high-
speed and high-power machines (hundreds of kilowatt to
megawatt range), where the losses of REBs are high and the
remaining useful lifetime (RUL) is related highly to the loads
experienced during the lifecycle. In this study, the focus is on
AMBs as those have by nature the possibility to influence the
dynamic behavior of the system, i.e. enabling active influence
and vibration dissipation strategies. As the AMBs are actively
controlled, they require high sampling information of the
rotor position with respect to the stationary part, which
requires a displacement sensor. [3] Typically in the integrated
solution, the rotor is supported with two radial AMBs and
an axial bearing to withstand the load from the application,
e.g., compressor. Integrating the application directly to the
machine is attractive, as the whole construction can be
made very compact and avoid additional components such
as gearbox and extra bearings, e.g., due rotating standalone
compressor. The drawback of a highly integrated solution
is its lack of modularity, a requirement of highly skilled
persons to optimize the operation and e.g., adjusting the
AMB’s performance at the operation and higher power rates
at the manufacturing. [4], [5] To improve the scalability and



modularity, multiple bearings are proposed in the integrated
machine structure to accommodate the design for different
applications. [6]

The control of the AMBs in the industry still relies
on the traditional PID controller and is widely applied in
industrial applications due to its robustness and performance,
even though the scientific community proposes several de-
velopments by applying advanced controls for improved
performance. [7]

The design and manufacturing of integrated solutions
require work and at high power rates, the manufacturability
becomes challenging, especially the rotor part, which is
operating near the physical limits. [5] For better modularity a
detailed understanding of the design limitations is important
to understand, i.e. the pros and cons of design changes
to the system performance (disturbance forces, physical
movement of the rotor). In the conceptual design phase,
the computational methods are used, and verified practices
are used to assess the system performance. This can be
further utilized when assessing the limits of each design,
as shown in Kurvinen et al. [8]. The fundamental limits
arise from the length of the rotor and the rotation speed
of the rotor. The larger diameter means higher stresses, and
therefore requires high-strength materials to cope with the
higher loads. The length of the rotor is related to the rotation
speed, i.e., the long rotor goes to resonance at a lower speed
compared to the shorter rotor. The industry trend is going for
higher power applications, e.g., as reported in Moghaddam,
most of the machines were below 1000 kW [9] and recent
examples in megawatt size have been published [8], [10]
with the integrated solutions. To achieve higher power and
increased speed the challenges to handle higher stresses and
yet keep the dynamical performance acceptable, i.e. avoiding
resonances creates design challenges.

The dimensioning and positioning of the AMB affect the
performance of the system. The AMBs are typically dimen-
sioned based on the static load, i.e. structure own weight,
which they should be able to carry and multiplying that with
a factor 4-7 [6], also the maximum pressure achievable with
magnetic forces are limited [6]. The AMB dimensions (length
and outer radius of the magnetic bearings) are important
parameters for achieving magnetic levitation. The dimensions
are calculated based on the force specification along with a
factor of safety for levitating the rotor under the dynamic
loads during operation [11]. Similarly, the location of the
AMB is also very significant. AMB utilizes feedback from
position sensors to calculate the current and generate the
required amount of force in the corresponding direction to
keep the shaft at the center. To ensure this, the nodal location
of the operational mode should not coincide with the location
of either the sensors or the actuators. This is referred to as
‘non-collocation’ of the gap sensors, bearing actuators, and
the nodal locations and it is an important checkpoint in AMB
design [12].

Often the AMBs are identical both in the driven end
and non-driven end. However, in the application of a com-

pressor, the driven end experiences dynamical loads from
the application, which gives higher requirements for the
bearings to cope. In systematic engineering [13], the first
step is to define the requirements, and the following step is
to explore different conceptual designs. In electric machines,
for the conceptual design and layout of the rotor, there is still
space for more optimization of the system performance. In a
typically integrated rotor, electric machines are producing the
torque, bearings to support the structure, position measuring
planes to input the position information for AMBs, backup
bearings to guarantee the performance in the event of power
outtake, and balancing planes to get the rotor balanced, seals
to prevent leakages and achieving high efficiency to the
system.

The nodal locations and vibration mode shapes are re-
quired to consider already in the design phase to avoid
positioning the bearings and sensor locations directly on top
of the nodal locations.In this case, the bearings or sensors
can control the mode, as it cant be detected with sensors
or actuated with the bearings. The rotor can be controlled
in case the sensor is located on another side of the nodal
location than the bearings, i.e. with non-collocation, where
the phase difference is compensated in the control design.
However, the position of the bearings and sensors has a great
influence on the amount of authority that they have with
respect to the vibration modes. Therefore the largest distance
from the nodal location would be desirable to maximize the
authority. In the study, the performance of the conceptual
design phase rotor is assessed. The objective is to dimension
the DE bearing and find the optimal locations for the bearings
and sensors concerning the performance and authority to
control vibration modes.

In the AMBs the bearings are designed for specific load
capacity, i.e. loads that it should be able to support. In
addition, there is air gap length between the rotational and
stationary parts. As per standard definition, backup bearings
are needed, and their airgap length is typically half of the total
air gap length, i.e., the rotor can move radially half of the
airgap length before dropping to the backup bearings, which
ensures that the operability of machine withstands in case of
power malfunction or exceeding loads to the system. In the
design phase of AMBs, the system sensitivity and capacity
to handle additional load can be assessed with limiting load
capability effectively with computationally efficient modeling
methods for example as shown in Kurvinen et al. [4],
where the additional radial force is induced in compressor
application to the impeller.

The novelty of the present study is proposing a method
for conceptual phase design to optimize the bearing size and
its position in the rotor, in order to have the largest authority
concerning the disturbance loads to the rotor. This enables
to dimension and position of the AMBs in the conceptual
design phase effectively.



II. MACHINE LOAD CAPACITY

Computational efficient physics-based simulation tech-
niques are useful in the design phase, where a different
combination of designs and related parameters are explored.
When designing a high-speed electric machine rotor, Tim-
oshenko beam element [14] based models are utilized in
the conceptual design phase. The geometries are symmetrical
around the rotational axis, and therefore the simple element
type can represent the system and its dynamic behavior well.
In addition, assessing the dynamical properties can be done
with a low amount of elements to account for the dynamical
properties accurately, and therefore the more coarse number
of elements gives enough good criteria for understanding the
dynamics.

To study input and output for a linear system the equation
of motion can be presented in state-space form. It is widely
used and applied in control engineering. [3] The dynamical
model of a rotor system can be represented in state-space
form when mass, stiffness, and damping matrices are known.
In addition, information about nodal locations is needed to
assess the input and output locations and their physical units.

Active magnetic bearing load capacity can be estimated
by the physically possible electromagnetic force per area,
e.g., with traditional laminate material, 37 N/cm2 and by
multiplying the projected area, i.e. diameter of the bearing
with the length of the bearing [6]. Therefore in the design
phase, the basic value for the physically possible bearing
force can be estimated. The controllability of the AMBs is
related to bearing and sensor collocation with the vibration
modes’ nodal locations. In the control design phase, the
non-collocation can be considered with the phase difference,
however at nodal locations the detection or acting for a
specific vibration mode is compromised. [3]
Machine load capacity based on singular value decomposition
(SVD) method [15] is used similarly as was described in [4]
for the objective of determining the physical limits in the
conceptual design phase. This allows for justifying the sizing
and locations of the bearings at the rotor.

The disturbance force (w) input is applied to the applica-
tion end in the radial direction, i.e., to the impeller, where,
e.g., the force due to the unbalance occurs during operation,
for example from dirt accumulation or failures. The rotor
construction is overhang type, and at the end of the rotor,
the force has the biggest moment arm and therefore creates
the largest disturbance effect. The load capacity is defined by
the maximum allowed force that the performance output con-
straints (z) are not violated, i.e. the displacement constraint
(at sensor locations and impeller location) and maximum
force capacity that AMBs can produce. The rotordynamics
calculation model is used to assess the load capacity by
forming it in the state-space form and calculating the H2
norm optimization control calculation as shown in [4] and is
here shortly described.

The normalized response of the system with respect to
the disturbance input can be calculated as

z̄ = Gzww +Gzuu (1)
y = Gyww +Gyuu (2)

The maximum disturbance force is defined to be the largest
force applied as input w that the normalized measured output
quantities, z̄, are less than one in magnitude. Appendix I
depicts the used calculation algorithm loop.

Limiting performance is defined as the limiting distur-
bance force to the system that the output quantities are not
exceeded while the AMB’s physical properties and system
dynamical behavior is guaranteed. In the study, the distur-
bance force is given in the frequency domain and the limiting
output criteria is selected out of the quantities, i.e. which is
the limiting factor at different frequencies. In the analysis, the
controller performance is assumed to have infinite bandwidth,
i.e. simplifying the analysis and also giving some limitations
for the performance. For the design purpose, especially in the
conceptual design phase, the overall relations between differ-
ent parameters are important, and therefore the justification
for omitting the control design is justified.

This is accomplished by replacing u with u∗ (ideal) from
Eq. (1) by calculating the two norm (eucledian norm) as [4]:

u∗ = argmin
u

|z̄|2 , (3)

which enables to represent the system as:

|z̄|22 = w′G′
zwGzww + u′G′

zuGzuu+ 2u′G′
zuGzww (4)

This produces the 2–normed optimal response to any given
disturbance load w:

z̄ =
[
I −Gzu (G

′
zuGzu)

−1
G′

zu

]
Gzww ≡ How (5)

The largest possible induced 2–norm is then σ̄(Ho). Given
the proxy objective to find the smallest w that produces |z̄|2 =
1, this means that the machine load capacity would be

wmax,2(jω) =
1

σ̄(Ho(jω))
(6)

The 2-normed solution is representing the average band-
width with respect to the frequency spectrum, whereas the
infinity norm would enable to optimization of the perfor-
mance to a specified frequency range, i.e. optimize the
performance better at limited bandwidth. In addition, the
analysis does not consider the amplification, sensor noise, or
slew rate, which limits the actual achievable performance at
higher frequencies. However, the analysis assesses the overall
behavior and enables a comparison of different configuration
effects on the system performance.

III. CASE STUDIES

In the study, the case studies are selected that represent
typical high-speed and high-power electric machines. The
varied geometries thereby are extrapolated from the realistic
machine. A basic model shown is described in the following
section, which is modified by shifting the drive-end AMB



closer to the impeller while keeping the total length fixed.
Three different cases are evaluated and their effect on the
capacity to handle disturbance loads and nodal locations are
studied to estimate the feasibility and performance capability
of the different rotors.

A. Rotor models

A finite element method (Timoshenko beam elements)
was used to develop the model of the flexible rotor. The
solid steel rotor was modeled with 27 Timoshenko beam
elements. The impeller, bearing and motor laminations, and
thrust disk was modeled as lumped mass elements, e.g., they
were assumed not to produce additional stiffness to the rotor.
The model was used to produce the rotor state-space model
and calculate the free-free modes and frequencies.

In the study, a baseline model rotor from [8] is used.
Figure 1a depicts the rotor model with the performance
criterias, z and disturbance load w1 and Fig. 1b the rotor
layout. Table I depicts the rotor parameters.

dem

lem lamb lend

dambdend

ls1

ds1 lsens

ls2

lcuds2

w1zIMP.zFNDEzDNDE zDDE zFDE

(a)

Axial disk Electric motor Impeller

Radial AMB

SensorSensor

Radial AMB

(b)

Fig. 1. (a) Rotor main dimensions and inputs and outputs (b) Layout of
the rotor with main components

A state-space model is created of the rotor, where the
inputs and outputs are defined as shown in Fig. 1, i.e.
five outputs, three displacements (zDNDE, zDDE and zIMP)
corresponding non-drive end sensor displacement, drive end
sensor displacement and impeller displacement and two
forces zFNDE and zFDE, corresponding non-drive and drive end
bearing force capacities. These outputs represent the actual
rotor boundary conditions for the physical limitations. The
system disturbance load is applied into impeller location in
radial direction, w1. This could be due to unbalance e.g. dirt

TABLE I
BASELINE DIMENSIONS CALCULATED ANALYTICALLY FROM DESIGN

FROM DESIGN REQUIREMENTS

Parameters Case 1 [8] Case 2 Case 3

Rotordynamic Parameters
Rotor mass (kg) 75.3 76.0 76.3
1st free-free frequency (Hz) 651.6 665.4 668.3
2nd free-free frequency (Hz) 1197 1225 1237

Active area from slit stress (Mech)
Active part diameter(mm), dem 164.8 164.8 164.8
Slit max depth (mm) 41.0 41.0 41.0
Slit depth ratio 0.5 0.5 0.5
Nominal stress in tooth (MPa) 88.7 88.7 88.7
Number of slit 38.0 38.0 38.0
Slit width (mm) 2.5 2.5 2.5
Surface velocity (m/s) 130.4 130.4 130.4

Active area from Tangential Stress (EM)
Tangential stress from EM Force (Pa) 21496.1 21496.1 21496.1
Active part length (mm) lem 243.0 243.0 243.0

AMB section
Diameter of AMB (mm), damb 82.4 82.4 82.4
Length of AMB (mm), lamb 106.7 106.7 106.7

AMB load capacity (N) (37 N/cm2), Famb 3253 3253 3253

Rotor end shaft and back up bearing section
Diameter (mm), dend 74.2 74.2 74.2
Length (mm), lend 106.1 96.1* 86.1*
General sections
Section 1 Diameter (mm), ds1 98.9 98.9 98.9
Section 1 Length (mm), ls1 36.5 66.5* 76.5*
Section 2 Diameter (mm), ds2 80.7 80.7 80.7
Section 2 Length (mm), ls2 36.5 16.5* 16.5*

*) DE side length, NDE side similar as in Case 1

accumulation in the compressor impeller. In the analysis, 0.25
mm limit for displacements and 3253 N for force are given,
which comes from the physical limitations.

In the case study three different configurations (Table
I) are explored and their consequently ability to withstand
disturbance force are evaluated.

1) Case 1 is as shown in [8].
2) Case 2 the DE ls1 is 30 mm longer, ls2 20 mm shorter

and lend 10 mm shorter, i.e. shifting the DE AMB
consequently 30 mm closer to impeller, while total
length stays the same.

3) Case 3 the bearing is further shifted 10 mm closer to
impeller by making DE ls1 40 mm longer, ls2 20 mm
shorter and lend 20 mm shorter compared to the Case
1.

B. Results of load capacity calculation

In the study, the frequency range from 0 to 250 Hz
is investigated. In higher frequencies, the control system
limitations come significant, e.g. slew rate. Figure 2 depicts
the maximum disturbance load w1 before violating the set
displacement and force limits. The close-up depicts the
influence of bearing position and its effect on the static load
capacity. The static load capacity varies from 2255 N to 2510
N, depending on the case.

Figure 3a depicts the normalized limiting factors of
displacements in the three different cases. It can be seen that
the limiting displacement is the allowed displacement in the
impeller section.

Figure 3b depicts the normalized limiting factors of
AMB’s load capacity. It can be seen that the DE AMB is



Fig. 2. Normalized system responses. Allowed maximum impeller forces
at ω ∈ (0, 250) Hz

limiting the performance up to 150 Hz, i.e. by increasing
the DE AMB size, it could perform better concerning the
disturbance load. Also, it should be noted that NDE bearing
is using half of its maximum capacity to withstand the
disturbance load, i.e. its size could be minimized.

Figure 4 depicts the FE-model nodal locations and the
first three bending modeshapes overlayed with the geometry.

The change of AMB location is also related to the flexible
vibration modes nodal locations. In order to detect the vibra-
tion modes the nodal locations and collocation with sensor
or actuator location should be avoided. Figure 4 depicts the
three first bending modes and the FE-model related nodes.

Table II depicts the nodal locations of sensors and bear-
ings and the distance to the closest nodal location and
corresponding vibration mode.

IV. DISCUSSION

In the study, the location of radial AMB and its sensitivity
to output performance was assessed. The positioning is sen-
sitive to the achievable disturbance loads. For example, static
maximum disturbance load was from 2254 N to 2510 N when
the AMB position was changed 5 cm in an 85.44 cm rotor.
The calculation methodology omits the sensors and those
dynamic effects, which would be used in the feedback loop
of the actual system. The analysis method assumes an ideal
situation, where all the system states are perfectly known, i.e.
optimistic measurements. This means that an actual feedback-
controlled system load capacity is expected to be less than
the shown in the calculations, depending on the desired
performance bandwidth. However, it shows the theoretical
limitation, which can be used to estimate the final design
expected performance limits. In high-speed machines the
design is highly iterative and requires a feasible initial design
to converge final design, thereby the rapid iterations and early
design choices for the final product are important to consider.
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Fig. 3. Maximum singular values of the idealized closed-loop responses
at respective locations to unbalance force from the impeller. At the AMBs
the forces are measured; while at the sensor and impeller locations positions
are measured. (a) Displacements as limiting factors (b) Forces as limiting
factors

Dynamics and bandwidth limitations of the actuator can be
included in the plant model with the inner current control
loop approximated with the low pass filter, for example as
in [6]. The proposed methodology allows studying different
application options and situations, e.g., different speeds, and
performance capability with different weight impellers. Also,
it can be used for sensitivity study to identify the parameters
and their relation to other parameters, similarly as shown in
[8].

V. CONCLUSIONS

In the study, the method for assessing the radial AMBs
location and size in the conceptual design phase was de-
veloped. A case study with three variations was shown
and the performance was assessed and compared. By this,
the controllability of the bearings and authority for flexible



TABLE II
NODAL LOCATIONS AND CLOSEST BENDING MODES (FIRST THREE EVALUATED) NODAL LOCATIONS

Case 1 Case 2 Case 3
Location [m] Distance [m] Modeshape Distance [m] Modeshape Distance [m] Modeshape

Sensor 1 (NDE) 0.1476 0.0088 2nd bending 0.0110 2nd bending 0.0119 2nd bending
AMB 1 (NDE) 0.2059 -0.0149 1st bending -0.0114 1st bending -0.0106 1st bending
AMB 2 (DE) 0.6485 -0.0278 1st bending -0.0274 1st bending -0.0270 1st bending
Sensor 2 (DE) 0.7069/0.6302 -0.0609 2nd bending 0.0369 3rd bending -0.0453 1st bending

Fig. 4. Modeshapes and their nodal locations. Nodes 8 and 21 are sensors
(NDE and DE) and 10 and 19 the AMBs (NDE and DE)

modes can be maximized while the sizing of the bearings can
be optimized. The method is especially important in cases,
where more than two bearings are utilized and the rotor is
coupled with the application or additional rotor, where the
flexibility of the rotor should be well known. The method
enables to the assessment of the controllability and flexible
modes of nodal locations in the early stage of the design. For
future studies the modularity of design should be studied,
i.e. what size of application or rotation speeds the given
designs can handle with different applications. In addition the
optimization of bearing sizes with respect to the disturbance
loads. In a detail design, the closed-loop performance should
be assessed.
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“High-speed electrical machine with active magnetic bearing system
optimization,” IEEE Transactions on Industrial Electronics, vol. 64,
no. 12, pp. 9876–9885, 2017.

[12] K.-C. Lee, D.-K. Hong, Y.-H. Jeong, C.-Y. Kim, and M.-C. Lee,
“Dynamic simulation of radial active magnetic bearing system for high
speed rotor using adams and matlab co-simulation,” in 2012 IEEE
International Conference on Automation Science and Engineering
(CASE), 2012, pp. 880–885.

[13] G. Pahl and W. Beitz, Engineering Design: A Systematic Approach,
3rd ed. Springer Verlag, United Kingdom, 2007.

[14] R. D. Cook et al., Concepts and applications of finite element analysis.
John wiley & sons, 2007.

[15] H. Cloud, G. Li, L. E. Barrett, W. C. Foiles, and E. H. Maslen, “Prac-
tical applications of singular value decomposition in rotordynamics,”
Australian Journal of Mechanical Engineering, vol. 2, no. 1, pp. 21–32,
2005.

VI. APPENDIX

Calculation algorithm

Calculation points ω1, ω2, ..., ωn

for ωi is 1 to ωn frequency range
K = C / (ωi · I - A)-1

Gzu = Du + K · Bu

Gzw = Dw + K · Bw

Gp = (I - (Gzu’ · Gzu
-1) · Gzu’) · Gzw

p = |Gp|max

fm(i) = 1 / p
end
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