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Dynamic characteristics of a paper machine roll have been widely investigated for decades. Vibration of the rolls decrease the paper quality and excites the structures of the
paper machine. Therefore, vibration must be avoided and kept at its minimum. Vibration of a rotor develops periodic radial bearing forces, which are connected to the amplitude and the frequency of the vibration. Vibration based forces are unnecessary dynamic
forces, which increase the bearing load in addition to unavoidable rotor mass and the
external loads of the process.
This experimental study presents the amplitudes of the dynamic bearing force caused by
a vibrating rotor and enables further measurements and research about the correlation
between the radial bearing force and e.g. acceleration data. During the research
knowledge about the dynamic behavior of the rotor and developed forces can be increased. The improved knowledge leads to a lower bearing force level, which decreases
the oversizing of the structures, enables the design of lighter and more cost-effective
structures, extends the lifespan of the machine and improves the quality of the end
product.
The dynamic radial bearing force amplitudes of a paper machine roll are merely available through simulation models, since physical force sensors are not mounted on the paper machines. Typically, the monitoring of a paper machine is focused on the vibrations
of the paper machine rolls, since it is more relevant for to the quality of the paper than
the amplitudes of force. Vibration troubleshooting and monitoring tasks have typically
been realized through the easy-installed accelerometer measurements. The force measurement of the paper machine roll can produce similar information about the behavior
of the rotor and its vibrations as acceleration measurement in addition to the radial force

amplitudes. However, utilization of force measurements in vibration monitoring was not
found based on a literature survey.
The radial bearing force measurement was accomplished by building a test rig and a
measurement device for an industrial-size paper machine roll. The radial bearing forces
were measured as close as possible to the action point of the load to produce reliable
results.
The results present the force measurement data, which were acquired with the calibrated
and verified measurement device implemented during this study. The measured results
revealed the forces affecting on both ends of the test roll. The data was analyzed with
Fast Fourier Transform (FFT) to present the forces in the frequency domain and to investigate their harmonic components. The measured forces, which were divided into
harmonic components, could be discovered and destabilizing excitations could be defined more efficiently. Based on the present study high harmonic components could be
distinguished with the force measurement. The results were compared with two reference measurements, which utilize acceleration and position sensors.
The results cannot be generalized, since the measuring results consider only the roll of
this research. The roll, the bearings, the bearing support and the foundation form the
rotating system, which is always individual. Parameters and excitations affecting to the
behavior of the roll are different in every roll. However, the similar behavior can be
assumed to be on other flexible rotors as well and those can be measured with similar
methods as the present study.
In further research additional knowledge about the behavior of the roll and correlations
between force, position and acceleration can be achieved for both the scientific and
practical engineering purposes with the dynamic bearing force measurement and a simultaneous acceleration or position measurement.
Keywords: rotor dynamics, bearing force measurement, measurement device, paper
machine roll, subcritical resonance vibration.
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Paperikoneen telan värähtelyominaisuuksia on tutkittu laajasti jo vuosikymmeniä.
Värähtely heikentää paperin laatua ja aiheuttaa herätettä paperikoneen rakenteisiin.
Tästä johtuen värähtely yritetään pitää minimaalisena. Roottorin värähtely aiheuttaa
jaksollisia laakerivoimia, jotka ovat yhteydessä värähtelyyn. Värähtelyn aiheuttamat
voimat

ovat

ei-toivottuja

dynaamisia

voimia,

jotka

lisäävät

laakerivoimia

välttämättömän roottorimassan ja muiden prosessista aiheutuvien rasitusten lisäksi.
Tämä kokeellinen tutkimus keskittyy värähtelevän roottorin aiheuttamiin dynaamisiin
voimiin ja mahdollistaa myöhemmän mittaamisen ja korrelaatioiden tutkimisen
laakerivoimien

ja

esimerkiksi

kiihtyvyysmittauksen

välillä.

Tietoa

roottorin

dynaamisesta käyttäytymisestä ja syntyvistä voimista voidaan parantaa tällä
tutkimuksella. Paperikoneen telan dynaamisten ominaisuuksien parempi tunteminen
vähentää rakenteiden ylimitoitusta, mikä mahdollistaa rakenteiden suunnittelun
kevyemmäksi ja halvemmaksi, lisää koneen käyttöikää ja parantaa lopputuotteen laatua.
Telan

värähtelyn

aiheuttamia

dynaamisia

laakerinvoimia

on

saatavilla

vain

simuloimalla, mikä tarkoittaa, että fyysisiä voima-antureita ei ole asennettuina
paperikoneissa. Yleensä paperikoneen anturointi keskittyy paperikoneen telojen
värähtelyyn, sillä se on isompi tekijä paperin laaduntarkkailussa kuin voimamittaus.
Värähtelymittaukseen perustuvaa vianetsintää ja prosessivalvontaa on tehty tyypillisesti
helposti kiinnitettävillä kiihtyvyysantureilla. Voimamittaus pystyy tuottamaan saman
informaation roottorin käyttäytymisestä ja sen värähtelystä kuin kiihtyvyysmittaus
laakerivoimien lisäksi. Kuitenkaan, voimamittausta ei käytetä värähtelymittauksiin
kirjallisuusselvityksen mukaan.

Laakerivoimamittaus suoritetaan rakentamalla koepenkki sekä mittalaite teollisuudessa
käytettävälle paperikoneen telalle. Laakerivoimat pyritään mittaamaan mahdollisimman
läheltä voimanvaikutuspistettä, että saavutettaisiin mahdollisimman luotettava tulos.
Mittatulokset saatiin kalibroidulla ja verifioidulla mittalaitteella, joka oli rakennettu
tämän työn aikana. Mittaustulokset paljastivat telan laakereihin syntyvät voimat
kummassakin päässä telaa. Tulokset analysoitiin käyttäen nopeaa Fourierin muunnosta
(FFT), jotta voimat saatiin taajuustasoon harmonisten komponenttien tutkimiseksi.
Mitatut

voimat

ja

niiden

amplitudit,

jotka

olivat

esitettyinä

harmonisina

komponentteina, voitiin löytää ja telan värähtelyä aiheuttavat herätteet voitiin rajata
tehokkaammin. Tämän tutkimuksen perusteella voitiin huomata, että korkeat harmoniset
taajuudet

voitiin

havaita

voimamittauksella.

Tuloksia

verrattiin

kahteen

referenssimittaukseen, jotka oli toteutettu kiihtyvyys- ja paikka-antureilla.
Tuloksia ei voitu yleistää, sillä mittaustulokset koskevat vain tämän tutkimuksen telaa.
Tela, laakerit, laakerin tuenta ja perusta muodostivat pyörivän systeemin, mikä on aina
yksilöllinen. Parametrit ja herätteet, jotka vaikuttavat telan käyttäytymiseen muuttuvat
joka telassa. Kuitenkin samanlaista käyttäytymistä voidaan olettaa olevan myös toisissa
joustavissa roottoreissa ja ne voidaan mitata samalla tavalla kuin tässä tutkimuksessa.
Myöhemmässä

tutkimuksessa

voidaan

saavuttaa

lisäarvoa

ja

korrelaatioita

laakerivoiman, siirtymämittauksen ja kiihtyvyysmittauksen välillä tieteellisiin ja
käytännön tarkoituksiin dynaamisella laakerivoimamittauksella ja samanaikaisella
kiihtyvyys- tai siirtymämittauksella.
Asiasanat: roottoridynamiikka, laakerivoimamittaus, mittalaite, paperitela, alikriittinen
värähtely
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NOMENCLATURE
d

Diameter of the shaft

Dpitch

Diameter of the pitch of the bearing

Dball

Diameter of the ball of the bearing

E

Elastic modulus of the shaft

f

Functional relationship

f1

Natural frequency of the first bending mode

fb

Rotating frequency of the rolling element

fc

Rotating frequency of the cage of the bearing elements

fi

Rotating frequency of the inner ring of the bearing

fir

Frequency of the inner race excitation

fo

Rotating frequency of the outer ring of the bearing

for

Frequency of the outer race excitation

fp

Sum of a periodic signal

i

Number of the summations

I

Second moment of area of the shaft

k

Spring constant

l

Length of the shaft

m

Mass of the disc of the Jeffcott rotor

N

Number of rolling elements

Nlobe_i

Number of lobes of inner ring of bearing

Nlobe_o

Number of lobes of outer ring of bearing

noise

Random noise signal

u

Standard uncertainty

uc

Combined standard uncertainty

x

Sum of a periodic signal fp and additive noise

xi

Input estimate

X

Input quantity

y

Output estimate

Y

Output quantity

β

Ball-groove contact angle

ωi

Rotating speed of inner ring of bearing

ωo

Rotating speed of outer ring of bearing

ωb

Rotating speed of ball of bearing

ωc

Rotating speed of cage of bearing elements
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1 INTRODUCTION
1.1 Background
In the papermaking industry, paper machines have hundreds of rotors forming, guiding
and manipulating the paper, which necessitates a complex sensor system. Nevertheless,
better knowledge of the dynamic behavior of the individual components of the paper
machine remains relevant. Powerful analysis tools for data and big data post processing
have been developed and new correlations between the signals of the sensors and the
dynamic behavior of the rotating machinery can be found. The recent trend is to build
an updating model, “digital twin”, which connects a simulation, learning algorithms and
sensor data of the object, and can predict and indicate the current state of the object in
real time. Therefore, the monitoring of the machines is increasing to gather relevant data
for further data analysis, which leads to a better knowledge of the production and the
correlations between the measured data.
Typically, it is simpler to study the dynamic behavior of a paper machine by the acceleration measurement than the force measurement. The radial forces in the bearings are
not a problem in the paper production and thus the real amplitudes of the radial forces in
the bearings are usually unknown. Dynamic radial forces are harmful and cause additional load to the bearings and the structures of the paper machine. Published studies in
this field are scarce, since the focus has been on parameters affecting the end product.
More attention has been given to vibration measurements of the paper machine roll,
since the vibration, through the surface movement of the roll against the paper, has a
direct effect on the paper quality. Now, by combining modern data analysis, physical
simulation models and machine learning, it is possible to discover new correlations between the radial bearing forces, bearing faults and typical acceleration measurements
from the bearing housing of the roll, which can lead to a more effective and simple
monitoring system and improve the design of the paper machines.
Considering the practical use of radial bearing force sensors in operational conditions, it
is not likely that paper machines will be equipped with force sensors in the near future.
New paper machine rolls could be equipped with force sensors to the paper machine in
the assembly phase, but it is laborious to integrate sensors in older paper machine mod-
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els. The difficult installation of the force sensors to the functioning bearings impedes
their implementation. Modifying the bearing housings to enable the force measurement
increases the complexity of the system and it is expensive compared with the benefits
provided by the sensors. However, the advantage in the industrial environment is
achievable considering the knowledge of the behavior of the radial bearing force by
investigating the correlations with affordable and easy-to-implement measurements,
such as acceleration measurements.

1.2 Research problem
Vibration based dynamic loads in bearings and structures of a paper machine are typically unknown. Dynamic loads are harmful for the bearings and structures causing
premature maintenance breaks, which lead to expensive delays in the production, and
decrease the quality of the end product. The magnitude of the load, which is used in the
dimensioning of the structures during the design phase, is often based on numerical
simulations or experience. The paradigm in the simulation based bearing dynamic load
estimation is the uncertain results, since they are typically not verified or compared
against any measured values. Using approximated load with relatively large uncertainty
leads to oversizing of the bearings and the structures of a paper machine, since the true
values are unknown. The uncertainty increases, when switching from a static case to a
dynamic case. Accurate results, regarding the dynamic bearing force, demand almost
perfect knowledge of the investigated rotor system, which is virtually impossible.
Therefore, the simulation results represent only the best estimation of the possible dynamic force distribution. Consequently, to reach accurate, real-time and close to true
value of the dynamic radial bearing force, a physical dynamic radial force experiment
must be developed.
The radial force magnitudes in the bearings and their variation are unknown during the
rotor operation. The radial bearing forces are developed from numerous sources and
appear strongly at the natural frequency (critical speed) and at subcritical resonance
frequencies. The subcritical resonance appears as a peak, when the excitation frequency
equals the natural frequency. Excitation can occur many times per a revolution, which
leads to the subcritical resonance below the natural frequency. These subcritical resonances are present at 1/2, 1/3, 1/4, etc., times the natural frequency. Paper machine rolls are
typically designed to function under the critical speed and often also under the first sub-
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critical, “half-critical”, speed to avoid excessive vibration. (Juhanko, 2011; Widmaier,
2012)
Correlations between the dynamic radial force in the bearings and the excitation sources
need to be investigated, before the information can be utilized in other applications,
such as dimensioning and vibration control. The radial forces have a strong relation with
the vibration of the roll, which conducts the process loads to the bearings. Therefore, it
can be expected that the radial bearing forces have similar excitation mechanisms as the
vibration, which is observed on the roll. However, the crucial factor for the high radial
forces in the bearings can be considered to be attributable to the natural frequency of the
paper machine roll. If the rotating frequency of the paper machine roll coincides with
the natural frequency or one of its subcritical harmonic resonance frequencies of the
rotor system, a resonance vibration is detected with increased amplitudes. (Friswell et
al., 2010)
The large industrial size rotor presents an additional challenge for the measurement
task. Commercial solutions for the bearing force measurements in this scale are not
available, thus the measurement device had to be developed. The device was expected
to have a stable response to the excitations discussed in the previous paragraph and the
measurement had to be calibrated and verified against a known force.

1.3 Aim of the research
The aim of the research was to develop a method to measure and study the dynamic
bearing radial forces in a paper machine roll. The research focused on force amplitudes,
frequencies and their variation in relation to the roll speed and to the natural and the
subcritical resonance frequencies. The dynamic bearing force experiment was prepared
by developing a test rig including a paper machine roll supported by spherical roller
bearings. Radial bearing force sensors for the bearings of this scale do not exist, which
led to a custom-made solution. The measurement device was calibrated and the results
were verified with a known load to ensure accurate results.
The dynamic radial bearing forces have a negative effect on the bearings, when the
bearings experience an excessive load. The dynamic, periodic load increases the fatigue
and corrosion in the rolling elements and is thus harmful considering the lifespan of the
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bearings (Czichos, 1978; Sunqvist, 1986; Kivioja, Kivivuori and Salonen, 1998). The
present study clarifies the amount of the dynamic load on the bearing. Increased
knowledge about the effects of excitations and the vibration prevention enables the development of lighter paper machine structures and the selection of too large bearings. In
further research, the developed force measurement method enables the comparison of
the results with the affordable and easily installed accelerometer measurement results.
Furthermore, considering the further research, this experimental test setup enables the
investigation of correlations between the studied bearing forces and effects of various
excitations and certain paper machine parameters, such as the external loads developed
by the paper web tension, nip loads, the variation of the bearing support (Heikkinen,
2005) and the bearing geometry (Viitala, 2018). The analyzed results can be effectively
utilized in the design and development of a paper machine roll and a paper machine.
The results of the experiment are not only restricted to paper machine rolls but can also
be used in other industries where similar roller bearing supported and large rotors are
used. These possible fields of application include for instance metal forming machines,
wind mills, electric machines, turbines and maritime industry.

1.4 Scope of the research
The present study concentrates on the measured amplitudes and frequencies of the radial
bearing force of a large rotor, and their variation at different frequencies in the bearings
of a large rotor. The phases of the radial bearing forces were not investigated. The test
rotor was a paper machine roll, the bearings conventional two-row spherical roller element bearings and foundation was built for this experiment. The results of this present
study apply only to this certain rotor system. The static force originating from the mass
of the rotor is present in the bearings, but its effect was excluded from the study.
Vibrations in a rotor are caused by multiple reasons. However, in the present study the
vibration excitation sources were excluded. Vibrations in this research were generated
randomly from the excitation sources present in the test rig.
The industrial applications utilizing large rotors have multiple factors, which all have
their own impact on the radial bearing forces. Examples from the paper industry are the
bearing support variations, external load caused by web tension and the nip. Investiga-
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tion of the effect of these factors on the radial bearing forces was out of scope of this
study.
The work utilizes earlier studies (Koene, 2017; Viitala, 2018) about the characteristics,
such as natural frequencies, of the paper machine roll under investigation. Furthermore,
some methods and programs for the data analysis were developed during earlier studies.

1.5 Research methods
The literature research, presented in Section 2, was finished before the beginning of the
design process and was the basis for the whole experiment. The literature study consisted of published research concerning the topic in addition to patents regarding radial
bearing force sensors. Furthermore, the fundamentals of the rotor dynamics were presented briefly.
During the experimental phase, the test bench was built with the required features. The
major part of the test bench was built during earlier studies in the same laboratory. To
accomplish the necessary measurements, the experimental procedure was designed and
the appropriate set of measurement instruments were chosen to fulfill the requirements.
The radial force measurement device was implemented by combining new force sensors
and existing measuring instrument designed by Pirttiniemi (2004).
Data processing was realized with an external PC after the data acquisition, since realtime results were not important in the present study. The results were produced by using
commercial measurement signal processing software.
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2 STATE-OF-THE-ART REVIEW
This chapter composes the theory concerning the developed measurement method. The
existing solutions are presented and used technology in the experiment is clarified. The
first section of this chapter concentrates to the basics of rotor dynamics. The second
section introduces and explains the most important excitation sources for the radial
forces of the bearings. The third section presents and clarifies the technology behind the
radial force measurement and the fourth part introduces other proposed designs and alternative solutions for the radial force measurement.

2.1 Rotor dynamics
In the paper industry, significant part of the quality of the produced paper depends on
the paper forming rolls, since the errors in the manufacturing or in the design phase lead
to the vibration of the rolls. The movement of the roll is copied on the paper web, which
has a direct effect on the quality of the end product.
The investigated dynamic bearing forces are in strong relation to the vibration of the
rotor. The vibration is derived from different excitations produced by the rotor itself, the
bearings of the rotor and external loads against the rotor. These excitations are sources
of larger vibration of the rotor, which emphasizes at natural and subcritical resonance
frequencies.
2.1.1 Natural frequencies and subcritical resonance frequencies
The aim in a paper machine roll design is to avoid unnecessary vibration at the operating speed in addition to all other properties, which affect negatively on the paper quality. The harmful vibration and the radial forces occur generally only in the specific frequency ranges: the natural and subcritical resonance frequency ranges, in which even
small excitations can cause excessive vibration and radial forces to the bearings.
All objects have natural frequency as well as the paper machine roll. The natural frequency, which depends basically on dimensions, stiffness and damping of the object,
can be calculated and predicted in design phase. At the natural frequency the only restrictive factor for an uncontrollable vibration of the object is the damping, which has a
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substantial effect to the amplitude of the vibration. Figure 1 illustrates the effects of the
damping and the natural frequency of a rigid single degree-of-freedom system.

Figure 1. Above: Magnitude of vibration. Below: Phase shift of vibration. The different curves present the different damping values. The frequency ratio is the ratio
of the excitation frequency and the natural frequency. Obviously, when the frequency ratio is one, phase is shifted 90 degrees and magnitude is at its maximum.
If the damping value is increased enough the peak does not occur. (Friswell et al.,
2010)
As presented in Figure 1, resonance occurs if excitation frequency and the natural frequency are equal. Excitation, which appears many times per revolution, also known as
harmonic excitation, can lead to resonance below the natural frequency. This frequency
is called subcritical resonance frequency. The subcritical resonance frequencies appear
at fractions of the natural frequency.
E.g. excitation occurs two times per revolution, this excitation has a frequency, which is
two times the rotating frequency. Thus, the resonance is produced ½ times the natural
frequency, when the excitation frequency coincides with the natural frequency.
The most effective way to avoid an unwanted vibration is to eliminate all possible excitation sources, which would lead to a clean rotation of the roll without the vibration.
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Because this is impossible, a more reasonable way is to diminish the vibration to its
minimum by avoiding the natural and subcritical resonance frequencies at operating
speed. The resonance ranges of the natural frequency and subcritical resonance frequencies can be generally avoided in an early phase of the paper machine roll design by raising the natural frequency over the known operating speed. The natural frequency can be
raised by e.g. increasing the stiffness of a paper machine roll.
For a simple estimation of the natural frequency of a rotor, where a mass of the rotor is
concentrated towards the center of the rotor and midway between the bearings, a simple
model called a Laval shaft or Jeffcott rotor can be utilized. (Krämer, 2013) The principle of the model is illustrated in Figure 2.

Figure 2. Jeffcott rotor. The model consists of a massless shaft, at the middle of
which is a fixed rigid circular disc and which is supported by rigid bearings. The
model has three degrees of freedom. (Krämer, 2013)
The estimation of the natural frequency can be solved by utilizing a simple formula and
properties of the Jeffcott rotor presented by Krämer (2013):

𝑓1 =

1
𝑘
√
2𝜋 𝑚

where f1 is the natural frequency, m is the mass of the disc and

(1)
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𝑘=

48 𝐸𝐼
𝑙3

(2)

which presents the elastic stiffness of the shaft of the rotor. E is elastic modulus and l is
the length of the shaft.
𝜋 𝑑4
𝐼=
64

(3)

which presents the second moment of area of the shaft and d is the diameter of the shaft.
Thus

𝑓1 = 0.244√

𝐸 2
𝑑
𝑚𝑙 3

(4)

where we can easily interpret the affecting parameters on the natural frequency. The
most crucial factor is the variable with the highest power, thus the length of the shaft
has the largest effect to the natural frequency; the longer shaft, the lower frequency. The
second strongest factor is the diameter of the shaft and the following factors are the
mass of the rotor and elastic modulus of the rotor.
In addition to the designing parameters above, damping and stiffness of the foundation
must be estimated and taken into account in the design, since the characteristics of the
roll can be radically changed, when the stiffness of the support changes. The change can
shift the natural and subcritical resonance frequency range critically at the operating
frequency and excessive vibration occurs.
The subcritical resonance frequencies are present below the natural frequency and cannot be avoided in the rolls. Operating at the subcritical resonance frequencies are unavoidable during the acceleration towards the operating speed causing unwanted vibration and radial forces. The paper is always produced at the operating speed, thus passing
subcritical resonance frequencies do not has an effect on the quality of the paper, but
radial forces are developed loading the bearings and the structure of the machine.
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If the operational conditions of the roll differ from the design criteria, the natural or
subcritical resonance frequency may coincide with the operational rotating frequency.
New parts in the support structure of the roll, new bearings, or other maintenance operations can change the rotating conditions critically. The change in these conditions may
affect the damping or stiffness of the rotating system and thus cause a shift for the natural and subcritical resonance frequencies.
The roll used in the present study can be considered as a flexible, homogenous beam
which has an indefinite number of bending modes and corresponding natural frequencies (Juhanko, 2011). Flexible and rigid rotor models have different bending modes that
are shown in Figure 3. In this research, the natural frequency of the roll is considered to
be the first bending mode natural frequency (uppermost right in Figure 3).

Figure 3. First three bending modes of a flexible and rigid rotor. On the left side
there are translational rigid body modes and on the right side there are bending
modes of a flexible rotor. The uppermost are the first modes that describe the most
general natural frequency mode of the rolls in a paper machine. (Juhanko, 2011)

2.2 Excitations of the radial forces
The radial bearing forces are in a strong interaction with the vibration of a rotor. Therefore, the excitations of the radial bearing forces can be considered to be same as excitations of the vibration.
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The excitations appears differently at various speeds. The effect of the excitation on the
vibration of the rotor depends on the frequency of the excitation. The frequency of the
excitation can be calculated as a function of a rotating frequency, since excitation occurs
one, two, three, etc., times per revolution. If the excitation frequency equals the natural
frequency of the rotating system, even small excitation can result in excessive vibration.
A part of the vibration is developed by the rotor itself. This type of vibration is known
as self-excited vibration. It can be defined as follows:
“In self-excited vibration, the destablishing force that sustains the motion is created or
controlled by the motion itself; when the motion stops , the alternating force disappears.” (Ehrich, 2004)
The self-excited vibration is caused practically by manufacturing inaccuracies, which
develop e.g. an unbalance, errors in alignment of rotating axis and bending stiffness
variation. Other excitations can be derived also from connected parts of the rotating
system. This includes excitations from the bearings, external loads against the rotor and
vibration of the foundation.
2.2.1 Unbalance of the rotor
The unbalance is one of the most common vibration excitation source of rotating machines. It can be divided to four basic types of the unbalance: static, couple, quasi-static
and dynamic unbalance, which are explained in Figure 4.
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Figure 4. Basic types of the unbalance. (McMillan, 2004)
The unbalance is developed in the manufacturing process of a rotor, which produces
machining errors, unaligned distribution of the mass on rotational axis, misalignment of
machine shaft, eccentricity of different sections of the rotor system, uneven mass distribution and material properties (McMillan, 2004).
Commercial balancing machines enable the reduction of residual unbalance to very low
limits. However, the rotor balancing to unnecessary low level is not very cost-effective
considering the production. Therefore, the most of this excitation is reduced only to
suitable level using service quality requirement of the application before the rotor leaves
from a manufacturer. International Organization for Standardation (ISO) has developed
and presented balancing tolerances and grades with instructions for different needs of
the industry in publication ISO 21940-11:2016.
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2.2.2 Bearing excitations
The basic mechanisms of the bearing excitation sources are well known. However, the
bearing excitations cannot be eliminated entirely, but can mainly be reduced. The bearing excitations depend on the type of the bearing. Both sliding and rolling element bearings, are used in a paper machine, but the major part is equipped with the rolling element bearings. In the test bench, spherical roller bearings were used. Therefore, the focus is on rolling element bearings.
The excitations generated in the bearings can directly be linked to the manufacturing
accuracy. Every bearing has a different ability to guide the rotor, and different allowances to error motions in axial and radial directions. In general, two things affect on the
bearing excitations and their amplitude: the accuracy of the bearing components and the
number of the rolling elements. Inaccurate manufacturing causes form errors of the elements of the bearings, which includes diameter variations of the balls or rollers and
wall thickness variations or roundness errors of the inner and the outer rings. The
roundness error can also occur, if a perfectly round bearing is mounted on an out-ofround shaft that deforms the shape of the bearing. (Viitala, Widmaier and Kuosmanen,
2018) Bearing producer SKF (2016) recommends manufacturing tolerances for abutments, such as shaft ends and bearing housings according to the standard of total radial
run-out and roundness, but the tolerance class of a bearing as minimum. The definitions
for the total radial run-out and roundness are presented in EN ISO 1101:2017. These
form errors develop a harmonic excitation as a function of the rotating speed, the frequency of which depends on the shape of the form error or, alternatively, number of
lobes in the bearing rings. (Slocum, 1992; Viitala, 2017; Viitala, Widmaier and
Kuosmanen, 2018)
The following equations concerning the bearing excitations are generated by Slocum
(1992). The bearing excitation frequencies of inner ring fi and outer ring fo caused by
undulations Nlobe_i and Nlobe_o of the inner and outer ring can be calculated as a function
of angular speed ωi and ωo respectively as follows:

𝑓𝑖 =

𝜔𝑖
∗ 𝑁𝑙𝑜𝑏𝑒_𝑖
60

(5)
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𝑓𝑜 =

𝜔𝑜
∗ 𝑁𝑙𝑜𝑏𝑒_𝑜
60

(6)

E.g. with oval shaped inner or outer ring, number of lobes N are two and excitation occurs two times during one revolution. Note, that in the most cases, either inner or outer
ring of the bearing is mounted to the foundation and thus the angular speed ω is zero.
The increased number of rolling elements has also been noticed to reduce the developed
excitation. The smaller the pitch in the rolling elements, the greater the averaging effect
of the errors. Thus less sinusoidal variation in the stiffness can be achieved (Slocum,
1992). Therefore, in application, where it is important to minimize the vibration, a bearing with a larger number of rolling elements must be taken into consideration. The effect of a smaller pitch is illustrated in Figure 5.

Figure 5. The change in the compliance as a function of the position of the rolling
elements. The number of the rolling elements affects the amplitude of the excitation and its frequency (Slocum, 1992).
The excitation frequency caused by the rolling elements can be predicted, since it is
related to its angular speed ωb. Excitation frequency of the ball of the bearing assembly
fb can be presented as follows:
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𝑓𝑏 =

𝐷𝑝𝑖𝑡𝑐ℎ − 𝐷𝑏𝑎𝑙𝑙 𝑐𝑜𝑠𝛽
𝐷𝑝𝑖𝑡𝑐ℎ + 𝐷𝑏𝑎𝑙𝑙 𝑐𝑜𝑠𝛽
𝜔𝑏
1
=
(
𝜔𝑖 −
𝜔𝑜 )
60 60𝐷𝑏𝑎𝑙𝑙 𝑐𝑜𝑠𝛽
2
2

(7)

where Dpitch is a diameter of the pitch of the bearing, Dball is a diameter of the ball and β
is ball-groove contact angle.
The rolling elements are arranged inside the cage, which revolve as a compact assembly. The cage has a rotating speed of ωc, which is related to its excitation frequency fc as
follows:

𝑓𝑐 =

𝐷𝑝𝑖𝑡𝑐ℎ − 𝐷𝑏𝑎𝑙𝑙 𝑐𝑜𝑠𝛽
𝐷𝑝𝑖𝑡𝑐ℎ − 𝐷𝑏𝑎𝑙𝑙 𝑐𝑜𝑠𝛽
𝜔𝑐
1
=
(
𝜔𝑖 +
𝜔𝑜 )
60 60𝐷𝑝𝑖𝑡𝑐ℎ
2
2

(8)

Manufacturing errors between the balls of the bearing and the inner and the outer race
generates excitations, since the rolling elements mesh with the races. The rolling elements rotates at the same frequency as the cage, thus the excitation frequencies of the
inner race and the outer race can be calculated and presented respectively:
𝑓𝑖𝑟 = |𝑓𝑖 − 𝑓𝑐 |𝑁

(9)

𝑓𝑜𝑟 = |𝑓𝑜 − 𝑓𝑐 |𝑁

(10)

where N is a number of the balls of the bearing assembly.
The foregoing bearing excitation formulae can be utilized in vibration analysis of the
bearings. Frequencies of the bearing can be measured and investigated in the frequency
domain and the root cause of the vibration can be found, when possible frequencies are
calculated based on the dimensions of the bearing. The trouble-shooting can be found
difficult, when measuring complex systems that consist many various bearings and rotating parts.
2.2.3 Bending stiffness variation
The bending stiffness variation or asymmetric axis of inertia is a source of self-excited
vibration of the rotor. It is caused by the differences between the principal moments of
inertia of a cross section. The variation causes an error motion to the rotational axis of
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the rotor, also known as whirling. The whirling generates a periodic excitation two
times per revolution, and hence the excitation frequency is dependent on the rotating
speed of the rotor. However, excitation does not appear, if the rotor is not under influence of force, line load or force field (machine tool, nip-load, gravity, etc.). (Widmaier,
2012)
The bending stiffness variation can be developed from many reasons. The most common sources for the variation are inaccuracies of the manufacturing of a rotor (ovality of
a roll), uneven material distribution (Pullinen, 1997) or grooves in the shell (U.S.Pat.
5,940,969). Especially problematic are casted rotors, in which the surface is required to
be hard and wear-resistant, and the core on the other hand soft and equipped with better
damping properties. Cast iron cools down at different speeds and causes uneven material distribution.
Widmaier (2012) has demonstrated the bending stiffness variation with a level rod
(Figure 6), which generates and presents very large effect of the bending stiffness variation.

Figure 6. The flatness of the shaft emphasizes the effect, which can be seen from
attached trace of the marker. The shaft is under influence of the gravity that
makes the effect of the bending stiffness variation possible. The white arrow is the
possible position for radial run-out measurement. (Widmaier, 2012)
2.2.4 Dynamic geometry of a roll
The geometry of a paper machine roll is never perfect. Therefore, tolerances for minimum quality requirements have been developed and equipped with machining, casting,
welding and other production processes. The inaccuracies in the roll cause dynamic
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geometry variation in addition to the bending stiffness variation as discussed in the previous section.
The dynamic geometry errors can be remarkable, when the wall thickness of the roll
body varies, as Juhanko (2011) has studied. The deformation of the roll occurs during
the rotation of the roll, since the deformation is caused by centrifugal forces. These
forces differ in different sections due to the wall thickness variation and have been noticed to have an effect on the deformation as a function of the running speed to the power of two (the 2nd harmonic component was studied). Depending on the shape of the
cross-section, different harmonic components of vibration are excited. E.g. an ovality
causes the dynamic run-out two times during the revolution and a triangular shape causes the dynamic run-out three times during the revolution etc. The shapes of the crosssections are emphasized during the deformation due to centrifugal forces. However, the
displacement amplitudes of the deformation of the roll decreased, when higher harmonics were studied. (Juhanko et al., 2010)

2.3 Force sensors
2.3.1 Features of alternative sensors
Various purposes and needs have generated the different solutions and sensor models
for a force measurement. When choosing a sensor type, certain requirements considering the application and the quality of the measurement results must be taken into account.
Firstly, it must be clarified, whether the measurement is static or dynamic of character.
In the present study, the dynamic radial forces were measured at relatively low frequency range, which does not exclude either sensor type, the piezoelectric nor the strain
gauge based sensor. In general, force sensors based on strain gauges are used in static
measurements and force sensors based on piezoelectricity are used in dynamic measurements at high frequencies. The dynamic measurement does not necessarily exclude
the strain gauge sensors. The strain gauges have a good response up to relatively high
frequencies as well (several hundred kilohertz). The frequency range depends on the
material used, gauge length and gauge type (Kyowa, 2018). The price of the strain
gauge type sensor is generally lower than the piezo type sensor.
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Secondly, when the type of the sensor is chosen, the right load cell must be selected.
The load cell consists of the strain gauges or the piezo element and the body. The load
cells are sold in one package, which includes certain features. Differences between load
cells can be e.g. measuring range, IP code, accuracy, operating temperature, rigidness
and size of the sensor. All of these features can determine the right selection, depending
on the application. The strain gauges can be used without a separate load cell as well,
but then the calibration, connections and mounting must be done by customer.
2.3.2 Piezoelectric sensor
Piezoelectric sensors are made for measuring dynamic mechanical phenomena such as
acceleration and force. Static measurements are not possible. In the present study the
piezoelectric force sensor (Figure 7) is chosen due to the dynamic character of the experiment. The fundamental principle behind the piezoelectric force measurement is
based on the piezoelectric effect, which generates an electric charge, when the piezo
element is exposed to pressure. The amount of the electric charge is proportional to the
mechanical load. The final signal is produced in a charge amplifier, which converts the
electric charge of the sensor to voltage. The piezoelectric effect appears only with piezoelectric materials such as piezo crystals and piezo ceramics. The piezoelectric materials have an extremely high sensitivity comparing to other sensors as illustrated in Table
1. The body of the sensor can be made extremely rigid and compact due to the high sensitivity of the piezoelectric materials, which enables the installation of the sensor in an
applications, in which rigidness must not chance. (HBM Gmbh, 2012; Kistler Group,
2013)
Table 1. Piezoelectric sensor versus passive sensors. The comparison is based on
the stress sensitivity. Threshold stands for the smallest detectable change of the
measurand. Values illustrate only the general order of magnitudes. (Gautschi,
2006)
Transduction

Strain sensitivity

Threshold

Span-to-threshold

principle

V/µε

(1 to 100 Hz) µε

ratio

Piezoelectric

5

0,000 01

100 000 000

Capacitive

0,005

0,000 1

750 000

Inductive

0,001

0,000 05

2 000 000
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Piezoresisitive

0,000 1

0,000 1

2 500 000

0,000 005

0,01

50 000

Strain gage
Resistive
(wire/metal film)
Strain gage

The piezo sensors are always used with a pretension. To achieve appropriate and reliable results, pretension must be realized according to the mounting instructions of the
manufacturer. The principle for the mounting and pretension of the sensor is illustrated
in Figure 7, in which the sensor is installed between two flat and parallel surfaces.

Figure 7. Left: Piezoelectric force sensor type used in this experiment. Right:
Simplified illustration of the mounting and pretensioning of the sensor. (HBM
Gmbh, 2012)
The pretensioning compresses the structure of the piezo element from a stabilized state
and makes possible to sense tensile stress with the sensor as well. The pretensioning
causes only a transient electric charge in the piezo element due to the discharging characteristic of piezo materials, which also prevents the use of the sensors in static applications. (HBM Gmbh, 2012; Kistler Group, 2013)
The maximum detectable tensile stress is equal to the pretension. However, to ensure
the sufficiency of the measuring range, the pretension must be over the measured ten-
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sion. Other benefits, which are achievable only with an appropriate mounting with the
pretension are that a sensor is fixed in this way and the faces, touching the both sides of
the sensor, are pressed together which allows to benefit fully of the rigidity of the sensor. The pretension load must be adjusted according to a measured load and the maximum load of a sensor model. The pretension force must always be measured with the
sensor itself, using the sensitivity indicated in the technical data of the sensor. (HBM
Gmbh, 2012; Kistler Group, 2013)
After the appropriate pretensioning, the piezoelectric sensor must be calibrated using a
reference force mounted at its final position of application. The pretensioning force
changes the sensitivity of the sensor due to a force shunt, in which partial force flows
through the pretension screw. The calibrated sensitivity must be set into a charge amplifier or be taken into consideration in the later analysis. (HBM Gmbh, 2012; Kistler
Group, 2013)
The piezoelectric sensors used in this present study were single axis sensors, which
were very rigid and have high sensitivity. Therefore, the piezoelectric sensors were able
generate a signal without any significant strain or compaction, when force is applied. In
the present study the mounting of the sensor should not modify the stiffness or damping
of the rotor, since that would be harmful considering the characteristics of the vibration.
In addition to the comparing the results with the earlier studies would be more difficult.
Therefore, the rigidness of the sensor was essential. A strain gauge sensor has a smaller
sensitivity, which can be seen in Table 1. This leads to situation, in which the strain
gauge sensors demand larger displacements and the sensor body should be designed
with a lower stiffness to sense the force.

2.4 Dynamic radial bearing force measurement
The dynamic radial bearing force measurement investigates generated forces of a rotating system, which are affecting to the bearing. The actual force is developed by the excitations of the rotor-bearing system and possible external loads.
The radial bearing force can be measured from a functioning bearing with a special
measurement device. To achieve an accurate dynamic force measurement, the measuring point should be selected as close as possible to the force under investigation. Gener-
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ally, the sensor mounting has often restrictions, such as geometry or measurement disturbance, and sensor cannot be installed into a desired point. However, reliable measurement can be implement by ensuring that all measured forces flow through the sensors.
Commercial solutions are made for the paper and the metal industry, where one and two
axis bearing force measurements are very common (see e.g. Figure 8) and where the
aim is to measure web tension or nip load. These measurements represent static cases.
The commercial measurement devices have already a built-in data post-processing to
resolve only the static force, which practically excludes these solutions, since this research focused on dynamic forces.
2.4.1 Existing designs
The designs presented here were investigated and suitability of each device was estimated individually for the application. The scope was to find a ready solution or method, which could easily be implemented to complete the measurement.
The literature mostly presents two types different fundamental sensor types for radial
bearing force measurement, which are considered utilizable in the present study. The
first sensor type measures the radial bearing force from around the bearing and the second solution measures the radial bearing force below the bearing. These two types are
presented in Figure 8 and Figure 9.

Figure 8. The first sensor type, in which the bearing is mounted inside the sensor
housing. (Gustafsson et al., 1994; Bradford, 2017; Haehne Gmbh, 2018b)
The sensor on the left in Figure 8 is a typical radial force sensor, which can measure
radial force in two direction. These types of sensors are generally applied to measure a
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web tension in a paper machine. The sensor in the middle can measure the force and
torque in 3-axis and it is typically used in commercial industrial robots. The third sensor
on the right illustrates the appearance a realized sensor of this type.

Figure 9. The second sensor type. Haehne pillow block force sensor. (Haehne
Gmbh, 2018a)
The pillow sensor type in Figure 9 is installed below the bearing, and due to its robust
body, it is able to measure relatively high amplitude forces comparing to the first type
sensor. Both the directions (horizontal or vertical) can be measured. This sensor type is
utilized in web tension measurements in the paper industry as well.
Both sensor types are implemented using strain gauges, since the sensors are designed
to measure merely static forces or forces with low dynamics. The both sensor types are
able to measure the radial bearing forces in two directions, which would be sufficient in
this experiment, since the need was to measure radial forces of the bearings.
In the first solution, in which the bearing is mounted inside the sensor, the structure is
weaker comparing to the second solution. Therefore, sensor must be large to bear great
loads. The measurement point is closer the point of action of the force, where the force
is affecting, which improves the accuracy of the sensor. However, this commercial solution was excluded, since the size of the bearing used in the present study was too large
for the commercial products and only a static measurement was possible.
The second solution did not limit the size of the bearing. The only restrictive factor was
the maximum load against the sensor. The solution was excluded, because only static
load could be measured.
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Figure 10. On the left there is a bearing solution, which includes integrated measurement elements for radial and axial measurement. (Richter, Tenberge and
Engelmann, 1993) On the right there is a bearing with a strain-sensitive metal film
coating. (Schaeffler Group, 2018)
The presented measuring bearing and the film coating sensor in Figure 10 measure the
radial bearing force closer the point of action of the force (between rotor shaft and the
inner ring of the bearing) than the previous sensors. The size of the bearings do not increase, even the radial force measurement is implemented. However, both the sensor
types demand a custom bearing design.
2.4.2 Earlier research
The radial bearing forces have generally been studied only by simulations and physical
experiments are scarce. A good estimation of the radial bearing forces is often sufficient
to fulfill requirements of a design and thus a prototype and a force measurement is not
needed. However, if the actual forces affecting in a bearing or changes of these forces
are essential, a force measurement must be conducted.
Various simulations can be found about the bearing forces affecting e.g. in a crank
shaft (Yilmaz and Anlas, 2009) and in a propeller of the ship (Wang et al., 2016), in
which the investigated forces are derived in the rotor. Also the forces developed in a
bearing (bearing geometry excitation) are investigated e.g. by Kerst, Shyrokau and
Holweg (2018). The simulations are typically conducted by using commercial programs
such as ADAMS and ANSYS. Bearing manufacturers have their own analyzing software for dynamic bearing load calculations as well; SKF provides BEAST (BEAring
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Simulation Tool) for their internal use only. Obviously, this kind of programs are more
focused on bearings and their behavior.
Other researches concerning the measurement of the radial bearing force were found,
but all of those are focused on different topics. Experimental force measurements are
implemented, when accuracy and reliability of simulation results are not enough. The
dynamic bearing force measurement can be conducted in several manners such as by
utilizing strain gauges (Zhang et al., 2013), piezo electric force sensors (Chen and
Chen, 2005; Zhong et al., 2016) and capacitive sensors (Rasolofondraibe et al., 2012).
Existing solutions for the radial bearing load measurement are presented in previous
chapter 2.4.1.
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3 RESEARCH METHODS AND EQUIPMENT
3.1 Radial force measurement device
3.1.1 Requirements for the measurement device
The aim was to measure bearing forces developed by the rotor, of which mass was
732 kg. Estimated dynamic bearing forces were 10 % of the weight of the rotor. The
largest dynamic forces were assumed to be generated by the unbalance of the rotor and
the resonance at subcritical resonance frequencies. The unbalance of the rotor could be
reduced to an acceptable level by balancing the rotor.
The same bearings and the rotor were used as in the earlier research studies to maintain
the ability to combine and compare results. The measurement was conducted under the
natural frequency, since the frequencies under examination were subcritical resonance
frequencies. In a earlier research, it has been noticed that the natural frequency of the
similar rotor system is circa (c.) 21.6 Hz in the horizontal direction and c. 30 Hz in the
vertical direction. (Viitala, Widmaier and Kuosmanen, 2018) When the natural frequency of the rotor is known, the experimental procedure can be designed without crossing
the natural frequency.
The sensors must be selected the way that subcritical resonance frequencies and their
amplitudes could be detected, since natural frequencies were not in scope. The lowest
significant and studied subcritical resonance frequency occurs at one tenth of the natural
frequency, which is approximately at 2.2 Hz in the horizontal direction and 3.0 Hz in
the vertical direction according to the natural frequency of the first bending mode in
previous research (Viitala, 2018). More specific information about natural and subcritical resonance frequencies are presented in chapter 2.1.1.
The measuring capability of the sensor must be at least 18 Hz x 10 = 180 Hz, since the
number of the lowest studied harmonic component is 10 and 18 Hz is the maximum
rotating frequency during the experiment.
The most important requirements for measurement device are gathered below:
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Sensor(s) must be able to measure amplitudes and frequencies of the radial bearing force below the natural frequency of the rotating system



The measurement device must bear the mass of the test rotor



The measurement device must not change critically the behavior of the rotating
system



The radial bearing forces must be measured without modifying the bearings or
the rotor



The measurement device is safe and able to utilize in other radial bearing force
experiments

3.1.2 Structure of the measurement device
The most of the structure of the measurement device was already built in the previous
research (Pirttiniemi, 2004) and only few modifications had to be done to extend the
ability of the measurement device to accomplish the required task. The original device
was utilized as a balancing machine and it was designed to measure force only in xdirection. The final modified design of the measurement device used in this research is
presented in Figure 11. The designed structure ensures that all the force flow through
the sensors, which ensures that the results can be considered reliable.

Figure 11. Final design of the measurement device and its key components.
The radial force measurement device is assembled using three single axis piezoelectric
force sensors; one x-axis sensor and two y-axis were implemented. The force flow
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through the x-sensor was possible, since the bearing housing was on the cradle, which
was supported with plate springs to the frame of the measurement device. The plate
springs guaranteed that the structure was very rigid in the axial and y-direction, but flexible in the x-direction. The device could be considered to be safe, since the plate springs
experience only tensile stress, and thus no buckling could occur. Possible errors in the
x-sensor, due to moments affecting the sensor, were eliminated by implementing flexible joints on both sides of the force sensor. The illustration of these flexible joints can
be seen in Figure 12. (Pirttiniemi, 2004; Heikkinen, 2005)
Spherical roller bearings (SKF 23124 CC/W33) were used to support the test roll. The
spherical roller bearing has better maximum load capacity than an ordinary ball bearing
and it is capable to sustain axial loads as well besides the radial loads due to its structure. The bearing includes two rows of symmetrical rollers, which are inclined against
the rotational axis and a common sphered outer ring raceway. The bearings allow inclined orientation of the inner ring compared to the outer ring. This enables the free
alignment of the rotor and small movement due to the vibration and bending of the rotor. (Airila, 2010)

Figure 12. X-axis sensor (blue) with moment eliminating flexible joints (gray).
The missing y-direction measurement could be implemented to the original design with
commercial, relatively cheap piezoelectric sensors, which measure force in one direc-
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tion. In the final design the y-axis sensors were installed on the rigid cradle as presented
in Figure 11.
3.1.3 Function of the measurement device
In the present study, the measured radial bearing forces were generated by the vibration
of the rotor. The both ends of the rotor could be supported with the developed measurement devices and individual results could be measured from both the rotor ends. The
x-directional force flowed through the x-axis sensor and there was no torque affecting to
the signal, since the flexible joints were attached. Therefore, the results could be used
without separate signal processing. The y-directional force was divided for two sensors,
and thus the resulting force in the vertical direction was the sum of these two sensor
signals.

3.2 Measurement setup
This chapter presents the studied rotor and its dimensions, the mechanical and electrical
parts of the experiment and the data acquisition of the measurement system.
3.2.1 Test rotor
The test rotor used in the present study was a paper machine roll, which had been utilized in earlier studies of rotating machines in the same laboratory. Therefore, the estimations considering the test rotor, such as the natural frequency during the experiment
could be clarified in advance.

Figure 13. Test rotor. Dimensions in the drawing are presented in millimeters.
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3.2.2 Mechanical design
The test rig was built on the CNC roll grinding machine (Figure 14), which provides a
very stiff foundation to the test rotor. The test rig consisted of two stands, two measurement devices, the rotor and the bearings. Firstly, the stands provide a relatively stiff
foundation for the bearings and secondly, raise the rotor to align the drive shaft
equipped with universal joints to reduce the external excitation due to the velocity variation (Erjavec and Ronan, 2015). The used power transmission was implemented with a
universal joint to the gearbox of the electric motor.

Figure 14. Experimental arrangement.
3.2.3 Sensors, data acquisition and analysis
The data were acquired from four HBM PACEline CFW/100kN force sensors in ydirection and two Kistler 901A force sensors in x-direction. Both sensors types were
piezoelectric sensors and the function of these sensors was similar. The maximum static
load of the sensors in y-direction was larger, because the weight of the rotor was supported with these sensors. The maximum load in the y-direction was 2 x 100 kN and in
the x-direction 16.5 kN (Heikkinen, 2005; HBM Gmbh, 2012).
Signals were conditioned with two Brüel & Kjær Nexus 2692-A-0|4 conditioning amplifiers. Each amplifier contains four channels. The amplifiers had an integrated lowpass filter, the cut-off frequency of which was set to 1 kHz. (Brüel & Kjær, 2015)
The actual data acquisition was implemented with a National Instruments USB-6215 data
acquisition card (DAQ). The resolution of the analog channels was 16 bits. The six force
sensor signals were acquired with differential 16-bit analog input channels. The maximum
sampling rate was 250kS/s, which is divided to a maximum of c. 41.7 kS/s per channel,
when six analog channels were measured and using the multiplexing function of the card,
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i.e. the conversion from analog to digital was executed in turns for each channel. (National
Instruments, 2017)
The data acquisition card has a function for a start trigger signal and an external measurement signal. These signals enable data gathering from the sensors at certain instances of
time. In the present study, an encoder was used as a trigger and an external clock. The used
encoder was an incremental Heidenhain ROD 420 pulse sensor, which had a resolution of
10-bits (1024 pulses/revolution) and mechanical permissible speed ≤ 16000 rpm.
(Heidenhain GmbH, 2017) The incremental signal (1024 pulses/rev) can be used as the external measurement clock and the reference mark signal (1 pulse/rev) can be used as the
start trigger signal. The signals of the encoder were conditioned with a differential line receiver (Texas Instruments SN75175) before the data acquisition card to reduce interference
in the angular data. When the encoder pulses were utilized, a more accurate synchronous
averaging (discussed below) could be achieved, since every measurement sample is acquired exactly at the same angle of a rotation.
Due to the external sample clock and the varying rotor speed in the experiments, the sampling rate was not constant. The rotor was accelerated from a frequency of 4 Hz to 18 Hz
and thus the sampling frequency varied between 4096 Hz and 18432 Hz, since the resolution of the encoder was 1024 samples per revolution. The maximum expected frequency
was 180 Hz at the highest rotating frequency (calculated in chapter 3.1.1) during the experiment. To prevent aliasing, the sampling rate must be at least twice the highest frequency,

which produces the lowest possible sampling rate (=360 Hz) according to sampling theorem (Landau, 1967). As shown above, the sampling frequency of the experiment was
sufficient compared to required minimum frequency. However, also the aliasing of the
possible noise must be taken into account, since high amplitude noise can have a significant effect on the results. Now, after the low-pass filter, the maximum frequency of the
noise can be 1 kHz. Thus, applying the sampling theorem, the minimum sampling rate
must be at least 2 kHz, which is fulfilled with the used sampling rate. The sampling rate
was required to be higher than the minimum to achieve more accurate shape of the analog signal, which provides more accurate maximum and minimum values of the measured signal.
The data acquisition card was used and programmed with LabVIEW on a PC. LabVIEW enables the data acquisition into the memory of PC and reprogramming of the
data acquisition card via USB cable.
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Finally, after the data acquisition, the measurement data could be analyzed by using
FFT in Matlab. The analysis resolved the harmonic components of the force measurement, which produced the frequency spectra of the radial bearing force in the subcritical
rotating speed domain.
The data acquisition and its physical connections are demonstrated in Figure 15. The
following procedure was executed during the experiment to accomplish the data acquisition and analysis:
1. The sensors provide continuous signals to the DAQ system during the measurement.
2. The signals were amplified, converted to voltages and filtered with a cut-off frequency of 1 kHz.
3. The encoder, which derives 1024 pulses per revolution, was used as the trigger
and the external clock of the DAQ-card.
4. 100 rounds of the radial bearing force data were acquired to the PC memory
with the DAQ-card.
5. Synchronous averaging (discussed below) was used to the acquired data.
6. Harmonic components were investigated using FFT in Matlab.

Figure 15. The data acquisition system. Notice that in the other end of the rotor it
was the same arrangement without an encoder.
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3.3 Balancing and calibration
3.3.1 Balancing
The balancing of the rotor was done to avoid an excessive vibration during the measurement. The unbalance force was minimized, since the measurement was focused on
forces at subcritical resonance frequencies.
ISO 21940-11:2016 defines the rigidness of a rotor and the acceptable amount of flexure as follows:
“The flexure of the rotor caused by its unbalance distribution can be neglected with
respect to the agreed unbalance tolerance at any speed up to the maximum service
speed.”
In this presents study the test roll was considered to be flexible, thus a balancing method
for a flexible rotor must be used.
Several methods for the balancing of the flexible roll were found from ISO 2194012:2016 and various researches can be found, in which those were utilized (Tan and
Wang, 1993; Pirttiniemi, 2004; Deepthikumar, Sekhar and Srikanthan, 2013; Matsushita
et al., 2017).
The influence coefficient balancing method was chosen and the balancing procedure
was conducted according to ISO 21940-12:2016. The balancing was executed by using
two balancing planes in both the ends of the paper machine roll body.
The main steps of the balancing procedure can be presented as follows:
1. The paper machine roll was accelerated at balancing frequency and bearing forces
were measured in x-direction.
2. Test mass was added to the balancing plane in tending side.
3. The paper machine roll was accelerated at balancing frequency and bearing forces
were measured in x-direction.
4. Test mass was added to the balancing plane in the drive side.
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5. The paper machine roll was accelerated at balancing frequency and bearing forces
were measured in x-direction.
6. Effects of the test masses were computed from the vectorial changes of the measurements between the steps 1 and 3, 1 and 5.
7. The magnitude and angular position of the correction masses were computed.
8. The correction masses was added.
9. The unbalance force was measured in x-direction.
10. Steps 1-9 repeated, if the unbalance was too large.
The number of the balancing planes affects to the minimum number of measurements.
In the present study two balancing planes were used, thus the minimum number of the
measurements was three. The balancing method demanded only one measuring axis to
solve the correction. Multiple runs were recommended to ensure that the measurement
remains repeatable. The test masses must be selected the way that significant effects
would be produced in the measured signal. (Standard ISO, 2016)
3.3.2 Calibration
The ring type piezoelectric sensors must be calibrated before the results could be considered to be valid. Unknown amount of force flow through the pretension screw (force
shunt), which affect the original sensitivity of the force sensor. Therefore, the calibration is always mandatory after the assembly of the sensor.
The measurement device was calibrated with a static load utilizing another force sensor
(HBM S9M 5kN). The calibration arrangement is demonstrated in Figure 16. The assisting S9M sensor did not need a separate in-situ calibration, since it was already calibrated during the manufacturing process and force shunt did not occur in a similar way than
with the pretensioned ring type sensors. The assisting S9M force sensor had an accuracy
class 0.02, which provides an error of 0.4 N, when a load of 2000 N was used.
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Figure 16. The calibration of the measurement device. Blue arrows indicate the
applied force.

During the calibration, both sensor types, the piezoelectric sensors and the assisting
S9M sensor were monitored. The sensitivities of the calibration certificates of each piezoelectric sensor were set to the channels of the condition amplifiers. The calibration
load (2000 N) was developed with an external device and the occurred charge during
the loading was read from the piezoelectric sensor. At the same time the used load was
read from the assisting S9M force sensor. Now, the new sensitivities could be calculated, by dividing the occurred charge (pC) of the piezoelectric sensors by the used load
(N). Thus, the final sensitivity takes the form of pC/N. The calibration was executed by
repeating the procedure to every sensor. Resolved sensitivities could be set to the condition amplifiers of the piezoelectric sensors utilized in the actual measurement device.
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3.4 Signal analysis and post processing
3.4.1 Synchronous time domain averaging
Synchronous time domain averaging is a technique for extracting periodic signals from
noisy signals and it can be considered as a filtering process. The averaging can be used
only if a measured signal can be assumed to be a periodic signal. If this condition is
fulfilled, the measured periodic signal can be assume to consist the sum of a periodic
signal fp (t) and additive noise (t). (Braun, 1975)
𝑥(𝑡) = 𝑓𝑝 (𝑡) + 𝑛𝑜𝑖𝑠𝑒(𝑡)

(11)

When periodic components are summed up, the repeated signal f (t) will add coherently
and the noise, which is assumed to be uncorrelated and random, incoherently. The effect
of the averaging can be seen from the equation below after i summation:
𝑥(𝑡) = 𝑖 𝑓𝑝 (𝑡) + √𝑖 𝑛𝑜𝑖𝑠𝑒(𝑡)

(12)

Where we can notice that the signal to noise ratio is enhanced by a factor √𝑖. (Braun,
1975)
In this present study, the synchronous time domain averaging method was used to filter
the periodic radial bearing force signal. It utilized an external, phase locked measurement clock (encoder), which ensured that 1024 samples were acquired at equal positions
each revolution. The total amount of data for the synchronous averaging consisted of
100 revolutions. The averaging eliminates noise from the measured radial bearing force
and enables more efficient signal analysis. The original method was utilized by
McFadden (1987) and McFadden and Toozhy (2000), who phase locked a trigger signal
with the rotating component of interest.
3.4.2 FFT - Fast Fourier Transform
FFT is signal processing tool, which is used to transform a discrete signal in the time
domain into the frequency domain, where frequency components of the signal can be
investigated. Cooley and Tukey (1964) were the original inventors of discrete Fourier
transform (DFT), which is later followed by various enhancements and modifications as
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Fast Fourier Transform (Rao, Kim and Hwang, 2010). Fourier series and transforms,
which are the basis of FFT, are widely presented by Kreyszig (1988).
The FFT is intended to periodic signals. Using the Fourier series, a periodic signal or a
function can be expressed as an infinite series of sine and cosine terms. The frequencies
of these terms are integer multiples of the fundamental frequency of the original signal
or a function and are called harmonics. Therefore, FFT is widely utilized with periodic
phenomena, such as a vibration analysis of rotors. (Friswell et al., 2010)

3.5 Experimental procedure
The following research plan was completed to acquire necessary radial bearing force
information for further analysis:
1. The roll was accelerated to a rotating frequency of 4 Hz.
2. The radial bearing force was measured during 100 revolutions in both ends of
the roll.
3. The rotating frequency of the roll was accelerated 0.05 Hz.
4. Steps 2 and 3 were repeated until the rotating frequency of the roll was 18 Hz.
5. The radial bearing force data was analyzed in the frequency domain to discover
the harmonic components and their amplitudes.
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4 RESULTS
This chapter gathers and describes the results of the present study and is divided into
two sections. The first section presents the analyzed results of the radial bearing force
measurement as 3D-plots and tables, in which the harmonic components, the rotating
frequency and the amplitude of the radial bearing force are illustrated. The second section verifies the functionality of the measurement device by comparing the measurement results with other studies with the same roll.

4.1 Radial bearing force measurement
The aim was to measure and study the behavior of the roll and the effects of the harmonic vibration components to the radial bearing force. The radial bearing force was
measured from both the driving and the tending side. Some differences in the results
between the sides were expected due to the mounting of the bearings, balancing and the
excitation of the drive shaft.
Commonly, rotating machines have a different natural frequencies in the x- and ydirections due to the differences in the stiffness of the foundation. The natural frequency
increases together with the stiffness vice versa. The stiffness of the bearing support in
vertical direction is typically higher due to the support of the ground, and thus higher
natural frequencies in that direction occur.
The results of the measurement are presented in the following figures, where the amplitudes of the radial bearing force are drawn as a function of the rotating speed in the frequency domain. The radial bearing force is divided into its harmonic components,
which describes the number of excitations or periods of force during one revolution; the
1st harmonic component denotes one excitation per revolution, the 2nd harmonic component denotes two excitations per revolution etc. The 1st harmonic component indicates
the force developed from the unbalance of the roll, which appears differently than the
other harmonic components. The resonance frequency of the unbalance (1st harmonic
component), which occurs, when the rotating frequency is equal to the natural frequency
of the roll, is not achieved at any point due to the rotating frequency range of the experiment. The unbalance forces are at their minimum, when the rotating frequency is 16
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Hz, since the roll was balanced at this certain rotating frequency. The unbalance force
can be used as a reference for a high amplitude. The x-direction (horizontal) results are
presented in Figure 17 and Figure 18 and the y-direction (vertical) results are presented
in Figure 19 and Figure 20. The information about the amplitudes and frequencies of the
peak values of the results is gathered below the figures in tables 2-5.

Figure 17. Harmonic components of the radial bearing force in x-direction measured from the tending side.
Table 2. The peak amplitudes and frequencies of the harmonic components of the
bending modes. Results are measured in the x-direction from the tending side.
2nd

3rd

4th

5th

6th

7th

8th

9th

10th

F[N]

118

163

74

438

25

-

-

-

-

ω[Hz]

12.7

8.5

6.4

5.4

4.2

-

-

-

-

F[N]

-

124

69

104

23

85

35

10

49

ω[Hz]

-

16.8

12.6

10.1

8.4

7.2

6.4

5.7

5.0

Harmonics
The 1st
bending
mode
The 2nd
bending
mode
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Figure 18. Harmonic components of the radial bearing force in x-direction measured from the drive side.
Table 3. The peak amplitudes and frequencies of the harmonic components of the
bending modes. Results are measured in the x-direction from the drive side.
2nd

3rd

4th

5th

6th

7th

8th

9th

10th

F[N]

145

187

89

534

28

-

-

-

-

ω[Hz]

12.7

8.5

6.3

5.1

4.2

-

-

-

-

F[N]

-

148

84

135

23

103

45

12

66

ω[Hz]

-

16.8

12.6

10.1

8.5

7.2

6.3

5.7

5.1

Harmonics
The 1st
bending
mode
The 2nd
bending
mode

Figure 17 and Figure 18 show that natural frequencies of 1st bending mode and 2nd bending mode can clearly be observed with a radial bearing force measurement. The natural
frequency of the first bending mode in the x-direction could be calculated by utilizing
the measured peak values. As we know, the 2nd harmonic has two excitations per revolution and 3rd has three excitations per revolution etc., and the resonance peak occurs,
when the excitation has the same frequency as the natural frequency of the rotor. Thus,
using the frequencies of the lowest peaks of the 2nd, 3rd, 4th, 5th harmonic components,
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the natural frequency of the 1st bending mode could be calculated by multiplying these
frequencies by their own number of harmonics: 5 x 5.1 Hz, 4 x 6.3 Hz, 3 x 8.5 Hz,
2 x 12.7 Hz, which all led to a natural frequency 25.5 Hz. The second bending mode
could be calculated in the same way, which led to a natural frequency 50.4 Hz.
There was no significant deviation at the frequencies of the harmonic components between the rotor ends, but the amplitudes of the radial bearing force were higher in the
drive side without any exception. The 5th harmonic component was dominant in the xdirection with the amplitudes of 438 N in the tending side and 534 N in the drive side.
Other harmonic components, under the 5th harmonic component, were still significant
with the amplitudes of over 100 N. The amplitudes of the harmonic components above
the 5th harmonic component were reduced evenly to a negligible level but were still existing and revealed higher bending modes.

Figure 19. Harmonic components of the radial bearing force in y-direction measured from the tending side.
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Table 4. The peak amplitudes and frequencies of the harmonic components of the
bending modes. Results are measured in the y-direction from the tending side.
2nd

3rd

4th

5th

6th

7th

8th

9th

10th

F[N]

418

155

99

191

34

18

-

-

-

ω[Hz]

14.7

9.8

7.4

5.9

4.9

4.2

-

-

-

F[N]

-

-

-

102

63

86

62

7

13

ω[Hz]

-

-

-

14.7

12.2

10.4

9.1

8.2

7.3

Harmonics
The 1st
bending
mode
The 2nd
bending
mode

Figure 20. Harmonic components of the radial bearing force in y-direction measured from the drive side.
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Table 5. The peak amplitudes and frequencies of the harmonic components of the
bending modes. Results are measured in the y-direction from the drive side.
2nd

3rd

4th

5th

6th

7th

8th

9th

10th

F[N]

390

151

105

196

41

13

-

-

-

ω[Hz]

14.7

9.8

7.3

5.9

4.9

4.2

-

-

-

F[N]

-

-

-

77

64

80

59

7

12

ω[Hz]

-

-

-

14.6

12.2

10.4

9.1

8.1

7.2

Harmonics
The 1st
bending
mode
The 2nd
bending
mode

The measurement results revealed that the radial bearing force in the y-direction was
dominated by the 2nd harmonic component with the amplitude of 418 N in the tending
side and 390 N in the drive side. Typical sources for the excitation of the 2nd harmonic
component were the bending stiffness variation of a rotor and the ovality of the bearings. The effects of the 3rd and 5th harmonic components were the second highest with
the amplitude of 150 N and 195 N respectively. Other harmonic components could be
seen clearly as well, but the peak amplitudes of these resonance frequencies were less
significant comparing to the 2nd harmonic component.
The natural frequencies in the y-direction could be calculated again, by utilizing the
harmonic components; the 1st bending mode: 2 x 14.7 Hz, 3 x 9.8 Hz, 4 x 7.4 Hz, 5
x 5.9 Hz, which all led to the result 29.5 Hz, and the 2nd bending mode: 5 x 14.7 Hz, 6 x
12.2 Hz, 7 x 10.4 Hz, 8 x 9.1 Hz, which all led to the result 73 Hz.
In the tending side the amplitude of the 1st harmonic (unbalance), the maximum of
which appears at the highest rotating frequency, was higher compared to the drive side
amplitude. The difference was assumed to be caused by the balancing of the rotor. The
noise in the y-direction, which could clearly be seen at the 1st harmonic component, was
a result of the summation of the two vertical direction sensor signals, since the peaks of
the signals were not exactly in the same phase. A similar problem did not occur in the xdirection, which was measured with one sensor.
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4.2 Verified functionality of measurement device
4.2.1 Accelerometer reference measurement
The developed measurement device was compared to an accelerometer measurement
(Koene, 2017) and a laser run-out measurement (Viitala, 2017 and 2018). The accelerometer measurement was implemented using exactly same measuring arrangement as
in the present study. The accelerometer and radial bearing force measurements were
simultaneous. The measuring procedure, the methods and the data analysis were conducted exactly in the same way as in the earlier study and the results were presented in
the same way. Thus, both the measurements were expected to produce similar results.
The compared results are presented in Figure 21 and Figure 22, where only one measured direction is shown to demonstrate the functionality.

Figure 21. Accelerometer measurement in the vertical direction from the tending
side. (Koene, Viitala and Kuosmanen, 2017)

52

Figure 22. Radial bearing force measurement in the vertical direction from the
tending side.
Similar behavior of the roll could be distinguished from the shapes of the figures above.
Firstly, it could be noticed that the noise level was lower in the radial bearing force
measurement. The natural frequencies of the 1st and the 2nd bending mode could be
placed at the same frequencies and the harmonic components appeared similarly as
well. The units of the measurements were not same, and therefore comparing the absolute amplitudes was impossible. However, the peaks of the amplitudes occur at the same
positions, which suggested that the developed force measurement device was functional.
An obvious difference was noticed in the appearance of the 1st harmonic component,
which could be seen more clearly with the radial bearing force measurement device.
4.2.2 Laser sensor reference measurement
In the laser measurement, the same roll and the measurement procedure were used, but
the measurements were not executed at simultaneously and the foundation of the roll
affecting to the dynamic behavior of the rotor was different. Thus, the result could not
be compared directly. The focus in this inspection was on the perceptiveness of the amplitudes of the different harmonic components. The results of the laser sensor measurement are presented in Figure 23 and Figure 24 and the corresponding force measurement results were presented in the previous chapter.
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Figure 23. The laser sensor y-direction run-out results at 2000 mm the middle of
the roll.

Figure 24. The laser sensor x-direction run-out at 300 mm from the starting point
of the body of the roll.
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The subcritical resonance frequency of the first bending mode can be seen clearly up to
7th harmonic. The dominant harmonic component was the 2nd harmonic, of which amplitude is multiple comparing others. The natural frequency of the first bending mode
differs between x- and y-direction significantly as well as in the present study. The amplitude peaks of the second bending mode cannot be observed from the results of the
reference measurement. Because the measurements cannot be completely compared, the
natural frequency and amplitudes are irrelevant.
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5 DISCUSSION
5.1 Measurement device and the measurement
The aim of the present study was to develop a functioning, reliable measurement device
for radial bearing force in large scale rotors and investigate the developed forces due to
the subcritical resonance frequencies. Because the results of the experiment were depended on the built measurement device, the reference measurements were vital to
demonstrate the functioning of the device.
The development of the radial bearing force measurement could be considered to be
successful according to the measurement results. The surprisingly high harmonic components were discovered with substantially high amplitudes during the study, since the
last significant harmonic component, which was expected, was the 6th harmonic component and the highest measurable component was the 10th component. The expectation
was based on a laser run-out measurement of the same roll (Viitala, Widmaier and
Kuosmanen, 2018), which was used as a reference measurement as well. The amplitudes of the measurement were slightly below the estimated maximum value, since the
original estimation was 10 % of the force caused by the mass of the rotor. Some harmonic components appeared stronger than others, which was related to the excitation
sources of the roll and the bearings. In the y-direction the dominating harmonic component was the second one, which could be excited, e.g. by the oval shape of the bearing
inner ring or the bending stiffness variation of the roll body. In x-direction the dominating harmonic component was the fifth one, which can be excited due to e.g. 5-lobe
shape of the bearing.
The results of the radial bearing force measurement were clearer and less noise occurred
than the reference accelerometer results according to the comparison, which can be seen
from Figure 21 and Figure 22. The comparison reveals that the 1st harmonic component
appeared stronger in the force measurement, which was nearly impossible to notice in
the accelerometer measurement results. The natural frequencies of the 1st and the 2nd
bending modes was clearly observable in the results of both the measurements. Noise
level of the developed force measurement could be considered to be lower than the accelerometer measurement.
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The results of the laser run-out measurement were not measured at the same time or
even exactly in the same test bench arrangement. However, the comparison gives valuable information about the different methods of concerning the measurement of the behavior of the rolls. Comparing the laser run-out measurement results to the results of the
present study, it could be noticed that in the laser measurement only seven harmonics
were presented, since the amplitudes of the higher harmonics were negligible. According to this comparison, the force measurement could detect the higher harmonic components, and especially the harmonic components of the second bending mode more effectively than the laser run-out measurement.
It must be noted that compared measurements measure different physical quantities: the
displacement and the force. This has a significant effect on the perceptiveness of the
different bending modes. Force sensors mounted in the single end of a roll could sense
all the harmonic frequencies of the two bending modes, whereas capability of the laser
sensors to distinguish the same frequencies depended completely on the position of the
measurement. As the measurement results of a laser sensor in Figure 23 and Figure 24
presented, the position of the displacement sensor could effectively eliminate the observability of the harmonic components of the 2nd bending mode, when measuring from
the center of the rotor. This resulted from the shapes of the bending modes of a flexible
rotor, which were demonstrated in Figure 3.
The measurement device can be utilized in the further research as well, since the bearing housing can be changed and bearings with different sizes can be mounted. In addition, the used piezoelectric sensors have a wide measuring range, which do not exclude
different load variations. When measuring extremely high loads, plate springs and piezoelectric sensors must be dimensioned again.

5.2 Uncertainties
The combined standard uncertainty (type B) could be solved using determination of The
Joint Committee for Guidance in Metrology, which is presented in JCGM 100:2008.
The uncertainty of the force measurement was defined by utilizing standard uncertainty
provided by manufacturers.

57
This examination takes into account the uncertainties of the used sensors and the DAQ
device.
The calibration was conducted with HBM’s strain gauge sensor S9M, which had an
accuracy class 0.02 according its data sheet (2018). The calibration was done using load
of 2000 N. Thus, calibration can produce maximal uncertainty of 0.0002 x 2000 N (= ±
0.4 N).
The calibrated piezo sensors have an accuracy class 1.0 according to their data sheet
(2012). Thus, when maximal measured force during the experiment was 534 N, maximal error was ± 0.01 x 534 N (= ± 5.3 N).
DAQ device had absolute analog input accuracy error of ± 2,690 µV, when full scale
was used (- 10 V…+10 V) according to the datasheet (2017). Since the pre-scale in the
condition amplifier was 316 (1 V = 316 N), this accuracy error derives uncertainty of
1 mN, which was negligible.
The combined standard uncertainty 𝑢𝑐 (𝑦) can be determined as the positive square root
of the combined variance 𝑢𝑐2 (𝑦) as follows:
𝑁

𝑢𝑐2 (𝑦)

𝜕𝑓 2
= ∑ ( ) 𝑢2 (𝑥𝑖 )
𝜕𝑥𝑖

(13)

𝑖=1

where each 𝑢(𝑥𝑖 ) is a standard uncertainty evaluated in the data sheets of the sensors or
DAQ device. Variable f is a functional relationship between measurand and N other
quantities X1, X2, …, XN:
𝑌 = 𝑓(𝑋1 , 𝑋2 , … , 𝑋𝑁 )

(14)

According to the determination, the partial derivatives, which are often called sensitivity
𝜕𝑓

𝜕𝑓

coefficients, are 𝜕𝑥 = 𝜕𝑋 evaluated at the expectations of X1.
1

1

The standard deviation associated with the output estimate or measurement result u(y)
is the standard deviation of the measurand Y.
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2
𝑢(𝑦) = √𝑢12 (𝑦) + 𝑢22 (𝑦) + 𝑢𝑁
(𝑦)

(15)

𝑢𝑖 (𝑦) = 𝑐𝑖 𝑢(𝑥𝑖 )

(16)

𝑐𝑖 =

𝜕𝑓
𝜕𝑥𝑖

Now the uncertainty can be calculated by utilizing the equations 15, 16 and
17 above, which produces the combined standard uncertainty of 6.4 N.

(17)
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6 SUMMARY
In this research radial bearing forces caused by the vibration of a roll are studied. Radial
bearing force measurement devices for large rotor systems are not produced by commercial manufacturers due to a difficult utilization of a force sensors in a roll vibration
monitoring. Therefore, the behavior of the rolls has typically been studied with easier
methods, such as accelerometers. These sensors do not reveal the developing forces of a
vibrating roll, which causes a need for a separate radial bearing force measurement device to achieve more accurate results concerning the generated forces.
The measurement device for the radial bearing force of large rotors was developed during the research. To achieve the desired results, similar testing conditions were arranged
compared to the earlier studies to enable the comparison of the results. In addition, an
experimental measurement procedure was designed, and data analysis tools, such as
Matlab are utilized.
The functionality of the measurement device was verified by utilizing the knowledge of
earlier studies about the behavior of the same roll. The results were compared to two
different experiments, one performed with accelerometers and another with laser sensors. The calibration of the device was implemented by loading one axis of the measurement device, and comparing the result to accurate and already calibrated force sensor.
The radial bearing force experiment was conducted with the calibrated measurement
device, which derives the radial bearing force data from different rotation frequencies.
The data was analyzed and presented in the frequency domain. The analysis reveals the
harmonic force components of the roll, which can be used in a comparison with the alternative measuring methods, correlation finding, maintenance and roll development.
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